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The Division of Fluid and Mechatronic Systems (Flumes) at Linképing University, Sweden, hosted the
17th Scandinavian International Conference on Fluid Power, SICFP’21, June 1-2, 2021. The conference
is arranged on a biannual basis alternating between Linkoping University (LiU) and Tampere Technical
University, (TUT). Due to the COVID-19 outbreak, the conference was arranged as an on-line event.

The proceedings have a table of contents with 22 peer-reviewed articles and one with 4 non-reviewed
articles.

The published papers are from a wide range of fields of fluid power, such as industrial automation,
machines, aircraft, mining, forest, and offshore equipment, etc. It is evident that Fluid power is in a
stage of rapid transformation, as requirements on efficiency and environmental compatibility are having
a real impact on component and system design. Furthermore, there is an increasing attention to the
combination with electrical power systems, that can result in more energy- and cost-efficient concepts.
Increased level of intelligence, sensors, connectivity and communication in machines, are also trends that
will greatly influence efficiency, operations, and business models.

A few articles from the conference proceeding have been chosen to be published in a special issue in
the International Journal of Fluid Power (dedicated to SICFP).
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Hydraulic Trainer for Hands-on and Virtual Labs for Fluid Power Curriculum

Hassan Assaf, Andrea Vacca

Maha Fluid Power Research Center, Purdue University, West Lafayette, IN 47907, USA
E-mail: assafh@purdue.edu, avacca@purdue.edu

Abstract

Hands-on experiences constitute a high value, perhaps unreplaceable, element of
applied engineering disciplines such as fluid power. Hydraulic and pneumatic trainers
have been developed over the years to expose students to applications of fluid power
technology. However, the traditional approach for educating students through hands-
on lab is recently under high pressure due to the following aspects: a) the outdated
design of the traditional trainers that seldom integrate modern electro-hydraulic
components, data acquisition systems, and visual aids; b) the increased need for online
education. These factors have been endangering the number of students — already low
compared to the industry needs — enrolled in fluid power programs.

This paper describes the effort made at Purdue University to develop a modern
hydraulic trainer along with its digital twin that tackles the above challenges. A novel
physical trainer was formulated to allow 29 lab experiences that span from basic
concepts of single actuator control to more sophisticated layouts for controlling
multiple actuators. The trainer largely uses electro-hydraulic components, sensors as
well as a DAQ system connected with a touch base screen, aimed at maximizing the
student’s feeling of experiencing modern technology. A virtual trainer that replicates
the physical trainer is developed and implemented with the commercial software
Unity 3D. The virtual trainer uses the CAD drawings of the physical components of
the actual trainer, and it allows reproducing all the main aspects of the real lab
experience, including typical students’ mistakes and realistic operating noise. This
trainer simulator was successfully used for the first time at Purdue in Fall 2020, and
it will represent a valid option for virtual hands-on experiences for distance learning
students for years to come.

Keywords: Fluid Power Education, Hands-on experience, Fluid Power, Virtual
Simulator, Online Learning, Object-oriented programming, Digital twin

1 Introduction

Hands-on learning is a significant portion of the learning puzzle for applied engineering disciplines such as fluid
power. It does not only make the class material more enjoyable and exciting to students, but it also allows better
to engage the students through an active learning process and it helps to fix the basic concepts into each student's
mind. Moreover, it can give the feeling of the problem, which cannot be taught, especially for troubleshooting
experiences. In fluid power (FP), hydraulic and pneumatic trainers have been successfully used over the last
decades for this purpose. A hydraulic trainer is training equipment to support the teaching of hydraulic and
pneumatic motion control. It is a customizable test bench with a power unit, valves, actuators, and hoses with
connectors. This paper particularly aims at trainers for educating the next generation of engineers in hydraulic
control technology. In addition to the development of a virtual learning tool (imitates the real experiments in the
virtual world) to support online education. The need for online education was constantly growing until it became
an unreplaceable necessity during the COVID19 pandemic.
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Many of the existing trainers have relevant limitations with respect to the state-of-the-art applications. From one
side, they are often limited with the operating pressure and flow for safety reasons. The flexibility of reproducing
both resistive and overrunning loads to the circuit is limited. However, most importantly, the existing trainers
usually cover a minimal spectrum of the hydraulic control circuits that are commonly used in fluid power
machines. Moreover, the human interface is often too rudimental: as very seldom advanced graphical user
interfaces or modern data acquisition and control systems are used to accompany the students towards the
accomplishment of a specific experience.

1.1 State of the art

Another significant limitation of most of the existing trainers is on their flexibility. Trainers offered by the fluid
power companies such as Amatrol [1], Bosch Rexroth [2], Eaton [3], FPTI [4], Hytech [5], Id System- didactic
[6], Parker Hannifin [7], SMC [8], SAP engineers [9], come with specific modules suitable for training only
specific concepts. Therefore, it can be challenging, from the point of view of cost and spatial availability, to set up
a laboratory where multiple students can simultaneously run experiments in multiple stations. The pre-designed
modules of most of the mentioned trainers are often designed for a specific fluid power curriculum, where the
different concepts are presented following a pre-determined conceptual sequence. While this can be considered an
advantage for the students that can experience well established programs, such design is a great obstacle for
instructors that want to experiment with new concepts or follow educational paths different from the pre-designed
one.

Many academic institutions (the list here would be very wide, involving most of the academic fluid power labs in
the world) use as educational test rigs experimental setups similar to those used for research purposes. A significant
example is described in [10]. Such labs constitute in-depth experiences for the students, but they are often
unsuitable for providing exposure to basic concepts, circuit assembly, and troubleshoot.

From the considerations above, it is clear the convenience of having available trainers highly flexible, which can
be used for training the students with both basic and advanced concepts by using the same working area. Purdue
University upgraded a non-commercial version of Parker Hannifin trainers [11] by introducing some advanced
experiments related to electrical control and installing a DAQ system, but it is now outdated due to technological
advances in the last decade. Festo [12] offers a test bench that allows running basic and advanced labs but lacks a
well-designed human-machine interface, which can be a drawback for the students and cannot simulate different
loads.

An important aspect of this flexibility pertains to the ability of the trainer to demonstrate different concepts related
to the main parts of a hydraulic system: the flow supply (different concepts based on either fixed or variable
displacement pumps are available); the control type (pump control, or different type of valve control) different
actuators (linear and rotary actuator); different loads (overrunning, resistive). A test station that can reproduce in
a compact implementation all the above elements in all possible combinations, even involving multiple functions,
can be considered as ideal to educate and stimulate the students to all possible fluid power concepts.

The work presented in this paper not only tackles the above-described challenges but also considers that if such
implementation is possible for an actual trainer, then it could be reproduced in a virtual environment in the same
fashion for online education.

In the area of online education for hydraulic control systems, there is a wide category of tools that is available to
students such as [13], [14], [15], mostly built in academia, in common are limited to few basic experiences without
allowing the user to build and assemble the circuit themselves. Moreover, no recent research has been done toward
improvements. [16], [17] represent more recent work in that field but still does not give the user the choice of
connecting a circuit themself in real-time. The most effective and successful tools easily accessible online for both
guided and self-education are those dedicated to the simulation and rendering of hydraulic machines. Here,
simulation tools such as FluidSIM [18], Simcenter Amesim [19], Automation Studio [20], Simulation X [21], and
hydraulic simulation software by engineering adventures [22] are among the most popular. They allow the users
to build a hydraulic circuit of their own and simulate it. However, the mistake that a learner can make with such
tools and the related troubleshooting is a typical debugging of a software tool. Using the above tools, the students
likely miss a realistic experience of connecting physical components and visualizing the actual operation of the
hydraulic system.

With this goal in mind, the authors conceived a physical trainer along with a digital twin that can be used to
replicate the lab experiences in a virtual manner. The digital twin utilizes Unity 3D software and the CAD models
of the components used in the physical trainer to provide the students with a realistic experience. The process of
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selecting the components, connecting the component hydraulic ports with hoses, operating the system is
reproduced through a graphical interface that also included the audio sounds recorded from the physical trainer.
In this way, the instructor can use the virtual trainer in multiple ways to satisfy fluid power curricula of different
nature: from online-only virtual lab experiences to mixed virtual and physical labs, to in presence lab where the
virtual tool is used in aid of de-densifying the presence of the student at the physical station to respect social
distancing rules.

The remaining sections of this paper details mostly the choices made in the design of the physical trainer (section
2). The virtual simulator is briefly presented in section 3.

2 Hydraulic Trainer

The following factors can be considered important for the design of a successful hydraulic trainer that supports a
fluid power curriculum via hands-on lab experiences:

a) Spatial requirement. The smaller is the trainer; the higher is the number of trainers that can fit a normal
size classroom. This requirement was particularly taken into consideration in this work, considering a
design with a flexible working area where the students can easily assemble different hydraulic circuits
simply by placing and connecting components from a proper component rack (Figure 1).

b) Cost and safety. In the proposed design, components typical of the mobile market are traditionally less
expensive than those used in industrial hydraulics are selected to lower the system cost. The level of
power, in terms of maximum flow rate (< 13 I/min) and pressure (<50 bar) chosen for the proposed test
stations allows performing all the required lab experiences but limits the typical risks of high-pressure
systems and increases the longevity of the selected components. The students are always required to wear
safety glasses when working at the trainer and follow the safety instructions provided by the instructor.

¢) Human experience. A well-designed test station that uses modern engineering technology increases the
appeal of fluid power technology to the students. For the selected design, a touch base screen guides the
students to every lab experience, allowing selecting the sensors and the control inputs to the hydraulic
components. The IQAN system by Parker will also allow future development for running real-time
simulations of the tested systems that can be compared to the actual experiment.

d) Available set of lab experiences. An effective hydraulic trainer can support both basic and advanced lab
experiences in such a way that the student can be exposed to the basic concepts of fluid power but also to
the state-of-the-art technology present in commercial machines. As will be detailed in subsection 2.1,
particular attention was put on formulating a design of the test station with respect to the experiences
available to the instructor.

Flow meter ; / Pressure sensors
_ : . manifold
Touch Screen

Control cylinder

Working area

OC valve LS valve

Load cylinder ——— Filter

|
I NN

Power supply

Figure 1:Trainer stand CAD drawing.

The 17th Scandinavian International Conference on Fluid Power 10
SICFP’21, June 1-2, 2021, Linkoping, Sweden



The last two points, ¢) and d), are not trivial for fluid power technology. As stated during SICFP95 by Rob Koski,
“With a few notable exceptions, engineering colleges and universities worldwide have generally ignored fluid
power as a subject.” [23]. This statement still holds in 2021, with negative consequences to: (i) the number of
engineering students introduced to fluid power and (ii) the lack of established textbooks and educational
curriculum available to the students interested in learning this technology. This means that, still today, there is not
a commonly accepted education method in fluid power available in academia. This latter statement is also
consistent with the lack of textbooks that covers the basics as well as most important aspects of the modern fluid
power technology. Several textbooks, such as [24], [25], largely focus on the architecture and the operating features
of important fluid power components, but lack in providing a system level approach for designing fluid power
systems. Other textbooks, such as [26], [27], privilege the analysis of servo-hydraulic systems and do not cover
the technology commonly used in off-road machinery. Milestones textbooks such as [28], [29], and [30] focus a
lot on the basic theory behind the functioning of hydraulic control systems, but they are not up to date with the
modern technology. Finally, other books, such as [31], [32], are suitable only to specific aspects of fluid power
technology, such as positive displacement machines and hydrostatic transmissions. All the above textbooks are
successfully used at different colleges, as an indication that an established method for teaching fluid power still
does not exist. Therefore, it is intuitive how the situation as pertains to hands-on experience is even more sparse,
and very often, trainers used in academia are conceived by the fluid power industry, as it appears in the references
provided in the previous section.

The above premise is provided to stress the fact that the selection of a proper set of lab experiences to educate
hydraulic engineers is far from being obvious. In the trainer presented in this work, the effort was put in providing
a useful set of experiences that can be used to support fluid power programs that conceptualize a fluid power from
the point of view of the supply type (impressed flow / impressed pressure), and actuator control type (primary
control, metering control, secondary control). Therefore, the basilar elements are provided with a simple hydraulic
system involving no actuations (for the demonstration of key component features) or single actuation. More
advanced hydraulic circuits, such as systems with multiple actuators, are then provided as an extension of the basic
circuits. This philosophy of educating engineers in fluid power is a recent trend consolidated in some recent
textbooks, such as [33], [34].

2.1 Lab experiences

Hydraulic control systems offer multiple possible layout architectures to control hydraulic functions. These
architectures often present substantial differences regarding the control features and hydraulic components used
in the system. Hydraulic systems used to control a single actuator can be classified according to two criteria. The
first criterion is the supply concept. In a hydraulic system, the supply is the pump, which can operate as a flow
supply or pressure supply. Pressure supply is when the pump is adjusting its displacement to keep a given pressure.
The second criterion is the control concept. Based on the control element location in the circuit, the system
architecture can implement different control methods: primary control, metering control, and secondary control.
Figure 2 combines in one figure all the possible configurations. By combining all possible control concepts with
all possible supply concepts, 12 methods for controlling an actuator can be realized (most of these with proper
variants, as discussed in [34]). Every single circuit has its own features, uses different types of components, and
behaves differently according to the nature of the load (i.e., resistive vs. overrunning). The great majority of today's
hydraulic systems are based on the metering control, where the control element is located in a valve between the
supply and the actuator, where actuators can be placed in series or in parallel with respect to the flow supply.

| T | - -
@ 1 Load

l_'_l l_'_l

MECHANICAL HYDRAULIC DOMAIN MECHANICAL

DOMAIN DOMAIN

Figure 2:The basic control concepts involved in the control of a single
actuator.
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Following the above strategy of illustrating hydraulic control concepts, the proposed trainer offers multiple labs
for both single-user and multiple-user architectures and also allows establishing different levels of load, including
resistive and overrunning conditions. In addition to these labs on hydraulic control concepts, the trainer allows
some component-focused or troubleshooting-related labs as detailed in Table 1 and Table 2.

The component-focused experiences are suitable to demonstrate the basic features of the lab (such as setting the
maximum operating pressure while studying the behavior of the main pressure relief valve) as well as to
demonstrate the basic functioning of some key components used in a hydraulic system. Of particular relevance is
the pump characterization lab experience, where the flow vs. pressure performance of the main pump installed in
the trainer is tested for the students.

The troubleshooting experiences are designed to expose the students to some practical troubleshooting concepts
typical of real systems. Of relevance is the aeration and cavitation test, where one of the pumps installed in the rig
is forced to operate in a condition of low suction pressure with the possibility of introducing entrained air into the
system (see the schematic of Figure 3). Another test suitable to develop the student’s ability to use the theoretical
concepts of hydraulics for troubleshooting purposes is the cylinder leak test (Figure 4), where it can be determined
if the cylinder seal has internal leakages by observing the piston motion during the tests.

The single actuator tests are listed in Table 3. The table shows the tests used at Purdue to educate undergraduate
students, but the flexibility of the trainer would allow for a much longer list. The majority of the circuits aim at
demonstrating the metering control technology, which has a lot of variants and market applications. A test is
designed for primary control systems. Secondary control is currently not implemented on the trainer, but it will be
an easy extension that will be implemented in the future. The tests designed for the single actuator control permit
to illustrate and tests the basic features of metering control. For this purpose, basic circuits with meter-in and
meter-out orifices (needle valves) are tested on an actuator at which the load (either resistive or overrunning) can
be set by the student. After these basic experiences, the trainer allows studying architectures typical of the current
state of the art, based on open center circuits, load sensing circuits, or additional components such as
counterbalance valves. An experience is also designed to test the capability of an accumulator to recover energy.
The most significant schematics are reported in brevity in Figure 5. Each one of these experiences permits the
student to build and operate the system, and most importantly, to acquire the most important data necessary to
validate the theoretical equations that govern the system. These sensors are shown in the schematic of Figure 5. In
many cases, the lab instructor purposely omits the location of the sensors so that this can be added as one of the
learning objectives of each experience. The students must build each circuit of the experience by connecting the
relevant hydraulic components with quick connectors.

Table 1: List of hydraulics troubleshooting labs experience.

Hydraulics Troubleshooting

T1.  Aeration, T2. Cylinder Leak T3. Cylinder
Cavitation, and Cushion
. . Test
Entrained Air
o2
air

I——

Figure 3:Aeration and Cavitation lab schematic.
Table 2: List of component characterization labs.

Component Characterization

C1. Pump C2. Valve C3. Maximum C4. Proportional
Characterization Characterization Relief Pressure Hydraulics
The 17th Scandinavian International Conference on Fluid Power 12
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Figure 4: Cylinder leak test schematic.

Table 3:List of single user lab experiences.

Single Actuator Labs
S1. Maximum Bleed-off S2.  Unloaded Pump Condition
S3.  Pump flow rate through an orifice S4.  Sequence Circuit
S5. Basic Circuit S6. Open (_:en_ter Hydrostatic
transmission
S7. Regeneration S8. Passive Load Holding
S9. Meter-in S10. Counterbalance Valve
S11. Meter-out S12. Constant Pressure System
S13. Unloading Circuit S14. Load Sensing System
S15. E-LS system S16. Load Sensing System with a
Fixed Displacement Pump

b
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S13. S14.

S15.

4

~z
=

<l

Ly L

Figure 5:Simplified circuit layout of single actuators

The single actuator experiences build the basis for progressing towards the study of multi-actuator circuits. Multi-
actuator circuits reflect the typical design of common fluid power machines. In multi-actuator circuits, a single
flow supply — prime mover is used to drive multiple functions. Depending on the circuit layout, series or parallel,
aspects of pressure summation or flow summation occur at the supply line. These aspects can be easily illustrated
by using two actuators. Two actuator circuits are also used to analyze the aspect of load interference between
different actuators present in the same circuit. This pressure interference causes different behaviors with respect
to the synchronization between the actuator motion. These aspects of control are shown with the circuits that are
summarized in Table 4. The ISO schematics for these labs are shown in Figure 6. Lab 1 represents a circuit with
a cylinder and motor with two independent pressure levels, and it is suitable to demonstrate the above concepts
when a pressure reducing valve is used to control one of the circuits. Lab 2 shows the aspect of synchronization
and pressure amplification in the case of series configuration. Lab 3 focuses on an open center system with two
cylinders and illustrates the typical load interference aspects of these circuits. Labs 5 and 6 are dedicated to the
load sensing control technology that is very often used in mobile machinery. The aspects caused by different
choices on the valve compensator design are shown in two separate labs. Similarly, to the single actuator
experiences, also, in this case, the students, by selecting the location of the sensors, can plot pressure vs. actuator
flow information to analyze the aspect of controllability and energy efficiency of each system.

Table 4: List of multiple user lab experiences.

Multiple User Mobile Hydraulics

Fixed displacement System Constant Pressure System Load Sensing System

M1. Dual Pressure Circuit

M2. Multiple User in Series M4.  Multiple User M5. Non-Compensated LS System

M3.  Multiple User Open Constant Pressure M6. Pre-Compensated LS System
Center System System

Overall, the authors selected 29 labs as effective to provide undergraduate students an optimal complement to the
theoretical lectures of a traditional fluid power class (3 credits, 36 hrs). However, the flexibility of the trainer
allows performing additional tests to accommodate a different selection of labs or a higher number of labs (such
as in fluid power programs formed by multiple classes). 29 experience might hardly be feasible in a single class.
Nevertheless, the number can accommodate different instructor preferences. Most importantly, having many
experiences can open the instructor to change the traditional homework assignments from worked problems to
more insightful lab experiences that the student can run in replacement to the homework.
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The control valves that allow performing all these experiences can be classified into three different categories: the
directional control valves, pressure control valve, and flow control valves. These components are tabulated in
Table 5, Table 6, and Table 7, respectively.

in) [an]

Figure 6: Simplified circuit layout of multiple actuators.

Table 5: Directional Control valve product number.

DCV Product Number
LS valve Parker L9OLS
OP valve Parker P70CF
Directional valve ParkerD1FB
Directional valve Parker D1IVW
Check valve Parker PSK20610
Loaded check valve Parker CVHO081

The LS valve and the Open Center (OP) valve are customized to meet the low flow requirements of the trainer
(20.5 L/min). The LS valve consists of four sections. The first two are non-compensated valves, one is a motor
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spool, and the other has a cylinder spool. The other two are pre-compensated valves with a compensator setting of
5 bar, similarly, having a motor and cylinder spool. This valve can be controlled either manually with the
mechanical levers or electronically through the DAQ. The OP valve has two sections solenoid operated.

Three directional valves (4-way 3 position), two of them are proportional closed center valves. The other is an
ON/OFF open center valve.

Table 6:Pressure Control valve product number.

Pressure control valve Product Number
Pressure reducing valve Parker PSK20614
Pressure relief valve Parker RD102KO09
Counterbalance valve Parker E2B02
Unloading valve Parker RU104
Logic element Parker 10SLC2-A-75
Logic element Parker 10SLC2-A-25

Table 7: Flow control valve list.

Flow control valve Product Number

Needle valve Parker PSK20608

Pressure compensated Flow Parker PSK20611
control valve

Flow control valve Parker PSK20609

2.2 Power Supply

Many considerations were put on the choice of the supply pump to be used in the trainer. The main goal was to
achieve a supply that can be suitable to operate as both fixed and variable flow supply. For the case of variable
flow supply, the desire was to allow the unit to operate with both pressure compensating mode, as in a constant
pressure system, or flow compensating mode, as in a load sensing (LS) system. The choice was to modify the basic
layout of a 16 cc/rev LS axial piston pump, as shown in Figure 8. The power supply has three ports connected to
the main manifold, as shown in Figure 1, with quick disconnectors on the user’s side. Next to the pump, Figure 7
shows the flow compensator of the pump, which reduces the pump displacement to set an outlet pressure equal to
the pressure value at the LS port pressure plus a margin. The LS signal is connected downstream of a needle valve
placed between the pump outlet and port 1 of the manifold. In this way, the pressure drop across the needle valve
is always equal to the pump margin. In this way, setting the needle valve opening allows controlling the pump

flow provided to the system.
Z(Pp = D1s) 2s
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Figure 7:Detailed 1SO schematic of a variable displacement pump.
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This operating mode allows setting the flow rate of the pump and allows the students to “see” the flow supply as
a fixed displacement pump. In this scenario, the IQAN system displays on the screen the pump volumetric
efficiency as a function of the system pressure in real-time. If the user connects port 2 as an outlet and port 3 to
the LS line, the pump then behaves as a traditional LS unit where the needle valve and the bidirectional ON/OFF
valve are kept fully closed to avoid any interference with the LS signal. Connecting to port 2 and choosing with
the DAQ to operate as a constant pressure system, that activates the bidirectional valve allowing the pressure
reducing valve to control the LS signal and therefore the pump outlet pressure independently from the load
information and only based on the user command to the reducing valve. In a similar fashion, an Electronic-Load
Sensing flow supply is achieved by letting the user to identify which pressure sensor is transmitting the pressure
information to the pressure reducing valve. Figure 9 summarized all the operating modes of the flow supply.

The pump pressure range is between 17-69 bar, but for safety reasons, the maximum pressure is set at 50 bar by

adjusting the pressure limiter setting. The pump displacement is 16 cc/rev, but its maximum swashplate angle was
limited to provide a maximum flow rate of 10.3 L/min at a speed of 1800 rpm of the prime mover.

& Portl Port 2 <} Port 3

Figure 8:Trainer power supply I1SO schematic.

Table 8: Power supply hardware.

Power Unit Product Number
Axial Piston Pump Parker PVP16102A
Pressure control valve Parker EPR111C
Needle valve ParkerD1FB
Bi-Directional valve Parker GS02700NS
Shut-off valve Parker V500CS6
1 Fixed displacement I z Load sensing I
¥ W
° =
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Figure 9:Different power modes of operation of the sﬁpply unit functions.
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2.3 Actuator and Load module

An original feature of the presented hydraulic trainer is the capability of testing different circuits for various loads
acting on the hydraulic actuators (resistive or overrunning). This is achieved by a dedicated load module which
can be represented with the schematic of Figure 10. The cylinder used in the test circuit is referred to as “control
cylinder”: this cylinder will be connected by the student with either one of the circuits discussed in the previous
section 2.1 by using quick connectors. This control cylinder is connected to a “load cylinder,” which is connected
to an auxiliary load circuit, whose components are listed in Table 9. The load cylinder is used to set the desired
force acting on the control cylinder, in both directions. This is accomplished by two reducing/relieving pressure
valves used to control the pressure in the cylinder chambers and, consequently, the load force. Cylinders are
coupled with dual-axis aluminum roller guides to compensate for any possible side forces due to unavoidable
misalignment. Users can set the load force using the DAQ. The force range varies between 0 and 3.5 KN in the
case of resistive and 0 to -500 N in case of overrunning. Using two pumps allows to control each chamber pressure
separately and permits the use of a smaller electrical motor.

Control Cylinder Load Cylinder

% D6 =

!

T%i

-0 R

Figure 10: Load module structure.

The auxiliary circuit that supplies the load cylinder is based on a tandem gear pump. Due to the high capabilities
of gear pump to handle cavitating conditions, the same unit is used in combination with a variable orifice that was
installed with a tee connection having a pressure gauge and a needle valve for aeration to allow the lab experience
T1 (Table 1) previously mentioned.

Table 9: Components used in the load module circuit.

Component Product number
Tandem Gear pump Parker PGP505
Hydraulic cylinders Parker 1.50BBRDH

Pressure control valve Parker EPR111C
Hydraulic cylinder Parker PSK20603
Bidirectional motor Parker PSK20618

Needle valve Parker N400SS

Industrial ball valve Parker VV502SS-8
Muffler Parker EM25
Pressure gauge Wika 0to -30 IN HG

2.4 Trainer GUI, DAQ, and Sensors

Parker Hannifin's IQAN electro-hydraulic control system was installed on the trainer to be used as an intelligent
DAQ (master control). The master control offers an interactive and intuitive human machine interface. The master
control includes a 24 VV DC power supply, an MD4 10.1" touch display, XC43 expansion module, levers, pressure
sensors, flow meters, position sensor, and a speed sensor. Figure 11 schematically shows the instrumentation for
the trainer, along with the approximated location of each sensor and valve. All the selected parts are listed in Table
10.
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The Parker IQAN-MD4 serves as a touch display, interface, and controller. The XC43 expansion module allows
up to 50 sensors of voltage, current, digital, and timer inputs. It permits the control of 36 valves with different
outputs, either proportional or digital. The module communicates with the touch display over a CAN bus. The
master control allows exposing the students to the basic features of electronic control, sensors, wiring schematics,
calibration, diagnostics. The authors believe that this use of HMI, based on GUI, DAQ, and the use of electronic
sensors instead of traditional gauges, contributes to stimulate the students about the learning of engineering aspects
outside traditional hydraulic control systems, and at the same time provide a modern perception of the trainer.

Pressure sensors

I

Speed sensor

OC valve

DCV

Reducing valve
Digital valve
Lever command

Figure 11:Master control diagram for reference trainer.

The code development and testing are done through the IQANdesign [35], which is a graphical design tool. The
system allows recording the data into an excel file to facilitate an offline data analysis.

A user-friendly GUI was formulated and implemented. This GUI has a top-down structure that allows the student
to navigate between the pages using the touch screen. It starts from choosing different kinds of power supply,
reading the sensor's value while running the experiment, changing the units between metric and imperial if needed.
The GUI provides the chosen labs list, allowing the student to visualize the hydraulic circuit to be connected, the
description of the lab's experience, and the instructor questions they need to answer. This also eliminates the need
for a printed handout. The user can also install Simulink models for online model validation. Another available
feature is implementing and testing Simulink controllers with any hydraulic circuit opening the opportunity to
teach advanced control classes. A GUI example related to the multiple user open center lab is shown in Figure 12.
The GUI also allows asking multiple-choice questions at the trainer stand.

Table 10: List of master control components.

Master Control hardware Product Number Output type
Power Supply 120 V AC/ 24V DC /
Expansion module Parker IQAN-XC43 CAN bus
Touch screen Parker IQAN-MD4 /
Pressure sensor Parker IQAN-SP Voltage 0.5-4.5V
Flow meter Parker SEN40601 CANopen
Position sensor ASM WS31C Voltage 0.5-10V
Speed sensor Parker 01712ECD Frequency
Lever Parker IQAN-LST Voltage 0.5-4.5V
Pressure gauge Parker PSK20615 Visual
Flow meter Parker PSK20612 Visual
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Figure 12:GUI lab experience example.

2.5 Actual Implementation

The trainer stand's design was done starting from the CAD drawing of the current Parker Hannifin trainer [7] and
modified to be suitable for the new setup shown previously in Figure 1. It is a double-sided learning platform. One
side is used for hydraulics, while the other is used for the pneumatic module. The frame is made with aluminum,
and dimensions are 1.72 m high* 1.72 m wide* 1 m deep. The trainer stand has two power units with the
corresponding motor starters, a hydraulic tank with a capacity of 75 liters, where a filter is installed at the return
line. DAQ, electronically controlled valves, and the load module fixed to the frame. The electronically controlled
valves are fixed and secured, so students do not need to change or connect the electrical wires while building the
circuit.

The development of the proposed trainer occurred with an initial prototype, developed at the authors” Maha Fluid
Power Research Center, followed by a final implementation installed at the Purdue Agricultural and Biological
Engineering fluid power motion control lab sponsored by Parker Hannifin (Figure 13). Parker Hannifin also
provided support and components for the implementation of the trainers. The prototype of the trainer was essential
to test the supply circuit, the load module, the controls, and every single lab experience.

A

Figure 13:Actual hydraulic trainer: prototype (left); final implementation (right).
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Figure 14 shows the components carrier that is double-sided, so every two trainers will need one of them—also
having the hose racks as highlighted in the figure.
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Figure 14: Component carrier CAD (left); final implementation (right).

The component carrier's spirit comes from the simulation tools, in which the user drags the valve from the library
into the working area to build the circuit. Here the idea is similar the valves are attached to the component carrier
while they are not in use. The user picks up the valve after looking at the ISO schematics and attaching it to the
trainer stand. That will make the digital twin look realistic.

3 Virtual Simulator

As mentioned in the introductory section of the paper, the development of a digital twin of the trainer implemented
in this work constitutes an essential part of this project. The modular implementation of the trainer, with a drag/drop
approach for placing hydraulic components to be connected with quick couplers, was replicated in a software
environment to allow the students to perform the same lab experiences using a digital platform (computer, tablet,
smartphone). The simulator can be entirely operated from the web or through an App that can be installed. No
additional help is needed from the instructor. Like in an actual lab with the physical trainers, the student needs to
build and operate the circuit just by looking at the lab handout, inclusive of the hydraulic schematic and lab goals.
Unity3D is used as the virtual simulation environment. The software is a typical game engine development tool,
which permits creating a real-time 3D project in discipline fields. In the simulator, the user can drag the
components rendered with actual CAD drawings from the component carrier to the trainer stand and connect them
using the hoses with quick disconnectors. The tool is easy to use, especially for those who worked with the actual
trainer before. Unlike the physical trainer, this does not have any safety concerns. Indeed, the virtual trainer also
allows overcoming the pressure and flow limitation of the physical trainers for the execution of certain labs (such
as the pump characterization, where it is desirable to exceed the 50 bar pressure limitation). The actual CAD of all
components was imported from SolidWorks into Blender as STL files. Inside Unity, a universal render pipeline
used for graphics optimization was implemented to improve the appearance further. After the visual part, each
component was modeled with it is own equations using an object-oriented programming C#. Further details on the
implementation choices of the software will be provided in future publications.

A crucial aspect of the virtual trainer is the possibility of reproducing some of the mistakes that an actual student
can make in the physical trainer. This usually consists of allowing an incorrect sequence for connecting the
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components. The virtual trainer also uses sound clips taken from the actual trainer when components are connected
or when the system is operated.

A GUI was built to reflect the master control present in the physical trainer. It is possible to switch two modes
using a toggle, building, and running mode. The building mode is meant to build the hydraulic circuit where it is
possible to see the component carrier with the valves and hoses, while in the running mode, these features
disappear, and the master control will show up. Electrohydraulic proportional valves are also controlled differently
from manual ones: the first is controlled using an electronic lever, and the last using a mechanical lever.

As an example, Figure 15 shows lab S9 from Table 3, where an orifice with a bypass check valve is used to control
the motor speed. The master control is showing the hydraulic schematic along with the sensors and levers. The
lever is used to control the DCV, and a slider manages the opening area of the orifice based on the user’s command.
While in the right, the trainer stand is shown with the circuit connected.
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Figure 15:Virtual Simulator lab experiment setup.

4 Conclusion

This work focused on a new hydraulic trainer that was developed at Purdue to support education in fluid power
classes. The trainer fulfills the needs of having a flexible structure where the hydraulic circuits can be built in a
drag/drop fashion. The use of modern DAQ, such as touch screen and sensors make the trainer appealing to
students. The choice of the lab experiences allowable by the trainer suits classes where hydraulic control
technology is taught with respect to the basilar concepts of primary control, metering control, and secondary
control. Each system is presented considering different options of flow supply (fixed or variable flow supply) or
of load acting on the actuator (resistive or overrunning). A total of 29 experiences are referred to in this paper,
even if a larger number is easily allowable. The trainer was successfully developed during 2020 and implemented
in its final version in early 2021. It is currently successfully adopted in fluid power classes at Purdue University.
To fulfill the recent needs for online education, a virtual trainer was developed in Unity 3D to replicate the physical
trainer. The virtual trainer allows executing the same experiences in a realistic fashion, using a visual rendering
based on 3D drawings of the actual components and sound clips recorded from the physical trainers. The virtual
tool was used for the first time in Fall 2020 in a fluid power class involving 18 senior undergraduate students. The
trainers and their digital twin were the main practical experience offered in the class. Under the class questionnaire
“The projects or laboratories aid me in achieving the class objectives” 75% of responses were “strongly agree, and
16.67% agree”.

Future work will involve adding more lab experiences, especially on hydrostatic transmissions taking advantage
of the modularity of the setup.
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Nomenclature

Designation  Denotation Unit

Q Flow rate L/min
Pp Pump Pressure bar

Dc Cylinder pressure bar

Pu Motor pressure bar

Qp Pump flow rate L/min
Q. Cylinder flow rate L/min
Quy Motor flow rate L/min
S Pump margin bar

T Troubleshooting

C Component

S Single User

M Multiple User

FP Fluid power

LS Load sensing

DCV Directional control valve

HMI Human machine interface

CBV Counterbalance valve

E-LS Electronic load sensing system

OP Open center

V1 Differential pressure

V2 Absolute pressure limiter

cC Control cylinder

BC Bias cylinder

B Swashplate angle radian
De Control pressure bar

Py Pump pressure bar
01, 02 Dynamic office

Vp Pump displacement cclrev
p* Pressure setting bar
GUI Graphical user interface

IQANdesign  Graphical design tool
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Abstract

In this paper, a novel energy-efficient Direct Driven Hydraulic (DDH) drive is made
in parallel with a classical valve-controlled proportional electrohydraulic system. In
the proposed concept asymmetrical hydraulic cylinder is controlled with two
reversible pumps directly connected to a servo motor. Due to direct control of the oil
flow, such system provides higher energy efficiency in comparison to a valve-
controlled hydraulic system. The experimental setup is designed with the possibility
of easy switching between both systems, which enables an exact comparison of the
experimental results. Sliding Mode Controller (SMC) is designed for the DDH system
and also for the classical proportional electro-hydraulic system. A comparison study
of two systems is done based on the experimental results obtained with the SMC while
reference results are obtained with a widely used PID controller. Parameters for the
PID controller are obtained with the Ziegler-Nichols method. The same parameters
are used for both controllers in all test cases. The performance and energy efficiency
of the proposed system is evaluated through a step and sine wave reference signal with
different payloads varying from 0 to 200 kg with 20 kg increments. Additionally,
system performance is evaluated based on six parameters calculated from the system
response while energy efficiency is calculated based on input and output powers of
the systems.

Keywords: direct driven hydraulics, classical hydraulics, sliding mode control,
system dynamics, energy efficiency

1 Introduction

Today, despite lower energy efficiency in comparison to electromechanical actuators, electrohydraulic systems
due to their high power-to-weight ratio, self-cooling, fast response and lower cost are widely used in many
applications such as non-road mobile machinery, manufacturing industry, robotics and aircrafts. Traditionally,
valve-controlled systems that are energy-inefficient due to fluid throttling are used in such applications [1].
Disadvantages of the valve-controlled systems are overcome by displacement-controlled hydraulic systems or
pump-controlled electrohydraulic systems [2, 3, 4]. In comparison to valve-controlled systems, servo-driven
pump-controlled systems have compact structure, higher efficiency and the advantage of speed regulation loop

[5].

Novel Direct Driven Hydraulic (DDH) drive is a new concept of a cylinder pump-controlled system firstly
introduced in [6] and detailed described in [7]. In [8], a compact design of a DDH drive was investigated where
the oil tank was replaced with an accumulator. It was shown that the larger pressure accumulator can replace the
oil tank while the smaller one compensates for the pumps displacement error due to manufacturing. The energy
efficiency of the proposed system was investigated in [9]. The tests showed that lifting efficiency varies from 48
to 20% while lowering efficiency varies from 32 to 8%. Simulation results from the aspect of the energy efficiency
are shown in [10] for the micro-excavator with three DDH units. Results showed that energy consumption due to
the extra weight of the three DDH is 15% higher, but approximately 20% more regeneration energy is produced.
In [11] comparison of energy efficiency of a 5-ton excavator with a load sensing system was compared to three
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DDH units for front attachment. The simulation results showed that the overall energy efficiency of three DDH
units is approximately 73.3% in comparison to 31.4% for the load sensing system. The influence of different types
of oil on system efficiency is presented in [12]. It is shown that different types of oil can significantly increase
system efficiency by almost 10% for temperatures below -10°C. From the aspect of the control theory in [13], a
self-tuning fuzzy PID controller is used for controlling the DDH unit with the ability of online tuning making this
controller more adaptive and effective in the proposed application. From the given literature it’s concluded that
the system dynamics between traditionally valve-controlled and DDH drive hasn’t been compared yet.

In this paper, the DDH system is made in parallel with the classical proportional electrohydraulic system. An
extensive analysis of the system dynamics and energy efficiency between DDH and classical system is presented.
Due to nonlinear system dynamics, unknown and varying system parameters Sliding Mode Controller (SMC) is
utilized for tracking the desired trajectory and stabilization of the system in a given set point. Both systems are
subject to the same loads and working conditions allowing us a mutual comparison of the obtained results.
Reference results are obtained with PID controller, while results obtained with an SMC are analyzed and compared
to the reference results.

The rest of this paper is organized as follows. In Section 2 description of the experimental setup with used
components and simplified schematic representation of the system is given. Section 3 describes used control
algorithms while in Section 4 extensive analysis of the system dynamics is presented base on experimental results.
In Section 5 energy efficiency is calculated based on power flow and compared. Conclusion and further work are
given in Section 6.

2 Experimental setup

The experimental setup used in this research and a simplified schematics representation of the setup are shown in
fig. 1. On the proposed setup, the classical valve-controlled proportional electro-hydraulic system and the DDH
system are tested independently but under the same working conditions. The classical system uses a 1.1 kW AC
motor with 1380 rev/min coupled with a 3.7 cm®rev gear pump for ensuring constant pressure of a 60 bar.
Proportional valve PRM2 from Argo-Hytos is used for motion control of a double-acting asymmetrical hydraulic
cylinder 32/22x300 mm.

b)

Figure 1: Experimental setup - a) front view, b) schematics representation.

The DDH drive is shown in fig. 2. It uses two reversible Argo-Hytos gear pumps with a displacement of 4.8 and
2.5 cm¥/rev for direct motion control of the hydraulic cylinder. The pumps are mutually interconnected with the
same shaft. Mitsubishi HG-SN152JK speed controlled 1.5 kW permanent-magnet synchronous motor with a
maximal rotational velocity of 2000 rev/min is used for propelling the pumps. Digital AC servo amplifier MR-JE-
200A with model reference adaptive control is used as black-box speed controller based on the input voltage signal
from the PLC. For the torque transfer from the servo motor to the pumps, a belt transmission is used. The A-side
and B-side pumps create the inlet and outlet flow to the cylinder where the movement direction of the cylinder
depends on the servo motor rotational direction while the required operating pressure is determined by the payload.

Experimental setup is designed for easy switching between both systems allowing us an exact comparison of
obtained experimental results. Wire Micro-Epsilon WDS sensor is used for measuring cylinder position, while
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EVS and HDA sensors from Hydac are used for measuring inlet and outlet flow from the cylinder and pressures
inside cylinder chambers. Piston velocity is estimated on-line with an algebraic differentiator defined in [14]. Data
logging on a 10 ms base is implemented on a Mitsubishi PLC along with the proposed control algorithms. The
detailed system description is given in [15].

Figure 2: DDH drive

3 Control algorithms definitions

The control process of an electrohydraulic system is a tough task due to the nonlinearities that occur in the system.
Because of that linear controllers, such as PID regulator, can only achieve good results around the linearization
point. Nonlinear control algorithms can easily overcome nonlinearities that occur due to friction phenomena,
internal and external leakages and parameter variation. An overview of the control structure for the DDH model
is given in fig. 3. Input to the system is desired cylinder position and the output of the system is the cylinder
position. The output of the controller is a voltage signal which is sent to a servo drive or proportional valve.
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Figure 3: Overview of the control structure of the DDH system

From the defined control structure, the system error is defined as:
e =Xg— Xp 1)
where X4 and xm are desired and measured trajectories respectively.

In control theory, the PID controller is one of the most used regulators in the industry due to its simplicity and
satisfying performances in a different kind of process. Today, PID controller is implemented in its discreet form
and it can be found in all control devices as a stand-alone controller or as a function block in a PLC. For obtaining
the reference results, PID regulator in its general form is used and it's given as:

u = ky(axg — xp,) + f kiedt + k;(Bxg — Xm) 2

where kp, ki and kq are proportional, integral and derivate gain respectively, u is the control signal while a and g
are weighting coefficients for choosing between different structures of a PID controller. With a=4=1 parallel form
of the PID controller is achieved while with a==0 I-PD structure of the controller is obtained. In this paper
parallel form of the PID controller is used. The controller parameters are obtained with the Ziegler-Nichols method
for the step amplitude of 150 mm. The obtained parameters are used for both test signals and different payloads.
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The sliding mode controller (SMC) is a nonlinear discontinuous robust controller and it is used in presence of the
disturbances and system parameter variation. Proposed SMC is given as:

s=é+2Ae 3
u = kys + k,sign(s) 4

where s is a sliding variable and ki, k2 and A are designed parameters and u is the control signal. Variable k; acts
on system stability and reference tracking while k; acts on the unknown system dynamics and chattering. Given
form of the SMC has second-order dynamics and it only requires system error for calculating the control signal.

4 System dynamics

Both systems are subject to a series of test cases in the duration of 60 seconds. The cylinder payload was increased
from 0 to 200 kg with a 20kg increment. This approach allows us to test the robustness of the proposed regulators
on the different payloads while maintaining the same regulator parameter. All tests are carried out with initial
conditions set to zero. The robustness and system dynamics of the proposed regulator are determined through 6
parameters calculated from step and sine wave system response. Conclusions are given for a cycle duration.

4.1 Sine wave experimental results

Three parameters are calculated from the results obtained for the sine wave reference trajectory. Amplitude error
(Ae) and phase shifting (pe) are calculated from an optimized sine wave signal fitted over recorded data where the
objective function which needs to be minimized is Moment of Error Squared (MES) defined as:

MES = f te(t)? dt (6)

Withal, MES criterium is used as a performance metric of a sine wave response. Reference trajectory is given as:
x4(t) = 0.15 + 0.05sin(2m - 0.2t) @)

System response, error and control signal for the proposed controllers and a fully loaded cylinder are shown in fig.
4. Both controllers showed good tracking capabilities. The maximal absolute tracking error for each controller is
about 10 mm. The SMC regulator showed better tracking capabilities than a PID controller and obtained a faster
and smoother response.
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Figure 4 Sine wave experimental results for a fully loaded cylinder
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Decomposition of the system response on amplitude and phase error for the sine wave reference trajectory is shown
in fig. 5. The minus sign for the amplitude error means that the amplitude of system response is higher than the
desired amplitude. PID controller for the classical system has amplitude error around -4.4 mm while for DDH
system amplitude error is -6 mm. SCM regulator showed that both systems have amplitude error around zero while
a small deviation occurred for payloads over 80 kg. This deviation is neglectable in comparison to the PID
controller. The smallest phase-shifting occurred on the classical system with a PID controller and the largest on a
DDH system controller with a PID regulator. For both systems, similar phase-shifting occurred with SMC. The
DDH system was accelerated and phase-shifting was lower in comparison to the PID controller while classical
systems showed an opposite trend. It’s also shown that the PID controller is robust for the small amplitudes of sine
wave signal and given payloads. That robustness comes out due to PID parameters obtained for the cylinder middle
position (150 mm) and payload of 100 kg.
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Figure 5 Sine wave decomposition: a) amplitude error, b) phase shifting

As a last performance index for the sine wave results, the MES criterion (6) is calculated and shown in fig. 6. Both
systems obtained small cumulative errors with SMC. For the DDH system cumulative error of SMC is drastically
smaller in comparison to the PID controller and it almost overlaps with results obtained with the classical system
controlled with a PID controller.
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Figure 6 MES criterion for the sine reference signal

4.2 Step signal experimental results

Reference test step signal consist of a six different cylinder position set to 280, 10, 150, 22, 10 and 0 mm. The
duration of each step signal is set to 10 seconds. From the obtained results, three performance indexes were
calculated. Rise time (T,) is defined as an interval that it takes for the response to rise from 10% to 90% of the
steady-state value. Settling time (Ts) is the interval that takes for the error to settle between = 1 mm of a step final
value. The last performance index is the Integral of Squared Error (ISE) used as a cumulative measure for the
system error and it is defined as:
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ISE = J e(t)?dt (8)

Step results for a fully loaded cylinder and control signal are shown in fig. 7. Systems controlled with SCM showed
a slightly faster response in compression to the PID controller. Due to small differences in response for both
controllers detailed analysis is carried out on which conclusion are given.
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Figure 7 Step signal experimental results for a fully loaded cylinder

Mean values of the rise and settling time for all test cases and every change of the step signal are shown in fig. 8.
From the aspect of rise time, the DDH system controlled with SMC show slightly better performance for lifting
movements while faster dynamics is obtained for lowering movements. The SMC for the classical system showed
far better results for rise time but results for the small-signal regime aren't satisfying. From the aspect of settling
time, the classical system showed the same trend as for rise time. The DDH system controlled with SMC showed
slightly higher results in comparison to PID for lifting movements while settling time for lowering movements
was lower.
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Figure 8 Mean values for: a) rise time, b) settling time
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The cumulative errors of the systems based on ISE criterium are shown in fig. 9. There is almost no difference
between results obtained with SMC and PID controller for the individual system.
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Figure 9 ISE criterion for the step reference signal

5 Energy efficiency

The input and output energy of the system is determined based on power flow direction meaning that the negative
work done by the hydraulic cylinder is considered as an additional input to the system. Energy regeneration for
the DDH system isn’t taken into the account due to the impossibility of conducting such experiment but it's possible
as presented in [9]. Based on the previous assumption, the input energy of the system is calculated as:

Ein zfpeldt-i-f'PCyl'

where Pg is input electrical power consumed either by the servo motor or the AC motor and Py is a power of the
hydraulic cylinder defined as:

dt 9)

Pcyl<0

Pcyl = (pAAA - pBAB)vcyl (10)

where A and Ag are piston head and rod side areas respectively, pa and py are pressures inside hydraulic chambers
while vgy is the velocity of the hydraulic cylinder.

The output energy of the system is defined as:

Eoue = f|Pcyl|

dt (11)

Pcy120
From (9) and (11) energy efficiency of the proposed system is given as:
out

E
n =100 (12)

in

Input and output energies of the systems for the fully loaded cylinder are shown in tab. 1. Results showed that
there is a small difference in input and output energy between different types of controllers for the same system.
The main difference occurred between DDH and classical systems due to pressure used for overcoming cylinder
payload. The DDH uses variable pressure determined by the payload while the classical system uses higher
pressures determined by the pressure set on a safety valve. Safety pressure is set to 60 bars taking into account
pressured drop across the proportional valve (10 bars) and dynamic payload forces. Pressure comparison is shown
in fig. 10.
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Table 1 Input and output energies of the systems for the fully loaded cylinder

PID SMC
Ein (kJ) Eout (kJ) n (%) Ein (kJ) Eout (KJ) n (%)
DDH sinus 10.55 3.08 29.17 10.06 2.79 27.77
system step 8.38 1.09 13.05 9.97 1.10 11.07
Classical | Sinus | 77.34 | 297 384 | 7842 | 279 3.55
system step 76.08 1.08 142 74.91 1.10 1.46
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Figure 10 Pressures inside cylinder chamber

Energy efficiency calculated from (12) for a given test signal is shown in fig. 11. Results showed that the energy
efficiency of a classical system is almost identical for both controllers. The DDH system controlled with a PID
controller has slightly better energy efficiency in comparison to SMC but both controllers have superior efficiency
in comparison to the classical electrohydraulic system.
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Figure 11 Energy efficiency for: a) sine wave reference signal, b) step reference signal
6 Conclusion

The DDH system controlled with SMC obtained faster dynamics in comparison to the PID controller. Such faster
dynamics showed an impact on the energy efficiency which is slightly lower than one calculated from results
obtained with the PID controller giving us an acceptable trade-off. Classical system controlled with SMC showed
slight improvements in system dynamics and almost no impact on energy efficiency in comparison to PID
controller. All overall, the SMC controller for the DDH system showed superior results in comparison to a PID
controlled classical system. Furthermore, the additional energy efficiency of the DDH system can be achieved if
energy regeneration is utilized for lowering movements. The system dynamics will be additionally investigated in
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future work with the integrator backstepping controller. Such controller should achieve excellent tracking
capabilities for sine wave reference trajectory and better results for the rise and settling time for step reference.
Energy efficiency will be slightly lower, but still acceptable. Additionally, a detailed energy efficiency model will

be developed. The proposed model will include hydro-mechanical, hydraulic and electrical losses.
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Nomenclature

Designation  Denotation Unit
An piston head area m?
Ap piston rod-side area m?

e error between desired and measured trajectory  mm
Ein input energy of the system J
Eout output energy of the system J
k1 SMC design parameter -
ko SMC design parameter -
Kd PID controller derivate gain -

ki PID controller integral gain -

Ko PID controller proportional gain -
Pa pressure on piston head side Pa
Pa pressure on piston rod side Pa
Peyl hydraulic cylinder power W
Pel input electrical power to the system W

s sliding variable -
Ty rising time S
Ts settling time S

u control signal \Y
Uest effective voltage of AC network \%
Vel piston velocity m/s
Xd desired trajectory mm
Xm measured trajectory mm

a weighting coefficients -

s weighting coefficients -

n system efficiency %

A SMC design parameter -
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Abstract

In view of decreasing energy resources and the rising problems associated with CO2
emissions and global warming, there is a strong interest in reducing the fuel
consumption of machines in all sectors. Manufacturers of mobile machinery, such as
hydraulic excavators, are also striving to develop increasingly efficient machines.
Triggered by this development trend, the power density of hydraulic systems and their
components continues to increase. This results in higher pressures, temperatures and
lower oil volumes in the system. As a result, the hydraulic fluid used is subject to
greater thermal stress and the systems thermal properties are becoming increasingly
important. Further developments of tribological systems, for example in hydraulic
displacement units, also create new demands on the hydraulic components and fluids.
The fluid properties in particular are increasingly coming to the fore. For this reason,
the content of this paper is to consider the influence of the hydraulic oil’s viscosity on
the efficiency of a crawler excavator and to present the viscosity dependent losses of
valves and pipe/hose lines. To this purpose, experimental tests are discussed by
regarding viscosity related energy losses of the hydraulic system of a crawler
excavator. Therefore the results of experimental tests of a gravel cycle at different
temperatures will be discussed. The results are divided into different types of energy
losses. Finally, a hypothesis can be made about the dependence of the viscosity of the
hydraulic fluid on the efficiency of the system.

Keywords: crawler excavator, temperature distribution, fluid viscosity, energy
efficiency, energy losses

1 Introduction

In consideration of decreasing energy resources and the increasing problems associated with CO2 emissions and
global warming, there is a growing interest in reducing the fuel consumption of machines in all sectors. Triggered
by this trend, the power density of hydraulic systems and their components continues to increase. This results in
higher pressures and temperatures as well as lower oil volumes in the system. As a result, the hydraulic fluid is
subjected to higher thermal and mechanical loads. Due to this, knowing the thermal properties of the system
becomes increasingly important. High temperatures in hydraulic systems favor the mechanisms of oil ageing,
hence reducing the service life of hydraulic components and precision of the machine and the intervals of changing
hydraulic oil. Additionally, an important aspect is, that the temperature of the fluid in various components of a
hydraulic system influences its viscosity. This affects the power losses in the hydraulic system, including
hydraulic-mechanical losses such as pipe friction and volumetric losses such as leakage losses. In a complex
hydraulic system such as that of a mobile excavator, these types of losses only occur simultaneously.

To evaluate the economic efficiency of a machine, the total costs of ownership (TCO) are used. The TCO is divided
into costs for the acquisition and costs for the operation of the machine. An energy-efficient hydraulic system has
several advantages. For example, on the one hand, less energy is needed to operate the system, and on the other
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hand, less power loss has to be dissipated in the form of heat. The losses occurring in a hydraulic system can
basically be divided into two types, component-dependent and system-related losses.

In mobile machinery, there is a variety of concepts for increasing functionality and energy efficiency. The
component efficiencies and especially the systems architecture and its intelligent control have a significant
influence on the overall efficiency of a drive system.

The concepts currently used and developed can be divided into two main categories. On the one hand, concepts
that concern the systems structure and on the other hand those addressing intelligent controls. Figure 1 shows
several concepts used in hydraulic systems of mobile machinery. One example for intelligent control concepts is
independent metering, where independent valves realize the inlet and outlet control edges. By decoupling the
control edges, volume flow paths can be selected much more flexibly and recuperative operations can be realized.

Regarding the systems structure, in addition to the development of various hybrid structures, a trend toward the
electrification and digitization of mobile machines can be observed. [1]

Furthermore, there are concepts combining multiple conceptions. The STEAM concept [2] for example uses a
hydraulic system combining different concepts regarding the system structure to improve the energy efficiency of
a mobile excavator.

System structure Intelligent controls

= Displacement control = Electronic control

= Load-Sensing = Additional functions
= Energy storage = Independent metering
=  Multiple pressure levels =  Operating point shift

= Recuperation
= Electrification and hybridization

Figure 1: Concepts for increasing efficiency

This paper discusses the potential of the influence of fluid viscosity on the efficiency of a mobile working machine.
The temperature distribution of the hydraulic oil during operation in a mobile machine is within a wide temperature
range. In addition to the temperature deviation between the different components, temperature variations over time
occur in various working applications. This paper deals with the viscosity dependent losses of valves and pipe/hose
lines of a crawler excavator. For this purpose, spatially resolved temperatures and pressures in the hydraulic system
during the execution of a dig and dump cycle are experimentally obtained and analyzed with respect to their
influence on the efficiency of the excavator. The dig and dump cycle represents the work task mainly performed
during operational life of a crawler excavator.

2 Power dissipation of mobile machines

The energy conversion and conduction in components of hydraulic systems is usually accompanied by losses.
Losses are caused by individual hydraulic system components. According to these component-dependency, the
losses can be divided into volumetric and hydraulic-mechanical losses. These types of losses are influenced by
the viscosity of the used pressure medium, moreover they are dependent on the operating point. The selection of
the main circuit configuration of the hydraulic system determines the system dependent losses for example the
throttling losses in a system with resistance control.

According to [3], the power loss P, results from the drive power Pj,. and the efficiency 7. of the hydraulic
system (Eq. (1)). It is assumed that the total power dissipation of the hydraulic system can be determined by the
difference between the total power consumed by the hydraulic system and the total power used by the hydraulic
system to perform work. The only heat that gets into the hydraulic oil comes from the power losses of the hydraulic
system. [4]

Pposs = input(l = Ntotal) 0

[5] presents the losses of a mobile excavator in relation to the input fuel energy. The results based on an
experimental performance of a 90° digging cycle. In addition to the losses in relation to the total input power, the
individual efficiencies of the various subsystems are also discussed. In Figure 2 the results of the analysis are
presented by means of a Sankey diagram. Based on the fuel energy fed into the system, only about 7.4 % is
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converted into useful work for the digging cycle. Major losses occur when the chemical energy of the fuel is
converted into mechanical work by the internal combustion engine (ICE). This mechanical energy is afterwards
transferred to the hydraulic pump via a shaft, converting this mechanical power into hydraulic power. The control
system in this case consists of valves, pipes and hoses. The work provided is implemented by the actuators. The
efficiencies of the individual subsystems in relation to the energy supplied as well is shown. It is noticeable, that
the individual efficiency of the control system is below the efficiency of the combustion engine. The losses
occurring in the control system include, in addition to system-dependent losses, losses at valves and in piping
systems, whose viscosity dependence is investigated in this paper. In the following, the viscosity dependence of
volumetric and hydraulic-mechanical losses occurring in an excavator’s hydraulic system will be discussed.

Pumps

1=73,1% Useful work

Fuel energy

Control system
n=31,1%

Figure 2: Energy losses of a mobile excavator [5]

2.1 Volumetric losses

Volumetric losses occur in form of internal leakage. In this case hydraulic fluid flows from the high-pressure side
to the low-pressure side through function-related gaps between the components of the hydraulic unit that move
relatively to each other. These gap losses occur, for example, at the ring surface of a piston-bushing contact of a
pump or motor. Laminar flows through circular cross-sections are characterized by equation (2), the
Hagen-Poiseuille equation. It describes the loss volume flow Q, r is the radius of the gap and [ the respective
length. n describes the dynamic viscosity of the fluid. Ap is the pressure difference occurring across the gap. [6]

mort

Q=8_n_l'AP 2

At a high viscosity 7, the volumetric losses decrease due decreasing gap volume flow. Conversely, filling losses
occur because the pump sucks in the liquid less well due to the high friction losses. To avoid cavitation, the so-
called permissible starting viscosity must not be exceeded. Cavitation can cause damage to the pump and leads to
filling losses, which increase the volumetric losses. [6]

2.2 Hydraulic-mechanical losses

Friction losses in tribological contacts of hydraulic components and in flowing hydraulic fluids are called
hydraulic-mechanical losses. A high viscosity, for example at low temperatures, leads to an increase in friction in
the fluid. The hydraulic-mechanical losses occur in fluid-flow areas of the system, for example in hydraulic
resistances. These flow losses cause pressure losses and a heating of the fluid. High flow velocities due to large
volume flows and small flow cross sections increase the pressure losses. Furthermore, the flow losses depend on
the geometry of the components by which fluid is leaded. It is taken into account by corresponding resistance
coefficients and characteristic curves when a hydraulic system is designed.

At low relative velocities between two surfaces of tribological contacts shear stress occurs. As well as when the
viscosity of the pressure fluid at high temperatures falls below the minimum required for the application, no load-
bearing lubricating film can be generated and mixed friction occurs between the moving components. [7]
Operation in the area of mixed friction can be minimized and the occurrence of mixed friction prevented. Thus,
the viscosity influences the efficiency of the hydraulic system as well as the service life of the components and the
availability of the entire hydraulic system.

2.3 Energy losses of a hydraulic system

Outgoing from the main circuit of the hydraulic system of the excavator, the power losses of the system can be
divided to the different system components. Figure 3 shows the various main loss mechanisms of a hydraulic
system. Energy losses occur mainly in pumps and motors, valves and piping. Further losses are caused, for
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example, by filters and coolers. The energy losses shown in Figure 3 usually occur in the system in a superimposed
form. The three main loss mechanism and their dependency on the fluid viscosity are explained in more detail
below.

Valves

X

Energy losses
Py

Flow resistance

Figure 3: Energy losses

2.3.1 Pumps

Hydraulic displacement units can be characterized by volumetric, hydraulic-mechanical and total efficiency. All
leakage losses in hydraulic units are summarized in the form of volumetric losses. Leakage losses are mainly
caused by two fluid volumes with different pressure levels. This is the case, for example, in contacts with narrow
gaps. In addition to leakage losses, hydraulic-mechanical losses occur. These losses result in the theoretical drive
torque being smaller than the torque actually required. The mechanism include mixed friction, as well as pressure
losses due to friction shear and throttling at cross-sectional changes. [6]

The dependence of the volumetric and hydraulic mechanical efficiency of various pump designs on the fluid
viscosity was investigated by [8]. In this context, various hydraulic oils with different base oils were measured
with regard to their influence on efficiency of the displacement units. A dependence of the fluid viscosity on the
efficiency was found, which led to an increase of up to 3 % of the overall efficiency compared to conventional
HLP mineral oils. This behavior was observed for fluids with a high viscosity index. Due to the extensive
investigations of this research work, these losses are not part of the considerations of this paper. The investigations
of this paper focus on the viscosity-dependent parasitic losses in valves and pipe/hose lines.

2.3.2 Valves

Energy losses in directional control valves can be divided in terms of losses due to the separation of the flow from
the control edge in the turbulent range and into losses due to wall friction. For a given nominal size, this pressure
loss depends on the size of the volume flow, on the design and on the operating viscosity. Approximately,
directional control valves can be considered as an orifice resistance. This approach of determine the losses caused
by valves excludes the consideration of viscosity on the losses via the slide valve.

In the hydraulic system of a mobile machine test excavator, spool valves are used to direct the volume flow to the
desired actuator. Each hydraulic consumer is controlled by its own spool valve, so that the power losses can be
assigned to the individual actuators.

2.3.3 Flow resistance

On the one hand flow resistance in straight pipes is caused by friction of the fluid near the wall and on the other
hand by the internal friction of the fluid itself. The pressure losses App in pipelines can be described with
equation (3). The resistance coefficient A is function of the Reynolds number, which has a viscosity dependence.
A high viscosity at low temperatures leads to increasing friction in the fluid. Hydraulic-mechanical losses increase
in all areas of the system where a volume flow exists, for example in hydraulic resistances. These flow losses cause
pressure losses and heating of the fluid. High flow velocities v due to large volume flows and small flow cross-
sections d increase pressure losses. Furthermore, the flow losses depend on the length [ of the pipe. When
designing a hydraulic system corresponding resistance coefficients and characteristic curves are taken into account.
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In the hydraulic system of mobile machines, flow resistances result from the routing of the fluid to the consumers,
from deflections of the fluid flow in the system and from rapid changes of cross-sections.

3 Test setup

The dependence of viscosity on the energy losses of a mobile machine will be discussed in this paper. The
following chapter presents the test setup for the corresponding measurements.

3.1 Test excavator

The table in Figure 4 shows the specifications of the test excavator. The crawler excavator ECI/8D [9]
manufactured by Volvo CE belongs to the class of compact excavators. It is driven by tracks. In addition to the
linear actuators, which are required for digging, the excavator has actuators for raising and lowering the blade, as
well as for adjusting the travel width. The test excavator is equipped with hydraulic-mechanical one-circuit load-
sensing system, which is controlled by electro-hydraulic pilot valves instead of the usually implemented hydraulic
joysticks. An electro-hydraulic prototype control allows for completely automated and reproducible digging
cycles. In addition, joystick signals are processed electronically to allow for manual operation. The main pump
supplies the respective hydraulic actuators. During operation, the highest load pressure in the system is detected
and the displacement volume of the pump is adjusted accordingly. The total weight of the machine is 1790 kg. The
gross power of the diesel engine is 12 kW. The nominal bucket filling level is 36 liters. The hydraulic tank consists
of 15 liters and the hydraulic system consists of 21 liters. The hydraulic system is operated with a hydraulic oil of

class HLP 46.

Weight 1790 kg
Gross power 12 kW
Nominal bucket filling level 36 1
Hyvdraulic tank 15 |

Figure 4: Specifications Excavator [9]

3.2 Test Cycle

The typical construction site activity of an excavator consists of the sum of four different load cycles. These include
“grading” with a ratio of 10 %, “driving” with 20 %, “idling” with 30 % and the load cycle “digging” with 40 %
of the total task. [10] The executed test cycle is based on the test cycles defined by the Japan Construction
Mechanization Association (JCMA) [11] for determining the fuel consumption and energy losses of hydraulic
excavators, for example. In the test a 90 degree dig and dump cycle is performed. The dimensions and the execution
of the cycle is shown in Figure 5. With the nominal filling quantity of 36 liters and the moved basalt chips
(8-16 mm grain size), the weight per transshipment is about 54 kg. After unloading the bucket the upper carriage
is swung back as well as the excavator arm is lowered to the starting position. The position of the excavator remains
unchanged during the entire process. The tests are carried out in an air-conditioned laboratory so that the
comparability of the measurements results is ensured. In addition, the ambient temperature is recorded.
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Figure 5: Dimensions dig and dump cycle

3.3 Measuring equipment

The test excavator is equipped with appropriate measurement technology to record the relevant data. Figure 6
shows the main circuit of the hydraulic system with the installed sensors. The main circuit generally consists of
the three linear actuators: The boom, stick and bucket cylinders. The swivel motor correspondingly drives the
slewing gear for swiveling the upper carriage. The diesel engine drives the main hydraulic pump. Other actuators,
such as the track motor, are not considered in this study because they are not activated during the executed test
cycle.

3.3.1 Pressure

Pressure sensors are integrated in the system to identify the occurring losses. The main control valve consists of
several proportional valves that control the volume flow to the individual actuators. Pressure losses that occur
through the control edges of the valves are measured. Due to the system design of the load sensing system, the
pump supplies the volume flow which provided the pressure of the major consumer in the system. This results in
system-related losses at the other consumers due to the throttling of power in the direction of the tank.

The fluid is conducted to the respective consumers via hoses. Flow losses occur due to wall friction and deflections.
To record the differential pressure, the test object is equipped with pressure sensors on the piston and rod side of
the hydraulic cylinders. In case of the swivel motor, the differential pressure is not recorded because the hose
connection from the main control valve to the motor is relatively short in comparison to the other hoses.

3.3.2 Temperature

Due to friction and throttling losses that occur in the hydraulic system of the excavator, energy is dissipated in the
form of heat. This heat is transferred to the components of the system and to the hydraulic fluid, which effects a
temperature increase as a result. The heating of the fluid is described by equation (4).

¢ =m-c-AT 4

The fluid of mass m with heat capacity ¢ heats up by temperature AT when it absorbs heat ®. Part of the absorbed
heat is dissipated to the environment via the hydraulic fluid and the surfaces of the tank and hydraulic lines, through
heat conduction and convection. After reaching a steady-state temperature (AT = 0), the entire power loss is
dissipated to the environment in the form of heat.

The temperature is recorded at the throttling points. At these points in the system, high temperatures occur locally
in the fluid, which are caused by friction. For this purpose, thermocouple is adapted into the center of the fluid
flow. The identification of the temperature enables to infer the viscosity of the fluid, which is significant for the
power calculation. According to Ubbelohde-Walther (Equation 5), the change in viscosity is expressed using an
empirically determined equation. [12] The pressure dependence is neglected in the calculations due to the limited
system pressure of 170 bar.

_lglg(v, +0,8) — lglg(v, +0,8)
"= lgT, - lgTy

(6))
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Furthermore, the minimum viscosity in the hydraulic system is determined. Of particular importance is the
viscosity of the hydraulic oil at the tribological contacts of the main pump. To record the leakage oil temperature,
the temperature is recorded at the outlet of the leakage oil flow. If the viscosity of the hydraulic oil falls below a
critical point, the parts moving relative to each other can no longer be sufficiently separated and thus there is no
longer a lubricant film capable of bearing loads. The tribological system is thus operating in a state of mixed
friction which leads to wear the component. In addition, the tank temperature and the ambient temperature are
recorded.

3.3.3 Volume flow

The volume flow of the actuators is recorded in order to calculate the power loss occurring in the hydraulic system.
The travel path of the linear cylinders is recorded by means of displacement transducers. The angular position of
the upper carriage is recorded via a rotary encoder. The volume flow of the main pump is determined via a screw
spindle counter.

Boom Arm Bucket

Yoy 5

A LS A

B9 A6 B6

%@ POIP® PP |POPS

%@ Main Control Valve

A2

Swivel motor

v

Tank

Figure 6: Main Hydraulic Circuit Excavator

4 Results

In this chapter, the results of experimental investigations will be regarded with regard to the test cycles, the pressure
and temperature distribution and the dependency of the viscosity on the efficiency of the excavator. Efficiency
considerations are based on energy losses of the parasitic resistances through the main control valve and the
connecting lines to the actuators.

4.1 Test execution

The test sequence described in chapter 3.2 is carried out in the laboratory at the Institute for Fluid Power Drives
and Systems (ifas) of RWTH University Aachen. The position of the bucket tip x:,; Vi, the rotation angle ¢ and the
cycle time ¢ act as reference variables. The test cycle is repeated until comparable cycles regarding the reference
variables can be identified. Figure 7 shows the geometric coordinates of the excavator with respective
designations. The first test is carried out after a cold start and assessed based on the power losses in the main circuit
of the hydraulic system. This test is repeated with one cycle in the warmed-up condition and the respective results
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are compared. For reaching the warm cycled condition, the test cycle is repeated until the change in tank
temperature before and after the cycle is stationary. This ensures that the maximum temperatures during the
execution of the test cycle are reached.

Arm cvlinder

Boom cylinder

Bucket tip

Figure 7: Geometrical description

4.2 Pressure distribution

The measurement of the pressure distribution over a dig and dump test cycle serves as the basis for the efficiency
assessments of the two cycles. Thus, the energy loss at chokes and resistors can be calculated. The pressures are
recorded according to the measuring points shown in Figure 6. The measured values are recorded over the entire
cycle at a frequency of 1000 Hz. The cycle can be divided in four different sections shown in Table 1.The exact
procedure of the test cycle is described in chapter 3.2. Figure 8 shows the pressure distribution during the cycle
recorded at the actuators. The pictograms illustrate the operations performed by the excavator during this period.
The designations can be seen in Table 1.

Table 1: Division of the cycle

soton | oo

1 Digging 0-23s
2 Rotation to unload 23-32s
3 Unload 32-43s
4 Rotation to the end 43-52s

Before starting swiveling at a cycle time of approximately 17 seconds, a rise in the pump pressure p_Pump to a
maximum of 170 bar can be seen, without a consumer requesting this pressure. This can be explained by the
corresponding actuators moving at a low speed in the digging process. The variable displacement pump possess a
minimum displacement degrees and thus continues to deliver a minimum volume flow of 20 1/min, which is,
however, only used to a small extent by the actuators. There is a system-dependent power loss occurs in this section
of the cycle noticeable.

The high pressures of the boom (A9/B9) or bucket (A6/B6) cylinder result from holding the excavator arm’s load
and the bucket loaded with grit. The load acting on the arm cylinder (A8/B8) is to a large extent absorbed by the
joints of the excavator and due to this, the pressure prevailing in the boom cylinder during load holding is
considerably lower. At this load, the flow to the pump is correspondingly closed by the valve spool. There is a
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slight oil leakage from the pressure line to the tank. The significant sections of the cycle for energy loss calculation
result from the corresponding work performed by the actuators and are explained further in the chapter 4.4.
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Figure 8: Pressure curves during the dig and dump cycle

4.3 Temperature distribution

The temperature distribution in the hydraulic system of the excavator during the cycle provides information about
throttling points and relevant heat emissions in the hydraulic system. During the cycle, temperature distribution
within the main circuit of the excavator was recorded. Based on this, the viscosity at relevant throttling points can
be determined. The measuring points are located as shown in Figure 6.

An important measuring point is the tank’s temperature for determining the inlet viscosity. Figure 9 shows
maximum recorded temperatures at respective measuring points of the regarded hydraulic system. The red numbers
represent temperatures of the warmed-up cycle and the blue numbers those of the cold started cycle. In both cases,
an ambient temperature of 23 °C was measured. On average, the temperatures are 14.21 °C apart. It should be
noted that these are maximum temperatures, which are shown in the figure regardless of the time of their
occurrence during the cycle.

Maximum temperatures in the respective cycle occur in both cycles on the piston side of the arm cylinder. This
occurs during the retraction of the arm after unloading the grit. In this case, due to the rapid acceleration of the
cylinder, friction of the fluid occurs on guide rings and seals of the cylinder, leading to a corresponding increase
in temperature in the fluid.

Furthermore, minimum viscosity of fluid during the cycle can be determined from the maximum fluid temperatures
in the hydraulic circuit. A minimum viscosity of 24.2 mm?/s results for the warm cycle and a viscosity of
38.9 mm?/s for the cold one.
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Figure 9: Max. Temperature during cycle

4.4 Efficiency

For efficiency analysis, various individual operation sectors of the cycles are considered in which the respective
actuators are operated. These sectors are shown in Table 2. Only functions are considered in which the pump
supplies the actuators with hydraulic power. The joystick is therefore deflected to its maximum so that the valve
gate is fully open. No pressure is released via the load sensing system. At the operating points considered, the
pump only supplies its controlled actuator. System-related losses are therefore not included in the calculations.

In the considered sectors, the respective considered consumer represents the highest consumer pressure in the
system and the displacement volume of the pump is adjusted accordingly. In case of the boom cylinder, this
involves functions that lift the excavator’s arm. In the case of the arm, this is an analogous situation when the arm
is extended. In section of the bucket cylinder, the operation sector in which the bucket is opened against weight
force is considered. And the case of the swivel motor, the rotations are the focus of the considerations.

Not considered are tasks when the arm segment is lowered. Here hydraulic power is throttled accordingly through
the valve's gate towards the tank. In these cases, it is hydraulic power generated by weight force of the dredging
arm and thus not provided by the main pump of the hydraulic system. Thermal power generated by the throttling
transferring with the fluid into the tank.
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Table 2: Operation sectors

Boom (A/B 9) Lifting after digging Lifting after unload
Arm (A/B 8) Extend to the digging Extend for unloading
Bucket (A/B 6) Open to digging Open to unload
Swivel Motor (A1/A2) Rotation to unload Rotation to the end point

Figure 10 shows the position of energy losses considered. For each sector, energy loss from the main pump via
spool of the main control valve (Ej,ss ) and the energy losses via the hose line from main control valve to
respective actuators are calculated (E}ss ). For this purpose, the average value of power losses over time steps
are identified and multiplied by duration of the respective sector.
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Figure 10: Position of energy losses

Table 3 shows results of the calculations for the cold and warm cycles. The column with index “M*“ (MCV) stands
for losses from the pump via the respective spool of the main control valve. (Ejyg5y in Figure 10). The column
with index “H” (Hose) represents losses from the main control valve to the respective actuator (Ej,gsy in
Figure 10). The column with index “H” (Hose) represents losses from the main control valve to the respective
actuator. Losses from the main control valve to the swivel motor and the main control valve to the boom cylinder
were not taken into account in the calculation due to relatively short line lengths to those of the other actuators.

Table 3: Energy losses in J

-

Sect01 1 Sector 2 SCLIOI 1 Sector 2 Sectox l Sector 2 Sectox l SectOI 2
v 116 - 25 -- 529 48 531 49 554 324 241 81 282 -- 273 --
cycle
‘Warm
eyele 77 - 32 -- 235 13 516 52 510 181 168 70 236 - 218 --

The data shows differences between the two regarded cycles. The largest losses are caused by the arm and bucket
cylinders. This is due to relatively short travel length of the boom in relation to the other two linear actuators during
the test cycle. The ratio is about 36 % for the boom and 30 % for the bucket cylinder. Furthermore, arm and bucket
cylinders perform more dynamic tasks in the digging cycle than the boom cylinder, resulting in larger volume
flows.
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With exception of lifting the arm by retracting the arm cylinder after unloading the grit (arm/sector 2/H), the energy
losses via respective hose lines (H) in the warmed-up cycle are lower than those of the cold cycle. On average, the
energy losses are 46.5 J lower in the warmed-up cycle.

Losses via the main control valve (M) are also lower in warm condition of the hydraulic system for all actuators
except for sector 2 of the boom cylinder (boom/sector 2/M). On average, the energy losses of the warmed-up cycle
are 69.88 J below those of the cold cycle. A large deviation can be observed especially during the first retraction
of the arm cylinder. This can be explained by the fact that the strokes of the two cycles differ by 50 mm in this
case. If this factor is excluded from the analysis, the hot cycle is on average 37.86 J lower than the cold cycle
regarding the energy losses from pump via the main control valve during the test cycle.

Table 4 shows the energy provided by the pump for both cycles considered, as well as the ratio of the sum of the
losses from Table 3 to total energy of the pump during the cycle. The indices of Table 3 are also used in this table.
The energy provided by the pump is 7.6 % higher in the cold cycle than in the warmed-up cycle. The amount of
percentage differences in the ration of losses regarded to total energy provided by the pump point out the influence
of fluid viscosity on the energy consumption of the hydraulic system of the mobile machine.

Table 4: Contribution of the energy losses to the total energy

I T T T
174340 ] 1.46 % 0.29 %

Warm 161056 J 1.24 % 0.20 %

The percentage share of losses considered in total energy provided by the pump can partly be explained by
inefficient control of the pump. The pump delivers a minimum volume flow of 20 1/min at minimum deflection
(Chapter 4.2). This means that a not inconsiderable amount of energy is throttled back to tank due to the system
structure. In addition, only individual operations of the cycle are included in the considerations. Furthermore, it is
a cycle which is carried out at a relatively slow speed. With higher converted volume flows of the consumers,
higher losses and a proportionally greater viscosity dependency of losses can be expected.

5 Summary and Conclusion

Current research and development is aimed at developing new concepts to increase the efficiency of mobile
machines. Despite innovative developments in systems design and intelligent controls, a significant portion of the
energy entering the hydraulic system is dissipated. A proportion of losses are due to volumetric and hydraulic
mechanical losses. These losses depend, in part, on the viscosity of the hydraulic fluid used. In this paper, the
influence of viscosity-dependent losses of a crawler excavator is considered. A central aspect of the considerations
are the viscosity-dependent losses via the main control valve and the hose lines to the actuators. The joystick is
therefore deflected to maximum so that the valve gate is fully open. No pressure is released via the load sensing
system. At operating points considered; the pump only supplies the controlled actuator. System-related losses are
therefore not included in these calculations. The focus of the considerations are two dig and dump cycles at
different fluid temperatures. For this purpose, the cycle was considered once at a cold start and in a warmed-up
condition. Energy considerations refer to working operations of the machine, in which the pump supplies the
respective consumers. Relevant operations were considered for each actuator. Energy consumption for the
operations was then determined for both cycles. This enables showing the dependence of the viscosity on energy
losses of the operations. The shares of the considered losses in the respective total power are nearly identical. The
percentage of the considered energy losses (MCV and hose) on the total energy input of the pump is 0.31 %
EMcora + Heora) — Myygrm + Hyarm)) higher in the cold cycle than in the hot cycle (Table 4). The determined
values show a dependence of viscosity on the power loss of the hydraulic system of mobile working machine of
approx. 1.6 % in average. The considerations show the relevance of the allowance of the fluid properties in the
design and in the efficiency of hydraulic machines. Furthermore, the observations indicate that the viscosity
dependence of the parasitic losses considered is present to a relatively small extent. Former research works showed
that the influence of fluid viscosity on pump efficiency has an influence of up to 3 %. This indicates that, in case
of efficiency savings through adjustment of the fluid viscosity, the pump in particular shows an important role, in
addition to the losses in valves and pipe or hose lines. An approach of the targeted adaptation of the fluid viscosity
to the conditions of the individual hydraulic system thus offers potential for further considerations. Further
researches of the influence of fluid properties on the energy losses of hydraulic systems are planned with regard
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to the viscosity index. In this context, bio based hydraulic oils, which naturally have a higher viscosity index than
mineral oils, are to be considered.

Nomenclature
Designation  Denotation Unit
c Heat capacity J/(kg'K)
d Diameter m
Eloss.ui Energy loss hose J
Elossm Energy loss main control valve J
n Dynamic viscosity Pas
Hrotal Overall efficiency -
l Length m
A Friction coefficient --
m Fluid mass kg
m Directional constant -
v Kinematic viscosity mm?/s
p Pressure Pa
Apr Pressure difference friction Pa
Ploss Power loss w
Pinpur Input power W
) Heat W-s
(0] Volume flow /min
r Radius m
el Density kg/m?
T Temperature K
v Velocity m/s
Xtip Position bucket tip on the x-axis mm
Xtip Position bucket tip on the y-axis mm
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Abstract

A self-contained pump-driven cylinder drive system based on two electric motor and
pump (TEMPO) units used for actuation of a two-link, medium-sized knuckle boom
crane, is investigated. The TEMPO drive system is equipped with load holding valves
and is a closed hydraulic system with a gasless self-pressurizing reservoir. Besides
accommodating prescribed safety requirements, the load holding valves allow to re-
duce energy consumption during standstill. The transition between load holding and
motion modes should be unnoticeable for the operator, hence the transition between
these modes must be fast, a feature that has not been accomplished in previous at-
tempts. An additional challenge with the system is a constant position error appearing
during the locking process. By refining the hydraulic circuit and the control structure,
these shortcomings are addressed. A simulation study with a realistic loading cycle is
conducted in order to investigate the motion performance of the system. The simula-
tion results demonstrate that the mentioned shortcomings are mitigated, suggesting a
potential for future load carrying applications based on the proposed TEMPO drive.

Keywords: Compact Drives, Load Holding, Control

1 Introduction

Self-contained pump-driven cylinder drive systems offer an alternative to standard hydraulic cylinder systems.
Standard hydraulic drives are normally based on a proportional valve which throttles the flow between the pressure
source and the hydraulic cylinder. Throttling control has the benefit of being simple and robust, but it reduces the
overall efficiency of the system. Pump-driven cylinder drives remove the need for throttling by decentralizing the
pressure supply i.e. each cylinder has its own pump which delivers only the flow needed to move the cylinder.
Pump-driven cylinder drives have been proposed for knuckle boom cranes in [1]. Furthermore, self-contained
pump-driven cylinder drives were proposed in [2]. The system offers energy efficiency improvements over the
standard hydraulic system and also offers other benefits such as plug-and-play capabilities i.e. only an electrical
connection is needed to the self-contained drive. The two pumps driven by separate electric motors in the TEMPO
drive compensate for the different flow requirements due to the cross-section area difference in the differential
cylinder. The two inputs also allow for control of cylinder motion and back-pressure separately. Knuckle boom
cranes require certain safety features one of which is load holding. In a classical system the safety functionality
is achieved with Counter-Balance Valves (CBV). If used in pump-driven cylinder drives the CBV can prevent the
recovery of energy [3]. A different system for load holding with TEMPO drives was explored in [4]. The feature
allows load holding valves to lock the movement of the cylinder in case of a loss in pressure. The authors of [4]
focused on the safety of the system and not on making the locking and unlocking process fast. The load holding
valves can also be engaged in order to reduce energy losses during standstill, but in order for this to be done it
is desired that the locking process happens as fast as possible. If the locking and unlocking happens sufficiently
fast, then it can happen automatically without impeding the work flow of the operator which normally drives such
a crane. In order to lock the load holding valves, the pressure in one chamber needs to be reduced rapidly which
can cause a deviation in the cylinder’s position [4]. A method to address this was proposed in paper [5], but it
was only tested for open loop control. In this paper the controller methods from [4] and [6] will be combined to
facility faster locking and unlocking of the TEMPO drive proposed in [2]. The error during locking is addressed
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before the valves fully lock through manipulation of the references in the control structure. When the load holding
valves are opened rapidly vibrations can appear due to the fast change in system parameters. A similar problem
was observed in [6] and a control method based on two controllers which operate at the same time was proposed
by the authors. This method has been adapted for the problem at hand. The aim of the study is to reduce the 2
s locking and unlocking time reported in [4]. The target for the locking and unlocking process is set as 250 ms,
because on average, reaction time takes between 150 and 300 milliseconds for most humans. The model of the
hydraulic system will be discussed in Section 2. A linear model and a coupling analysis is presented in Section
3. The control algorithm and the mode switching is discussed in 4. Simulation results are presented in section 5.
These results are discussed and a conclusion is presented in Section 6.

2 Model

A knuckle boom crane is chosen for an example application, because this research is a continuation of the work
done in [4]. The example crane used in this paper was also used in papers [1], [4] and [7]. An example crane
with a similar scale can be seen in Fig. 1. The mechanical model is based on the Euler-Lagrange method [8], but
the actual mechanical model is omitted here for brevities sake. The model can be found in [1] or one of the other
papers. For convenience the general length and mass of the crane structure are presented in Tab. 1. Paper [9]
shows how the inclusion of the electric motors and pumps needed for a compact drive, do not significantly affect
the lifting capability of the crane.

—

Figure 1: Knuckle Boom Crane example provided by National Oilwell Varco.©

Table 1: Sizes for example crane used.

Body Length [m] Mass [kg]

Inner Jib 13.75 6000
Outer Jib 9.24 3300
Cylinder 1 2.33 1500
Cylinder 2 2.84 750

The hydraulic circuit which drives the links of the crane can be seen in Fig. 2. One system is needed per link.
In this case the focus is on the system driving the main boom of the crane. The TEMPO system is modelled by
Eq. (1)-(16). The two valves LHA and LHB are the load holding valves which close if the pressure Pc drops
below 10 bar. The inverse shuttle valve IVS always selects the lower of the two pressure Ppp and Ppg. The same
pressure Fc is also supplied to the charge side of the bootstrap cylinder which provides the pressure on the supply
side. Due to the area ratio Ac/Ag, a 26 bar pressure on the charge side, results in 2 bar in the reservoir side
chamber. Cylinder cross port leakage is assumed negligible for both cylinders, and the following definitions are
made Vo = Voa +AaXp, Vs = Vog — ApXp, @ = Ag/Aa, VR = Vor + ARZ, Ve = Voc —AcZ, or = Ac/Ar. The
volumes Vpg, Vpa, Voa, Vo, Vor, and V¢ are constant.
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Figure 2: Asymmetric cylinder controlled by DvSP-
system.
Qpa1 = ©1D1 — K{ (Pea — Ppp) — K1 (Ppa — IR) 9
Opg = 0 D1 — K{(Ppa — PpB) + K (PpB — PR) (10)
Opa2 = 0Dy — K> (Ppa — PR) (11)
OLE = K (Ppa — PR) + K (PpB — FR) (12)
Oa = xyaKqvy/|Ppa — Pa| sign(Ppa — Pa) (13)
Op = xygKov/|Ps — Pe| sign(Ps — Peg) (14)
Oasv = (1 —xgv)Kqsy V/ | Poa — Pc| sign(Pea — Pc) (15)
Opsv = xvast V |PPB - PC| Sign(PPB - PC) (16)
0 for PC < PCR
XyA = XyB = 7}%1)__[;%; for Pcr < Pc < Pop (17
for PC > POP
0 for Ppa < Ppp
X =405 for Poy = Pog (18)

1 for Ppa > Pps

Xp is the cylinder piston position, Fgq is the force of friction, Z is the position of the bootstrap cylinder, and Ffig s
is the friction of the bootstrap cylinder. Pa, Pg, Ppa, Ppg, Pc, Pr are control volume pressures, Qpa1, Oprg, Opa2
and Qp g are pump flows modelled by the Wilson pump model using geometric pump displacements Dy, D, and
laminar leakage coefficients K1,K>. Oa, OB, Oasv and Opsy are valve flows modelled by the orifice equation, xya,
XyB, Xy are valve poppet positions modelled as quasi static, i.e. no poppet/spool dynamics is included. Pcr and
Pop are valve cracking and full open pressures respectively. The friction model used to determine Fgiq can be seen
in Eq. (19). The same model with much smaller parameters was used for Fyiqs. The friction parameters can be

seen in Tab. 2. '
Firiq = (Fe + (F, — Fc)e(*abS(XP)/VS))tanh(fyX.P) +ch1XP (19)

where F; is the Coulomb friction coefficient, Fy is the static friction coefficient, vy is the Stribeck velocity, ¥ and the
tanh function remove the discontinuity at zero velocity, By is the viscous friction coefficient. Finally, the effective
bulk modulus of the oil air mixture, 3, i = {A, B, PA, PB, PI,ACC} is modelled being pressure dependent using Eq.
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(20) according to [10].

1 1
(l —8) (1 + m(Pll;Fl?atm)) m te (P;:m) K
ﬁi (Pl) = mt1 K+1 (20)
1—¢ m(P—pam) \ "™ £ Patm K
Br (1+ Br ) + KPatm ( P, )
where € is the volumetric air content at atmospheric pressure (pam ), Br is the bulk modulus of the pure fluid, m is
the pressure dependent bulk modulus gradient of the pure fluid and « is the poly-tropic constant which is set to 1.4,
assuming air to behave as an ideal gas and the compression process to be adiabatic. The effective bulk modulus

is limited to 7500 bar, to include some mechanical compliance. The permanent magnet synchronous motors are
modelled by their current dynamics in the dq rotating reference frame according to [11]:

: 1 | ]

g = Ly (1g — Ryig + OreLyiq) ey

: 1 | ]

fa = - (g = Rsig — OreLaia — OreApm) =
q

where i and u are current and voltage respectively, L and Ry are the inductance and the resistance of the stator coils,
O is the electric speed of the rotor shaft, and Ay is the flux linkage of the permanent magnet in the rotor. The
torque produced by these currents are:

3 . -
T.=3p (Apmiq + (La — Lq)igia) (23)
where p is the number of pole pairs. This connects the electrical rotor speed wy. and the mechanical speed of the
motor shaft as @ = p®y,. This in turn can be modelled by:

_ T.—T,—Bon

7 (24)

where T, applied by the pump, By is a friction coefficient, and J; in the inertia of the rotor, the shaft, and the pump.
The sizes of the components can be seen in Tab. 2.

Table 2: Components

Component Size Component Size
D1 26 [cm? [rev] Ls 1.2 [m]
D2 28 [cm? [rev] Aa 0.0616 [m?]
Koy 4.0069 - 1076 [m?/(sPa)] Ag 0.0302 [m?]
Kosy 1.4086- 1076 [m?/(sPa)] Ac 0.0025 [m?]
Pcr 10 [bar] AR 0.0629 [m?]
Pop 20 [bar] B 0.01 [Nms/rad]
Js 0.06 [kg/m?] Lg. Ly 20.2 [mH]
p 3[-] R 1.30 [Q]
Apm 0.7857 [Wb] Beyl 30000 [Ns/m]
F, 1401 [N] F, 409 [N]
Vg 0.0075 [m/s] Y 2000 [s/m]

3 Linear model

In [2] it was found that the system as presented in the previous section is highly coupled. In order to decouple
the motion of the cylinder from the back pressure a number of virtual inputs and outputs need to be designed.
The equations for the linear model of system when the load holding valves are open can be defined as Eq. (25)
- (29). In these equations the following definitions and assumptions hold By = Ba = Bs = Br/Y, pg = VB/Va.
PR = VR/Va, and pc = Vo /Va. The assumption of equal bulk modulus in the two control volumes is justified in the
fact, that in motion operation mode both chamber pressures are kept at an elevated level (e.g. above 20 bar). ¥ is
the ratio between the bulk modulus of the oil in the reservoir side of the bootstrap cylinder and f3y. This parameter
is assumed to be known. A study showing how changes in the parameter will affect stability can be seen in [2] and
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a study of how much the parameter actually changes can be seen in [12]. Based on these papers parameter ¥ was
calculated at the linearisation point based on (20).

Py = ‘E—O (01D + @yD; — XpAy) (25)
A0
Bo - ~
Pp=————(—w1 D] —XpApX +ARZ 26
B VAO(PB+PC)( 1D1 — XpAa RZOR) (26)
Bo¥ .
= ——— (—ZAR — D 27
VAOPR( R — M D>) (27)
. Aa(Py— — XpB
Xy — A (Pa—aPs) —XpBc (28)
Meq
L A —arPc) —ZB
5_ R (PR — ORFC) BS (29)
Mgs

3.1 Input-Output Transformation

Instead of considering the physical pressure states, [13] found it desirable to formulate an output transformation
considering more appropriate pressure states. These virtual pressures were selected to be the virtual load pressure
P, and the level pressure Py:

P =Py—aPg, Pu=Py+HP (30)

The level pressure Py was used to control the pressure in one cylinder chamber to a constant value in [13]. This
was done in order to improve the stiffness of the system. In [2] the aim of Py is twofold. On one hand the chamber
pressure is kept constant improving system stiffness, but also the reservoir pressure PR is controlled in order to
prevent cavitation or damage to the pumps’ seals. In order to be able to control Pr the following virtual pressures
are defined.

B =Py—oaPg, Pu=Prx+HPs+GR €29

The load pressure is proportional to the piston force and as such closely related to the cylinder motion dynamics.
The level pressure will be used to control the pressure in the reservoir side of the bootstrap cylinder. If H and G
are defined properly, the virtual level pressure is decoupled from the piston motion/load pressure. This allows the
motion of the cylinder and the pressure in the reservoir to be controlled separately. By inserting the non-linear
pressure dynamics from Eq. (25), (26) and (27), the dynamics of the virtual outputs become:

=Py afy
Bo . . .
=—— (—(ApAXp — 01Dy — 0»D + + (AaXpoxt +ARZoR — 01 D1) 32
(PB"’PC)VAO( (ArXp — 01 D1 — @:D2) (P + pc) + (AaXpa +ArZOR — 1 D1) ) (32)
Py =Py+HPs +HPs + GP + GP
BO . ﬁo .
= ——"—Apr(aH — pg — pc)Xp — ———————Ax(G(pp +pc)¥ — prORH)Z+
(P + pc)Vao Al P8 — pc)Xp Pr(PB + Pc)Vao A(G(pB +pc)¥ — prowrH)
+f1(&,ﬁ{,PR,H,G,H,G,w1,@) (33)

here fi(P., Py, Pr,H,G,H,G,®,®,) are the terms not affected by the velocity of the two cylinders i.e. Xp and Z.
In order to remove the dependence of By on Xp and Z, the term H and G are chosen as:

_ Pstpc

H - (34)
(04
- o

This choice is done according to [2]. That this choice removes the coupling in the system can be seen later in the
subsection. With the coupling removed, two virtual inputs are established:

_ Di(ps+pc+a)
OL=—"—"—"-"

o+ D (36)
PB +Pc
a—1)D o—oR)D;
on =201, 4 D2, (37)
(04 o
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Collecting terms in Eq. (32) and (33), and using these definitions of O, and Qy results in the dynamics:

Bo

&:TQL+f2(&7ﬂI7&7XP7Z) (38)

A0

PH: VﬁioQH—"_fé(&aH{?PR)XPaZ) (39)
A0

Using the virtual inputs Oy and Qg and the virtual outputs A, and Py a matrix of transfer functions can be estab-
lished as:

X0) Xe(5) 205) £.05) o) Aes))” = Ge | O (0
As was mentioned previously the use of the virtual inputs and outputs is warranted by the coupling of the system.

In order to check that the new states are decoupled a Relative Gain Array(RGA) analysis is conducted. The RGA
number (Ny) is defined for diagonal input/output paring in Eq. (41) and off-diagonal pairing in Eq. (42), [14]:

N#dia:Z’Gx(G')T— B (1)H (41)
k.j

N#off:Z’Gx ¢ H - ﬁ) (I)H 42)
K,j

where G is a two by two transfer function, X is the element-by-element multiplication or Hadamard product. %, j is
the number of row and columns in the transfer function matrix. Further details on the RGA and RGA-number can
be found in [14] or [15]. If Nagiz and Nuogr attains the values 0 and 4 respectively for all frequencies for a particular
input/output pairing, then these can be consider ideally decoupled. In Fig. 3, the coupling analysis for the transfer
function Eq. (40) can be seen. The figure shows that the motion of the cylinder can be controlled with the virtual
input O, while the reservoir pressure can be controlled with the virtual input Qy. No coupling is present.

4
B3}
£
>
c
< 27
)
02
1 L
O " "
10° 10! 107
w [rad/s]

Figure 3: RGA number of motion system

4 CONTROL

A block diagram of the control structure can be seen in Fig. 4. The control structure is a cascade controller with
a motion controller giving rotational velocity references for the two pumps @ rer and @y r.r. These references
are then followed by the electric motors which have their own cascade control structure made up from a velocity
controller which generates current references igy ref and igo ref. The igy rer and ig rer are selected as zero, because
that produces the largest torque. The current references are received by the Field Oriented Controller (FOC) which
produces voltage references. Converters are omitted from the model, because of the computational demand which
their inclusion produced. A load holding controller controls the pressures Ppp and Ppg. The output of the motion
controller and the output of the load holding controller are blended together by the mode transition controller. The
tuning for all these controllers is shown in the following subsections.
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Figure 4: Block diagram of control structure

4.1 Motion control

The electric motors are controlled using FOC. A linear model for the current dynamics has been established and
a Proportional-Integral (PI) controller is used to obtain a phase margin of 90 deg at 5000 rad/s. This corresponds
to a bandwidth of the closed loop of ~ 800 Hz. This value is chosen to be 10 times slower than the switching
frequency of the converter. The bode plot for the open loop of the current dynamics with and without a controller
can be seen in Fig. 5. The open loop dynamics of the velocity of the motors can be seen in Fig. 6. A PI controller
is used again and the phase margin is selected such that the bandwidth of the motor will be ~ 80 Hz.

Bode Diagram Bode Diagram

Gm =Inf, Pm =90 deg (at 5.03et+03 rad/s) Gm =Inf, Pm =90 deg (at 503 rad/s)
100 T T 100 . .
80
o o)
S 50t S 60f
Q ¢}
2 2 40
'€ I=
g & 20t
= =
0
0
T Tceur
@ O F CCUTTGCUH 4 @
= : =
: oo
g 45| £
-90 : 5 -90
102 10° 10° 10* 102 10° 10°

Frequency (rad/s) Frequency (rad/s)

Figure 5: Current controller Figure 6: Motor shaft speed controller

A pressure feedback is designed to compensate the position transfer function. This feedback introduces virtual
damping into the system and reduces the resonance peak at 13 rad/s. The uncompensated and compensated system
can be seen in Fig. 7
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Bode Diagram
Bode Diagram Gm =29.6dB (at 13rad/s), Pm =89.9 deg (at 0.252 rad/s)
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Figure 7: Pressure feedback compensation Figure 8: Cylinder position controller

The compensated system is easier to control and a simple proportional controller is used together with a velocity
feed-forward. The open loop dynamics can be seen in Fig. 8.

For the Py controller a proportional controller is used. The open loop dynamics can be seen in Fig. 9.

Bode Diagram Bode Diagram
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Figure 9: Level pressure controller Figure 10: Load holding controller

A proportional controller is also used to control pressure Ppa and Ppg when the load holding valves are engaged.
The small volumes Vpa and Vpp result in fast dynamics for the transfer function. Furthermore these controller are
tuned much harder, resulting in a higher bandwidth for the closed loop. This is done in order to facilitate the fast
locking and unlocking of the load holding valves. The bode plot can be seen in Fig. 10.

4.2 Transition control

It was mentioned in the introduction that the aim of this paper is to further the work done in [4]. A smooth
transition was prioritised in [4] which resulted in transition times of up to 2 s. Furthermore the piston position was
not controlled during the transition period, which resulted in increased position error during the locked period. In
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this paper the transition is achieved through 5 distinct modes. The criteria for switching between modes is shown
in Eq. (43).

formode=0&L,, =1

for mode = 1 & Ppg < 10bar

for mode =2 & L,, =0 (43)
for mode =3 & abs(Py — Ppp) < It

0 formode =4 & abs(Px — Ppa) < It & abs(Pg — Ppg) < I1/100

mode =

W =

where L,, is an indicator that load holding should engage and Lt is a threshold value of 1 bar. Mode O can be
considered normal motion, while mode 2 can be considered locked mode. Modes 1, 3, and 4 are transition modes.
In mode 1 the pressure Ppp is reduced until the load holding valves are locked. During mode 3 the pressure Ppy is
increased until it matches Pps, so when the load holding valves are opened in mode 4, the cylinder position does
not change. In the current implementation L, is triggered at certain time stamps and disabled in the same way.
In future implementation it can be triggered according to other criteria such as a velocity reference close to zero
together with a position error within a preselected limit or an inactivity timer. These could represent that the load
has reached its destination. During all modes the transition controller adds the outputs of the motion controller
and the load holding controller as seen in Eq. (44). The references sent to these two controllers are changed by
the transition controller which facilitates the smooth transition. The two controller which are active at the same
time together with filtering of reference pressures removed oscillations during locking and unlocking of a similar
system in [6].

U = Omove (XP, Xref, P, PseRet) + Ohold (Pea , Pearet, PPB; PeBret) (44)

The reference Ppg ref changes in the different modes according to:

Pg for mode = 0
1bar for mode = 1

Popret = lbar for mode = 2 (45)
1bar for mode = 3

PR,ref/ar for mode = 4

During mode 0 Ppp ref = P3, which means that the load holding controller outputs zero. When load holding is
engaged in mode 1, Ppper drops to 1 bar. The controller starts dropping the pressure in the line, which closes LHB.
During this time, the level pressure controller is disabled by selecting Pr rer. This can be seen in Eq. (47). When
load holding is being disengaged in mode 4 the pressure reference is set to Pr ref/ & s0 the controller can move Ppg
to a value where the level pressure controller can take over again. The reference for Ppa ref changes according to:

1bar for mode =2

Pa else (46)

PPA,rcf = {
In all modes except mode 2 Ppa ref is equal to the current value of P4. After mode 1 has been engaged and the load
holding valves have been closed, maintaining a large pressure in the line serves no purpose. During mode 2 the
reference drops to 1 bar, which would reduce the torque on the pumps and motors. Before load holding can be
disengaged the pressure in the line has to be raised to the load carrying pressure or the cylinder position will drop
as soon as the load holding valves are opened. For this reason Ppa ref is set to P4 in mode 3 and mode 4.

The level pressure controller should produce zero output when load holding is engaged, so Pr rer is defined as:

2bar  for mode =0

47
Poerrer  €lse “7)

PR,ref = {
In normal operation the reservoir pressure is controlled to be 2 bar. This corresponds to a Pc of 26 bar. When
load holding engages, Pr ref is selected as Peet rer, Which is calculated according to Eq. (48). This disables the level
pressure controller, because it brings the pressure error to zero.

Peetret = Pu— 1 (48)
4 a H G
al phay + al phay +

5 Results

The controller described in the previous section was used to follow a 140 s position trajectory as can be seen in
Fig. 11. The figure shows the motion of the cylinder driving the main boom of the crane. Three locking periods
are commanded - one from 1 s to 6 s, a second one from 65.5 s to 74.5 s, and a third one from 138.5 until the end
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of the simulation. The locking and unlocking cannot be seen clearly in Fig. 11, but can be more easily seen in the
error plot seen in Fig. 12 and the plots of the pressures Fig. 13 and Fig. 14. During the second locking period the
pressures Pa and Pg oscillate. No flows are coming into or out of the chamber, so these vibrations are caused by the
movement of the crane structure. The vibrations can be caused by a modelling error in the friction of the cylinder,
which appears to be too small. The problem could also be related to the stiffness of the Matlab solver, but no set of
options was found which would provide better results. The first locking process occurs during complete standstill
of the cylinder and it can be seen that the pressures do not oscillate. The simulation model should be validated with
real hardware, but this was not possible for this study. Laboratory tests are planned in the future. Increasing the
gain of the motion controller can be expected to reduce the error over the entire trajectory this resulted in pressure
spikes during the unlocking process at 74.5 s.
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Figure 11: Motion of the cylinder. Figure 12: Position error over the trajectory.

During locking the pressure Ppp drops first to close the load holding valves. This can be seen in Fig. 13. As the
pressure in chamber B drops the force of the cylinder increases and this would result in cylinder movement. The
motion controller tries to counteract this by decreasing the pressure P5. Once the load holding valves are locked
Ppa drops as well. A plot showing this can be seen in Fig. 14.
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Figure 13: Pressures in line B. Figure 14: Pressure in line A.

A plot which shows the locking process better can be seen in Fig. 15 and Fig. 16. It takes approximates 250
ms from the locking command until the pressure Ppg drops below 10 bar. The unlocking process happens much
slower at approximately 1813 ms. This is due to the condition for switching from mode 4 to mode O requiring a
very small error between Ppg and Pg. Attempting to go into motion mode with a large pressure difference resulted
in large outputs from the level pressure controller which the electric motors cannot execute. Reducing the gain of
the level pressure controller could reduce this problem, but the large gain is necessary to prevent the level pressure
dynamics from becoming unstable at the top of the cylinder. The same instability issue with low level pressure
gain was observed in [4] and occurs due to a pole moving into the right half plane.
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Figure 15: Pressures in line B during load holding. Figure 16: Pressure in line A during load holding.

A surge in the pressure Ppg can be seen at 6.034 s when the pressure rises above 10 bar which unlocks the load
holding valves. The pressure reference Ppp e is filtered with a second order filter according to [6]. Reducing
the cut-off frequency of the filter removed this surge but caused other problems and a reduction in locking and
unlocking time.

6 CONCLUSION AND FUTURE WORK

A simulation study of a knuckle boom crane with self-contained pump-driven cylinder system was conducted. The
system has both self-locking capabilities as well as a bootstrap cylinder for a reservoir. The non-linear model is
linearised and an input-output transformation is conducted in order to remove the coupling in the system. Control-
lers for moving, locking and unlocking of the hydraulic cylinder have been developed and explained. The aim of
this paper was to reduce the locking and unlocking time from 2 s reported in [4]. Locking time has been reduced
to 250 ms, but unlocking time has only been reduced to 1.8 s. This is due to limitation of the electric motors
combined with large variations in system dynamics as the position of the cylinder changes. The unlocking time
can be considered unsatisfactory, because it might be too long for the system to be used passively i.e. locking and
unlocking every time the velocity reference is zero. For future work the vibrations occurring when the cylinder is
locked at its top position need to be investigated. The possibility of choosing different virtual states or using an
adaptive controller in order to be able to have a less conservative tuning should also be investigated.
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Abstract

The focus of this paper is to oscillate the pitch of the wind turbine blades
using hydraulic actuation to increase the power captured by a hydrostatic
wind turbine. This is based on the fact that oscillating an airfoil under
specific conditions increases the instantaneous lift coefficient by up to
97%. Different conditions were investigated by varying airfoil shape,
waveform shape, waveform amplitude, waveform frequency and average
angle of attack. The following conditions were found to give the best
performance: a low camber airfoil, a lower average angle of attack than
used for a non-oscillating airfoil, and an optimized waveform shape called
a “tilted sinusoid.” A multi-level factorial experiment determined the most
impactful variables were frequency, amplitude, and average angle of the
tilted sinusoid. The best frequencies and amplitudes were studied through
numerical simulations and hill climbing optimization. Results showed that
oscillating the pitch of the wind turbine blades would, under all conditions
tested, never outperform steady-state turbine operation, the main reason
being the higher drag coefficients that are also present when oscillating the
pitch of the blade.

Keywords: Hydrostatic Transmission, Wind Power, Pitch Oscillation,
Energy Storage, Accumulator.

1 Introduction

Wind energy is the fastest growing energy source across the world. As climate change and irreversible
environmental damage rises, wind energy is seen as a clean alternative to greenhouse gas emitting fossil fuels. It
currently accounts for 6.3% of U.S. energy production and 5% of energy production worldwide [1]. Wind energy
will continue to grow rapidly in the next decade. The Department of Energy (DOE) had set the gal for wind energy
to comprise 10% of domestic power production by 2020, 20% by 2030 and 35% by 2050 [2]. Although we missed
the goal for 2020, we are confident that we will greatly exceed the goal for 2030 and that we will achieve the goal
for 2050 because of the exponential growth trend of wind power production.

There are many challenges associated with wind energy production and a major one is its energy efficiency. Most
wind turbines capture roughly 0.35 to 0.45 of the energy in the wind, a ratio known as the power coefficient, C,,.
A well-known theory developed in 1919 by Albert Betz sets the theoretical maximum limit of C,, as 0.593 [3], [4].
The goal of our wind turbine research is to reduce losses in wind turbines and raise efficiencies to be as close to
this value as possible by implementing hydraulic systems and advanced controls. Increasing the efficiency of wind
turbines will reduce the overall cost of wind energy and further increase its implementation across the world.

Wind turbine controls include torque, pitch and yaw control and they operate in four control regions, fig. 1. In our
research we focus on torque control and pitch control. Conventionally, torque control is used to maximize the
power in region 2 and pitch control is used to regulate the power in region 3. The control strategy in regions 1 and
4 consists of stopping the operation of the turbine because of low wind speeds in region 1 or damaging high wind
speeds in region 4.
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Figure 1: Control regions of a conventional wind turbine [5]

Most research approaches for improving power capture of wind turbines consist of maximum power point tracking
(MPPT) in region 2. MPPT is achieved most successfully by controlling the rotor torque. Multiple approaches
have been proposed and are summarized in [6] - [8]. Other approaches such as Model Predictive Control [9], and
Extremum Seeking Control [10] have been proposed and also show promising results. These approaches are
exclusive for traditional fixed-gearbox turbine transmissions, leaving an opportunity for researchers to investigate
the performance of hydraulic transmissions for wind turbines.

The focus of our research is on hydraulic transmissions for midsize wind turbines (100 kW to 1 MW). In this
sector, hydrostatic transmissions (HSTs) have many benefits over traditional fixed-gearbox turbine transmissions.
For example, a higher power to weight ratio, an infinitely variable transmission ratio, and the ability to run without
the need for costly power electronics [11], [12]. Also, there are off-the-shelf components that are readily available
to use in this power level. Conventional gearboxes are prone to fatigue damage [13] whereas hydraulic components
are not. Previous research from our group has shown that the overall efficiency of an HST turbine is comparable
to a gearbox turbine [14]. Taking advantage of the hydraulics in the HST turbine, we have explored different
options for improving the efficiency of the wind turbine. We have explored a hybridized HST that uses an
accumulator and a secondary pump to store energy in region 3 and release it in region 2 improving the overall
performance of the turbine by 4% [5], [15]. We are currently modifying an HST test stand at the University of
Minnesota to experimentally validate the idea.

Oscillating the pitch to increase the lift forces and the torque on the rotor to generate more power has also been
explored. Oscillating an airfoil generates a phenomenon of delayed flow separation known as dynamic stall [16],
which, under very specific conditions (frequency, amplitude and average angle of attack) can increase the
instantaneous maximum lift coefficient by up to 97% [17]. This concept is well described in the literature,
especially for load and aeroelastic calculations. Oscillating pitch models were originally developed for helicopter
applications and have been adapted for wind turbine modelling [18]. Holierhoek et al. [19] did a systematic
comparison between experimental data and three of the most used models on wind turbine airfoils, but never
explored the opportunity to improve power harvesting. In this study we explored through computational fluid
dynamics (CFD) simulations and Blade Element Momentum Theory (BEMT) the possibility of using oscillating
pitch for wind turbine applications. The paper will present the tools and methods used to perform the study and
will later explain the different results obtained through simulations and optimization.

2 Design and Modeling

2.1 Blade Element Momentum Theory (BEMT)

A turbine blade has an airfoil cross-section with continuously varying chord, orientation and shape along its length
as shown in fig. 2. The variation from root to mid span to tip is required so that the blade is strong and efficient.
The blade is twisted so that the angle of attack is constant along its length. The product of the chord length and the
radius is designed to be constant so that the Reynolds number is constant. For this reason, the chord length
decreases with radius.
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Figure 2: A typical modern horizontal axis wind turbine blade with airfoil profiles, twist and chord length
variation [20]

The importance of the aforementioned aspects of wind turbine blade design is that they allow for characterization
of the full 3D turbine blade from the physics of a single 2D cross-section using BEMT. BEMT is a combination
of momentum theory and blade element theory. Momentum theory by itself analyses the momentum balance of
the rotating annular stream tube passing through the turbine, fig. 3 [21]. Blade element theory is the study of the
forces generated by the airfoil’s lift and drag forces, fig. 4, at different sections along the length of the blade [22].
The combination of both allows us to obtain useful relationships that lead towards fast and simple calculations.
The method assumes steady wind conditions, no interaction in between elements, nor wake expansion. Methods
to include tip losses, yaw of the turbine, 3D corrections among others have been implemented to improve the
analytical results [23], but are not included in this work.
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Figure 4: Forces acting on the single blade element [23]

From BEMT we can calculate the torque generated by each element of the wind turbine blade using eq. (1),

dT = %/OBc(T)R(r)VR2 (€ sin(¢) — Cp cos(¢))dr @

The 17th Scandinavian International Conference on Fluid Power 64
SICFP’21, June 1-2, 2021, Linkoping, Sweden



Where p is the density of the air, B is the number of blades, c(r) is the chord length of the element at distance
from the hub r, R(r) is the radius of the blade at distance from the hub r, V is the relative velocity of the wind,
C,, is the aerodynamic lift coefficient, C, is the aerodynamic drag coefficient, and ¢ is the angle of relative velocity
of the wind with respect to the axis of the rotor. The total power generated by the turbine can then be calculated
using eq. (2),

P = fR " wdr @)

hub

where Ry,,;, is the radius of the turbine hub, R is the radius of the blade, and w is the rotational velocity of the
blades.

The net power for the static case is the power generated by the blades on the rotor, eq. (2). The net power for the
blade oscillation case is the power generated by the oscillating blades minus the power needed to oscillate the
blades, P, eqg. (3). To calculate P, we assume steady-state operation and no friction losses,

Brse = Wy Taero (3)

Where w, is the rotational velocity of the pitching and t,.,, is the torque generated on the blade by the
aerodynamic forces and can be calculated by,

1
Taero = E CMOSCPVRZC(r)Zdr 4)
and Cy,,. is the aerodynamic moment coefficient of the oscillating blade. The dynamic power in the rotor is,
den=Pr_Posc ©)]

Taking into account that C;, and C;, in eq. (1) are the coefficients of the oscillating blade.

2.2 Variable Selection

To evaluate the performance of the oscillating pitch versus the static pitch a response variable, the power ratio,
P,4ti0, 1S introduced. The equation for the power ratio is,
P4
Pratio = P = (6)
sta

where Py, is the power captured from the dynamic simulation and P, is the power captured from the static
simulation. There are five major variables that significantly impact the response variable, P,,.;,. These variables
are the airfoil shape, the waveform of oscillation, the average angle of attack, the amplitude, and the frequency.
An extensive exploration of the airfoil shape and waveform oscillation was performed before running the
optimization for the other three variables.

The airfoil selected for the study is the DU 96-W-180 developed at the Delft University of Technology in the
Netherlands. An image of its shape is shown in fig. 5. A low camber airfoil was selected because it has a high lift-
to-drag ratio [24] and its profile data is available online [25]. We also explored high camber airfoils like the S8 XX
series from the National Renewable Energy Lab (NREL) and the results showed much lower performances.
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Figure 5: DU 96-W-180 airfoil outline

The waveform selected for the study is a “tilted sinusoid”, with an equation of the general form,

n 2n
a= Z (nzz_nlc) sin(k2nft) (7

1
k=1

where f is the frequency, t is time, and in general ( 2n

") is a combination which is defined as,
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We chose a value of n = 4 to obtain the desired tilting as shown in fig. 6. As n —» oo the waveform becomes a
sawtooth wave.
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Figure 6: "Tilted sinusoid"

The benefits of a tilted sinusoid oscillation as compared to a regular sinusoid are further described in section 3.1.2
of this paper.

The three independent variables that are changed to form the solution space are the average angle of attack,
amplitude, and frequency. The average angle of attack is the center angle that the airfoil oscillates around. The
second free variable is the amplitude of the dynamic pitching. The only constraint on this variable is that the
amplitude cannot be larger than the average angle of attack to avoid negative angles of attack during the blade’s
cycle. Negative angles of attack produce very poor or even negative lifts so they will be avoided. The final free
variable is the frequency of the oscillation. The major constraint on this variable is that the maximum rotational
speed possible with common wind turbine actuators is roughly 10 deg/s [26]. One rotational cycle for the airfoil
is defined as tilting up to the highest angle, then down to the lowest angle, and then back to its starting angle;
therefore, the total angular difference the airfoil travels in one cycle is four times the amplitude. Consequently, the
equation for maximum possible frequency, fqx, 1S

_ Wmax

where wpq, IS the maximum rotational speed of 10 deg/s and A is the amplitude in degrees. Therefore, the
maximum frequency for each simulation case is related to the amplitude of that simulation.

The power ratio values obtained from these simulations are compared to each other for finding the pitching settings
that produce the highest efficiency. The static blade simulations are performed in QBlade, the dynamic pitching
CFD simulations are performed in Ansys Fluent® and the BEMT calculations are performed in MATLAB®.

2.3 CFD Simulations

All the CFD Simulations are run with 2D airfoil cross-sections using the SST k-w turbulence model as suggested
by Menter [27]. The mesh size is initially 0.002 m for the factorial experiment with refinement around the edge of
the airfoil. The mesh size is later enlarged to 0.01 m for the hill climbing optimization to improve the speed of the
simulations after validating that the new mesh size produces accurate results. The larger mesh is shown in fig. 7.
The mesh is coarse far away from the airfoil cross-section but refined in the circular region around the airfoil and
even further refined at the leading edge. The average angle of attack is then set by rotating the profile in the
geometry setup. Then, a user defined function (UDF) is programmed in C language to simulate the desired
oscillatory movements. After loading the UDF into Ansys Fluent®, a 10 s simulation is run. For the factorial
experiment, the time step is 0.002 s with 5000 time steps but this is increased to a time step of 0.01 s with 1000
time steps for the hill climbing optimization for the same reason of reducing simulation time. Ansys Fluent®
reports the lift, drag, and pitching moment coefficients in the 2D simulation which can then be plugged into a
series of calculations including equations (1) and (2) to calculate the overall power generated by the turbine based
on BEMT.

Based on the increase of the mesh size and the time step for the hill climbing optimization to save time, a
discrepancy of power ratio of around 2% is found with respect to the initial simulations. Despite the slight
discrepancy between the two meshes and time steps, this is still a valid method for the purpose of finding the
optimal point.
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Figure 7: 2D mesh in Ansys Fluent® with detailed view of the mesh around the airfoil

2.4 Factorial Experiment

The first portion of the optimization study is based on a factorial experiment. Factorial design is an efficient method
for determining the effect of multiple independent variables on a response variable. It involves selecting high and
low values for each independent variable to search the solution space and determine the relative effect of each
independent variable, or combinations of variables, on the output variable [28]. The only three independent
variables that are adjusted are the average angle of attack, the amplitude, and the frequency. A high, low, and
medium value are selected for each independent variable. This creates twenty-seven cases that are run in Ansys
Fluent®.

2.5 Hill Climbing Optimization

The second portion of the optimization study is based on a hill climbing optimization. Hill climbing optimization
is an iterative local search technique. For this final solution space search, a greedy approach is used. This means
that the algorithm always moves in the direction of higher power ratio with the goal of finding the best solution
[29]. Since it is a three-variable optimization, four initial points are required. To find the next prospect point, the
centroid of a trapezoid is found, and a new point is projected from the worst point. This new point replaces the
worst point from the previous iteration, then a new centroid is found, and a new point projected. This process is
iterated until the optimal solution is found. Figure 8 (a), (b) and (c) illustrate the idea for the first three iterations
of the optimization. Figure 12 shows the complete optimization path found for this study.
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Figure 8. Step-by-step hill climbing optimization example. The numbers represent the power ratio, P.4;;,, for the
specific average angle of attack, amplitude, and frequency being evaluated.

3 Results and Discussion

The results obtained in this work are divided into two. The first set of results are related to the initial CFD
simulations used to evaluate the aerodynamic forces acting on the wind turbine blade. The second set of results
are related to the optimization results obtained through the factorial experiment and the hill climbing optimization
to find the best conditions of oscillation.

3.1 CFD Simulations

We explored the effect of the angle of attack on both the lift and drag of airfoils. This information allowed for an
educated choice of the solution space to search in the optimization process. Experimental [17] and CFD simulation
data of the lift and drag coefficients are shown in fig. 9. Figure 9 (a) shows that the static CFD case, the purple
line, exhibits a maximum lift coefficient around an angle of attack of 15° but in fig. 9 (b) it is clear that the drag
can be orders of magnitude larger at this point than it is at low angles of attack. Both the experimental and
simulation data on these plots suggest that the optimal combination of lift and drag will probably be found roughly
between 5° and 11°. In that range, the lift coefficient is still high but more importantly, the drag coefficient is
extremely low. The data in fig. 9 is from an NREL S809 airfoil but this is still a useful starting range for the airfoil
used in the optimization.
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Figure 9: (a) Dynamic lift coefficients vs. angle of attack curves for S809 airfoil, experimental (black markers)
vs CFD data (color lines). (b) Dynamic drag coefficients vs. angle of attack curves for S809 airfoil, experimental
(black markers) vs. CFD data (color lines)
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3.2 Waveform Evaluation

Simulation data shows that a tilted sinusoid oscillation waveform performs better than a regular sinusoid.
Specifically, a waveform that goes up quickly and down slowly captures more power. A plot of this type of tilted
sinusoid is shown in the bottom plot of fig. 10. The data in fig. 10 is from two simulations in Ansys Fluent® with
the same conditions but different waveforms. It can be seen in the third plot of fig. 10 that the tilted sinusoid
produces higher lift coefficient to drag coefficient ratios than a regular sinusoid. The primary reason for this is
because when the airfoil moves down slowly, the lift coefficient stays higher than it does with the regular sinusoid,
top plot of fig. 10. The drag coefficient is shown in the second plot of fig. 10; the peak locations differ for the

sinusoids, but the average drag coefficient is about the same for both.
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Figure 10: Comparison of C; and C,, for regular sinusoid and tilted sinusoid waveforms. Data is from CFD
simulations in Ansys Fluent®

3.3 Factorial Experiment

The only three independent variables that were adjusted were the average angle of attack, the amplitude, and the
frequency. A high, low, and medium value were selected for each independent variable. This created twenty-seven
cases that were run in Ansys Fluent® and the results are shown in the box diagram in fig. 11. The low, medium,
and high values for each independent variable can be seen along the bottom and right edges of the solution space
box in the figure and the number at each point is the power ratio value reported from applying BEMT calculations

to the data.

Avg Angle of Attack (°)

Figure 11: CFD power ratio results from the factorial experiment. Most efficient points highlighted in red
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Figure 11 provides insight into how each variable affects the final power captured from the turbine. The highest
power ratio values are highlighted in red. An average angle of attack of 8 degrees captures more power than higher
or lower average angles of attack. This is because with an average angle of attack of 8 degrees the oscillation stays
in the range of low drag but still has relatively high lift. Also, it appears that lower frequencies produce better
power capture; the highest values are found at a frequency of 0.25 Hz. The reason for this mainly being that it
requires less input power to pitch the blade at a lower frequency. Finally, amplitude is the variable that has the
smallest effect on the power captured by the blade. For the most part, smaller amplitudes result in slightly higher
power capture, but the effect is minimal compared to the effect of average angle of attack and frequency. The best
result from the initial 27 simulations was used as a starting point for the hill climbing optimization.

3.4 Hill Climbing Optimization

The path of the hill climbing optimization is shown in fig. 12. The four starting points are shown as red diamonds,
the optimization path is shown as a black solid line and the maximum power ratio is shown as a green star. One of
the initial points was the point of highest power ratio from the factorial experiment and the other three were chosen
around that with the idea to provide depth in every variable so that the algorithm could search the solution space
effectively. A total of twenty-four simulations were run in this portion of the optimization. The search algorithm
was reinitialized twice due to stalling and each time it was restarted the size of the search was refined around the
highest value from the previous run. The first time the search stalled because the new point had a negative
frequency, and the second stall was because the new suggested point had already been simulated. These are both
very common problems and solutions for this type of optimization. Overall, a 9% increase in power capture was
discovered with the hill climbing algorithm over the highest power ratio found from the factorial experiment with
a final power ratio of 0.8977. The frequency, average angle of attack and amplitude for the highest power ratio
were 0.0065 Hz, 8.6022° and 0.6486°. It is expected to see a power ratio of 1 if the algorithm reaches a frequency
of 0 Hz and an average angle of 8°. However, there is a simulation mismatch that comes from calculating optimal
aerodynamic coefficients with QBlade for the static case and with Ansys Fluent® for the dynamic case.
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Figure 12: Path of hill climbing optimization shown in black. Initial points shown as red diamonds and point of
highest power ratio shown as a green star (The optimization path is only showing the new point for each
iteration)

Hill climbing does not guarantee finding the global maximum and it can end up reporting a local maximum as the
final result because the greedy approach used cannot climb down hills. This is a general problem of any convex
optimization technique [30]. It could get stuck on a local maximum without knowing that there is a higher power
ratio value somewhere else in the solution space. A common method for overcoming this is to restart the search
numerous times in random locations but there was not enough time to do this because each simulation required
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intensive manual input consisting of determining the new waveform equation, rewriting the waveform code,
reinitiating the CFD simulation, and after the simulation, inputting the data into the MATLAB® code to determine
the next search point. However, performing the factorial experiment first allowed for a coarse search of the relevant
solution space where the maximum power ratio value is almost certain to be found, so it is reasonable to believe
that the hill climbing optimization started close to the global maximum. If this is the case, the final point of
maximum power ratio found by this optimization can be considered to be the global maximum. Another
optimization technique known as ant colony optimization was considered but not used because it also requires a
large number of simulations [31].

4 Conclusion

We have explored the opportunity to harvest more power from wind by oscillating the pitch of wind turbine blades.
The study compared, through simulations, the power captured by static pitch wind turbine blades to the power
captured by oscillating the pitch of wind turbine blades. We used CFD analysis combined with BEMT to calculate
the power ratio. For the first stage of the study, it was found that oscillating the blades with a tilted sinusoid
improved the overall performance when compared to oscillating the blades with a sinusoid wave. This was evident
when comparing the lift to drag ratio between the two waveform inputs. For the second stage of the study, an
optimization of the oscillating conditions was proposed. The optimization showed that the overall performance of
the oscillating case was never higher than the overall performance of the static case. For the optimal conditions,
the oscillating blade could only produce 89.77% of the power produced by the static blade. This is mainly because
of the drag forces present in the system and because you have to input extra power into the system to oscillate the
blades.
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Abstract

A load sensing (LS) supply in combination with control valves is one of the most
common solutions for the actuation of implements on heavy-duty mobile machines
(HDMMs). A major drawback of this approach is its relatively low energy efficiency
due to metering losses—especially for multi-actuator operation and load braking. Sev-
eral novel, more efficient concepts have already been proposed but involve high com-
ponent costs for each actuator, which is not acceptable for HDMMs with many ac-
tuators that have a medium to low energy turnover. Therefore, this work proposes
a novel system design which is based on a conventional LS system—for cheap op-
eration of a high number of low-energy-consuming actuators—but allows to avoid
metering losses for single high-energy-consuming actuators by replacing their meter-
ing valves with electric-generator-hydraulic-motor (EGHM) units that work similar to
pump-controlled concepts. The benefits of the novel concept are explained in detail
by looking at the three main throttling functions of an actuator in a typical valve-
controlled LS systems, which the novel concept avoids by applying pressure in the
actuator return lines and recuperating energy electrically instead of dissipating it by
throttling. Furthermore, advantages and challenges for the novel concept are analyzed,
and ways to address the latter are presented. Before the novel concept is simulated,
the required control algorithms are presented. The simulation study in Amesim and
Simulink focuses on a telehandler that utilizes the novel concept for the boom, exten-
sion and tilt actuators. Simulation results show that the novel system can decrease the
required input energy for typical duty cycles by up to 34% compared to a conventional
LS system. At the same time, simulations show that, from an economic perspective,
it seems most reasonable to utilize the novel EGHM units only for the boom and ex-
tension actuators of the studied telehandler.

Keywords: Electro hydraulics, energy efficiency, cost efficiency, heavy-duty mobile
machinery, load-sensing system

1 Introduction

Hydraulics is the state-of-the-art technology for actuating the implements of heavy-duty mobile machines (HDMMs),
such as excavators, wheel loaders, telehandlers or cranes. The main advantages that make hydraulics indispens-
able in this field are its power and force density, robustness, ease of linear actuation, and the low effort for adding
multiple valve-controlled actuators to a single hydraulic supply unit.

On the downside, conventional hydraulic implement systems have the common disadvantage of low energy effi-
ciency. Regardless of the specific type, open-center, negative-flow-control or load sensing (LS), conventional hy-
draulic implement systems achieve motion control by means of valves which lead to metering losses. For multiple
actuators that are supplied by the same pump, the losses are especially high if the loads vary between actuators and
valves need to compensate the load pressure differences by throttling. Such a system still requires energy—under
bad conditions even a lot—when a load needs to be braked and energy could actually be recuperated.

The 17th Scandinavian International Conference on Fluid Power 74
SICFP’21, June 1-2, 2021, Linkoping, Sweden



Even though the low energy efficiency of these systems leads to higher energy consumption, for a long time, it has
been accepted by industry for the sake of low component costs, and more efficient alternatives could only be per-
ceived in academia. However, recently, energy efficiency or emissions, respectively, are becoming more important
for industry since climate change is leading to stricter emission legislation and more extensive political programs
started. An example is the European Union’s Green Deal, which aims at zero net greenhouse gas emissions by
2050 and lists a "Proposal for more stringent air pollutant emissions standards for combustion-engine vehicles" in
its action plan for 2021 [1]. A first approach to meet those new requirements is to design HDMMs that are still
diesel-powered but use hydraulic systems with increased efficiency. A step further, HDMMs can be electrified,
which allows to avoid local emissions entirely and enables zero-emission construction sites that become more and
more common in cities such as Oslo for example [2]. Nevertheless, also for electrified machines, energy efficiency
is highly important since the capacity of modern batteries is still rather limited and high efficient systems are the
only way to achieve sufficiently long operation times.

Accordingly, there is a major interest in the development of new concepts that are more efficient than conventional
valve-controlled systems but still competitive from a cost and performance perspective. So far, a concept that
satisfies all demands is missing. Independent metering, for example, reduces metering losses but does not eliminate
them entirely, and currently available valves do not fully satisfy the needs of such systems [3]. Furthermore, several
concepts exist that can eliminate metering losses entirely and even recuperate energy from braking loads, such as
hydraulic transformers, digital hydraulics, displacement control or electro-hydraulic actuators (EHAs). However,
hydraulic transformer concepts are, so far, not reasonable due to the low efficiency of transformers that could be
formed out of commercially available components [4]. Similarly, several digital hydraulic concepts depend on
high performance valves that are, as well, commercially not available yet [5]. On the other hand, digital concepts
that are based on multi-chamber cylinders proved to be feasible [6], but due to the more complex design the costs
for each cylinder rise. The component costs rise as well for displacement controlled concepts or EHAs since a
separate pump or pump and motor, respectively, is necessary for each actuator. Furthermore, issues with cooling,
filtering, mode-switching, or low stiffness are compromising pump-controlled systems [7].

All in all, a few novel concepts appear more efficient and feasible from a technical point of view, but certain issues
remain and generally the component costs per actuator are increased significantly. This might be acceptable as
long as the reduction in energy costs can compensate the increased capital costs over time— in other words, if the
payback time is short enough. For main actuators with high energy turnover and amounts of braking loads, such as
a boom lift actuators, this might be the case; however, it is very common for HDMMs to have also several auxiliary
drives that have a low energy turnover due to being rarely actuated or having low loads for most of the time. For
those actuators, the potential for saving energy is rather low and increased component costs cannot be justified—
the payback time of novel, sophisticated concepts would be too long. Moreover, many HDMMs traditionally offer
a hydraulic power-take-off for attachments, which is a simple connection to the centralized pump supply on most
conventional machines. For the aforementioned novel concepts, establishing such a power-take-off would require
additional effort. Accordingly, it is advisable to keep up a conventional hydraulic supply, such as an LS pump,
on the HDMM—for auxiliary actuators and flexible power take of— and apply novel concepts only for the main
actuators.

Instead of having two separate hydraulic systems on the same machine, this paper proposes a novel energy-efficient
concept which can be integrated into an existing LS system. That way, conventional valve-controlled actuators are
still compatible with the hydraulic system and, in contrast to typical EHA concepts for example, the novel concept
can benefit from the connected LS supply in terms of actuator stiffness, oil maintenance, handling of large cylinder
sizes and more. In the next section, the novel concept is explained in detail, followed by a section dealing with
the control of actuators that apply the novel concept. Another section is dealing with the simulation model of
a telehandler that was used to compare the energy consumption with the novel concept to the consumption of a
purely conventional LS system. The simulation results are discussed and followed by a conclusion and an outlook
section.

2 Novel System Concept

The main idea of the novel concept is to replace the conventional control valves of single actuators in an LS
system by an electric-generator-hydraulic-motor (EGHM) unit which requires only an additional directional valve
for switching the direction of movement and for load holding. The energy that is conventionally throttled and
lost in the form of heat can be converted into electric energy and reused this way, which leads to a significantly
increased energy efficiency. In Figure 1, the difference between actuators with the novel concept (left side) and a
conventional actuator (right side) can be seen. Any number of novel and conventional actuators can be connected
to the same LS pump, and operation is only limited by the maximum flow that can be provided by the pump.
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Ideally, the energy that is recuperated by the EGHM units is directly used again by the LS pump. Therefore, a
combination of a servo electric machine (EM) and a fixed displacement pump is ideal to form the LS supply, as
it was already shown in [8] or [9] for example. However, conventional variable-displacement LS pumps driven
by internal combustion engines can be used alternatively if an additional EM is attached to support the engine, as

shown in Figure 1 on the bottom right. Accordingly, the novel concept does not rely on a full electrification of the
HDMM, and diesel can remain the primary energy source if desired.

Moreover, Figure 1 shows that the load pressures of each actuator are sensed, transmitted and processed electron-
ically instead of electro-mechanically, which was already described as electronic LS in [10] for example. As a
result, the pump pressure is still controlled in order to reach the maximum load pressure plus an LS margin, but
the margin is defined in the software and can be adjusted, which is necessary for the novel concept as will be
explained in Section 3. Furthermore, it should be noted that the concept is applicable for rotary actuators, such as
an excavator swing, as well, but only cylinders will be discussed in this paper.
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Figure 1: Simplified schematics of LS system including undefined number of actuators with novel concept on the
left side and conventional valve-controlled actuators on the right side

2.1 Replacing Throttling by Electric Braking

In order to understand how the novel EGHM unit can fulfil the control functions of conventional valves and to
analyse under which conditions the efficiency improvement of the novel system is most significant, the throttling

mechanisms of conventional LS control valves are analysed. Three main mechanism can be identified, each related
to one valve in the schematics that are shown in Figure 2a.

2.1.1 Throttling for Speed Control

Next to controlling the flow direction, the flow control valve V1 in Figure 2 controls the actuator speed by metering
the supply flow of the actuator. This is achieved by varying the relative valve spool displacement yy,, knowing
that the flow across the metering edge, in this case Qyp, follows the equation

Qspl = Wvlv " Clv - \2/ Apcir . (1)

cyly depends on the valve geometry as well as fluid properties and can be assumed constant. In order to achieve a
sufficient maximum flow with reasonably large valve sizes and maximum spool displacements, the pressure drop
across the edge Apc must be high enough. Common are pressure drops around 20 bar, which are held constant by
the pressure compensator (V2 in Figure 2) in order to obtain a proportional behavior between actuator speed and

spool displacement. The resulting losses at the flow control valve equal the product of Oy, and Apc and can be
seen in Figure 3a.
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Figure 2: Schematics of two actuators during extension a) with conventional control valves b) with novel EGHM
unit

Contrary to this, the novel concept controls the actuator speed by metering the return flow Qe according to the
equation

1
Oret = ngM * Vinot - ——— , ()

nvol,mot

which includes the speed of the electric machine that is working as a generator ngy, and the constant displacement
of the hydraulic motor Viet. Mvolmot 1S the volumetric efficiency of the hydraulic motor. It may seem that there is
no need for a pressure drop across the EGHM unit because pressure is no part of Equation 2; still, it is advisable
to apply a certain minimum pressure PEGHM.min 10 order to achieve a minimum torque on the EM and improve the
control behavior as will be discussed later. However, the pressure drop across the EGHM unit is transformed into
electric energy which can be reused and is not dissipated like Ap.. Accordingly, the novel concept can always
increase the efficiency at least slightly due to the more efficient speed control mechanism.

2.1.2 Throttling for Pressure Compensation

If two or more actuators with different pressure requirements need to be supplied, the pressure difference between
the actuators must be compensated by control elements in order to keep control of the system. Conventionally, this
is done by a pressure compensator (V2 in Figure 2). The power that is dissipated at this valve equals the product
of supply flow and load pressure difference and can be seen in Figure 3b.

For the novel concept, the EGHM unit fulfils the pressure-compensation function as well. Automatically, the
EM applies a higher torque if the supply pressure is higher than necessary, and the pressure pggpm rises until
the pressure forces at the cylinder are in balance with the load force. The higher torque leads to more electric
energy which can be circulated back to the LS pump. Even though the circulation involves transformation losses,
a significant amount of energy can be saved this way.

The efficiency improvement due to this mechanism is always present during simultaneous operation of an actuator
that applies the novel system and another actuator with a higher pressure requirement. Furthermore, the improve-
ment is most significant for large load-pressure differences and for high flows of the actuator(s) with lower load
pressure, as can be seen by looking at the loss area in Figure 3b.

2.1.3 Throttling for Load Braking

Because the control valve V1 applies meter-in, not -out control, overrunning loads (negative load in Figure 2) bear
the risk of cavitation and loss of control if no pressure can be build up in the return line to brake the load. To prevent
this, counterbalance valves, such as shown in Figure 2a on the B side, can be used or the cross sections of the return
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edges of the directional valve could be reduced. As a result, the actuator can still be controlled by metering the
supply flow, but the pump is still required to apply pressure even though the actuator power is negative.

With the novel concept, the whole load-braking power, which is lost in conventional systems through throttling at
V3 and can be seen as an area in Figure 3c, can be recuperated by the EGHM unit instead. Again, this happens
automatically and can be perceived in the form of a rising pressure pggym and torque of the EM whenever the load
turns negative. This benefit of the novel concept is especially significant for actuators that frequently need to brake
loads at relatively high speeds. However, for market applications, it should be noticed that the EGHM units also
have to fulfil the same safety functions as conventional braking valves, such as load holding/braking whenever the
energy supply fails.

a) b) 9)
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Figure 3: Pressure flow diagrams of one or two valve-controlled actuators (such as shown in Figure 2a) and
shaded power-loss areas that can be reduced with the novel system a) during all operation, b) during simultaneous
operation of multiple actuators, c) during load braking

2.2 Challenges for Novel Concept

The principle of metering the return flow with an EGHM unit might simplify some of the control mechanism
of conventional LS systems, but it leads to new challenges as well, which are discussed here, alongside ways of
addressing them.

2.2.1 Circulation Losses

As explained in the introduction, increased component costs can only be justified by an early payback time, which
is also true for the novel EGHM concept. Ideally, the novel system avoids all metering losses that appear in
the conventional system entirely, but in practice the recuperation and circulation of energy from electric power
to hydraulic power and back to electric power involves losses as well. The hydraulic losses along lines and the
directional valves cannot be neglected, and the efficiencies of hydraulic motor, EM and inverter might be high, but
in sum they will lower the amount of energy that can actually be fed back significantly. Therefore, the novel concept
should only be applied to actuators for which the throttling losses discussed in Section 2.1 would be especially high
so that energy circulation still leads to sufficient savings. Section 4.6 will deal with the detection of actuators that
are suitable for the novel system.

2.2.2 Amplified Pressures

In Section 2.1, it was already mentioned that the novel concept achieves pressure compensation as well as load
braking by applying pressure in the cylinder return line. At the same time, it is possible that the full pump pressure
is applied to the supply side of the cylinder. In this constellation, the hydraulic cylinder with its differential areas
behaves like a pressure transformer, and high pump pressures can lead to much higher return line pressures. The
transformation ratio is equal to the cylinder area ratio

Ap

‘D=£7 3)
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where Ap is the piston-side area and Ap the ring area. In extreme cases, such as for the extension cylinder of the
telehandler which will be investigated later, @ can be as high as 1.9, and Figure 4a shows the pressure conditions
that can appear at this cylinder. If the pump supplies a typical maximum pressure of 250 bar—because another
actuator demands such a high pressure—and flow losses are neglected, the full 250 bar are applied to the piston-
side of the cylinder. Without any load to counteract the pressure force, this results in a pressure of 475 bar in the
return line. Even higher pressures would be obtained if a negative load is applied.

2 v, v,
:‘34—” :‘34—1::0
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Figure 4: Pressure conditions in the novel concept at maximum pump supply pressure, no load and with a cylinder
ratio of ® = 1.9; a) without pressure compensation and b) with pressure compensation. Other flow losses are
neglected

Such high pressures are unacceptable as commercial mobile hydraulic components for this pressure level are not
available. The highest standard mobile cylinder pressure rating that could be found by the authors was 380 bar
[11], which should be the upper limit for the return line pressure. This can be achieved by adding a pressure
compensating valve such as shown in Figure 4b. The valve prevents the recuperation of a part of the surplus
pump power but keeps the pressure in an acceptable range at all times. However, the negative influence on the
energy efficiency is expected to be less significant for cylinders with typical area ratios in the range of 1.3-1.6.
Furthermore, the throttling only appears if the load pressure differences are close to the maximum and the cylinder
is retracting.

2.2.3 Increased Flows

Next to high pressures, high cylinder area ratios also lead to significantly increased return line flows that need
to be handled by the EGHM unit. During retraction, the return line flow is ®-times larger than the supply flow,
and, compared to the LS pump, the hydraulic motors need to be larger or spin faster in order to achieve the same
retraction speeds as a convectional LS system does. However, this issue is not new and well known for other pump-
controlled concepts. In [12], it was proposed to install a proportional bypass valve in order to reduce the amount of
returning flow at the hydraulic unit of an EHA during retraction. Such a bypass valve could be installed in parallel
to the hydraulic motor in the novel concept as well if the high return line flow cannot be handled otherwise. The
downside would be a reduced efficiency during fast regenerative retraction.

2.2.4 Limited Compatibility with Conventional Valves

An important aspect of the novel concept is its compatibility with conventional LS control valves for low-cost
actuation. It should be mentioned that the compatibility is limited to pre-compensated LS control valves, which
can handle a varying LS margin as long as it is high enough. Post-compensated control valves would show an
unstable control behavior if the margin is changing because the LS margin directly relates to the pressure drop
across the metering edge Ap¢, which was discussed in Section2.1.1. However, due to the electronic processing
of the valve control signals, the behavior of post-compensated valves can also be achieved with pre-compensated
valves, as will be shown in Section 3.1.
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2.3 Advantages Towards Electro-Hydraulic-Actuator Concepts

After the elaborations in the previous sections it might be obvious that the novel EGHM concept can perform more
efficiently than conventional valve-controlled concepts, but the last section also showed some challenges on the
component side. Thus, it might seem more straight forward to choose a pump-controlled EHA concept instead of
the novel concept since they usually require less hydraulic and electric machines per actuator and the issues with
energy circulation and high pressures do not apply while efficiencies are high and regeneration is possible as well.
However, the following part lists major benefits of novel EGHM-controlled actuators towards typical EHAs that
prove the relevance of the novel concept:

* A high minimum chamber pressure can be achieved with the EGHM concept. EHAs typically suffer from
low chamber pressures on one side or even cavitation [13]. The chamber pressures define the stiffness of the
cylinder, and a low stiffness is problematic if closed-loop controls are to be applied to the cylinder, which
becomes more relevant with a perceptible trend of HDMM automation [14]. Other researchers addressed
this issue by adding proportional valves to the EHA [15], which introduces extra losses, or by using two
electric motors per actuator [16]. Considering this, the EGHM concept with only one EM per actuator and a
shared EM for the pump appears advantageous.

* No accumulator is needed for the novel system. Most EHAs include accumulators for differential flow
compensation. The required accumulator sizes can be rather large, as discussed in [17], especially for large
cylinders and high flows, which are typical for HDMMs. Thus, the EGHM concept can be used for cylinders
that are too large for most EHA concepts.

* The novel concept is designed as an open circuit. Open circuit pumps show higher efficiencies than those for
closed circuits [18], pump or motor leakages are easier to handle and oil cooling as well as filtering is more
convenient, especially for a single centralized reservoir such as present in the novel concept. Open-circuit
pump-controlled actuators exist as well, but issues with tilting loads and mode switching during movement
were reported [13, 19], which does not apply for the EGHM concept.

* High EM speeds can be utilized in the novel system because the hydraulic unit, in contrast to EHAs, works
solely as a motor. Medium-sized pumps usually have maximum speeds of 2,000-3,000 rpm, but hydraulic
motors such as the Rexroth A2 motor [20], which is used for the simulation model in this paper, can operate
at up to 5,000 rpm. This allows to select a relatively small hydraulic motor and an EM with high speed but
low torque, which is more compact and potentially less expensive than an EM with higher torque and lower
speed ratings.

3 Control of the Novel System

Even tough the novel concept is based on an LS system, the control is not as trivial as the control of conventional
LS valves because many of the functions that were previously covered by valve mechanisms need to be covered
by the control software instead.

3.1 Speed Control

The relations between cylinder flows and cylinder speeds v can be expressed for extension as

Vext=Qgp1-AA=0retAB, @

and for retraction as

Vret=0yp-Ap=0rer-A.- ®)

Ospi is the supply flow going to the cylinder, and Qe the returning flow. Furthermore, it is assumed that the
speed control signal, such as a joystick signal, represents the ratio of desired supply flow for the cylinder to
the maximum permissible supply flow, which is common for conventional HDMM LS systems. Moreover, the
maximum supply flow for each actuator is equal to the maximum pump flow in this study. In this case, the control
software must assure that the sum of required supply flows for multiple active actuators is not higher than the
maximum pump flow. Otherwise, the EGHM could not control the actuator speed and cause cavitation in the
return lines. Accordingly, the control applies the following rule to the operator’s speed control signals y; for each
actuator i out of N actuators in order to obtain the saturated control signals yg,;:
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Q mp,max . N
A 1;i'5act A if Zi:l Yi- Qact,max,i > mep,max
1= s 1

Ysat,i = (6)
Vi otherwise

yi'ZN

The saturated control signals ys,; are used to control the valves of conventional actuators in the system and for
calculating the required speeds of the EGHM units. Also, it should be noted that this control approach leads to the
same behavior which is obtained with a conventional post-compensated system—even though pre-compensated
valves are used. However, the rule could also be changed in order to prioritize certain actuator functions such as
steering.

Finally, Equation 7 combines Equations 2, 3, 4 and 5 and shows how the control signal is transformed into a speed
signal nges for the EMs of each novel actuator:

Ysat Qacl,max “Tvol,mot

Voo s if year > 0 (extension)

Ndes = Ysat*Qact,max P Nyol,mot . : (7)
Tmm", if ygar < O (retraction)

In addition, the directional valves must be switched into extension or retraction position as soon as movement is
required. Moreover, for the control of the electric generators, positive torques are permitted because otherwise
they would cause cavitation when the cylinder reaches its end stops and no more flow can be received from the
cylinder.

3.2 Pump Pressure Control

Because the novel concept is more complex than a conventional LS system, also the calculation of the required
pump pressure has to be adjusted. Three objectives have to be considered:

* The pump pressure should only be as high as necessary in order to save energy.

» The conventional actuators should receive enough pressure to move the load and to apply the pressure drop
Apcr (Equation 1) at the control valve.

* The novel actuators should receive enough pressure to build up at least the required minimum pressure in
front of the EGHM unit (without pressure, the EM cannot apply a torque and control the speed).

Figure 5 shows the signal flow diagram of the control for a system with one novel actuator (index 1) and one
conventional actuator (index 2), which respects all three objectives that are mentioned above.

O— PI Controller Fa“?ng. Rate|
- Limiter
PEGHM,1
Feed Forward ,
: D} max fFomdes,
........................ optional ;

‘Apctr}_T ‘Apline,est}j/

Figure 5: Signal flow for the calculation of the required pump pressure.

The pressure in front of the EGHM unit is detected by a pressure sensor and used as a feedback to control it
in order to reach the minimum required pressure pgGmamin. 1he relation between the pump pressure, which is
adjusted by the controller, and the pressure in front of the unit is highly nonlinear and depends on the direction of
movement and amount of flow. Therefore, the parameter tuning of the controller can proof difficult, especially if the
attached mechanical system has a low damping ratio. The performance can be improved by adding a force feedback
signal, which is done in the following simulation part, but this would also require two additional sensors for a real
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application. Simulations also showed that oscillations of the mechanical system that cannot be compensated fast
enough by the controller lead to pressure spikes close to zero in front of the unit. This may lead to cavitation
and definitely to discontinuous movement since the EM cannot apply torque and control the speed. To prevent
pressures close to zero, pegMH.min Should be chosen high enough as a buffer, and limiting the falling rate of the
pump pressure signal can prevent low pressure peaks caused by the controller as well. On the downside, the rate
limiter leads to a higher average pump pressure and potentially to higher losses which will be shown in Section 4.6.

In contrary to this, for the conventional actuator, it is sufficient to sum up the load pressure, which is sensed by a
sensor at the LS port of the valve; the pressure margin Ap., which is required at the control edge; and a margin
APiine.est that is added to account for flow losses between the pump and the control valve.

Finally, the highest required pump pressure among all actuators defines which pressure is send to the pressure
controller of the pump. This is legitimate since all actuators can handle higher but not lower pressures. However, it
should be noted that those switching as well as saturation effects make anti-windup measures in the PI-controllers
indispensable. For the case that no actuator is active, also a standby pressure pgy, is considered, which assures that
all supply lines remain pressurized for fast response.

4 Simulation Study

After explaining the concept, its characteristics, and the way of controlling it, this section deals with the simulation
study that was done in order to show how much energy-efficiency improvement is feasible with the novel concept
compared to a conventional LS concept. Furthermore, it will be analysed which actuators are most suitable to be
controlled by the novel concept and which should remain valve-controlled. This is done by looking at the specific
example of a telehandler. The different parts of the simulation model will be explained before the results are
presented.

4.1 Telehandler

A 9-tonne telehandler is chosen as the platform for the simulation study because it represents a typical HDMM and
its implements comprise hydraulic cylinders of significantly different sizes and functions. For this study, only the
linear actuators for boom, extension and tilt are considered, which are depicted in Figure 6. However, additional
actuators such as steering cylinders, stabilizers or attachments could also be connected to the LS pump of the
novel system, but it seems unlikely that controlling those with the novel EGHM unit could be economical. The
telehandler is typically equipped with forks or a bucket for load handling. Furthermore, it should be noticed that
the reference telehandler includes compensation cylinders which can be seen in Figure 6 as well. Whenever the
boom cylinders are actuated, the compensation cylinders are moving too, and their hydraulic connection to the tilt
cylinders results in an almost constant fork or bucket orientation during boom lifting and lowering, even though
the tilt is not actively actuated.

Tilt Cylinder

2x Compensation
Cylinder

Figure 6: Mechanical parts and hydraulic cylinders of the modelled telehandler implements

The purpose of modelling the implements of the telehandler is to simulate a realistic load for the cylinders in
the model of the novel concept. In order to do so, a planar mechanical model was created in the Simcenter
Amesim environment, where it can be directly connected to the hydraulic model. Geometry data was obtained
by measurements of the reference telehandler, and inertia data was retrieved through reverse engineering of the
components with a CAD software. The exact piston and rod diameters of the cylinders are known. Gravity is
included in the model, and friction was modelled for the cylinders with a viscous speed-proportional component
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and a constant coulomb component. The friction parameters were adopted from the model of a similar machine
and slightly adjusted according to the different cylinder sizes. The fact that the model was not validated against
measurements of a real version of the telehandler is assumed to be legitimate as only simulation results will be
compared to each other that were obtained with the same model.

4.2 Electro Hydraulics

The whole hydraulic system is modelled in Amesim as well, using the basic libraries. The EMs for the pump and
EGHM units are modelled as perfect torque sources with PI-controllers for pressure or speed control, respectively.
The controllers include maximum torque and speed limitations, anti-windup functions and feedforward terms
of the required flow for the pressure controller or feedforward terms of the load pressure in case of the speed
controller. Parameters were obtained from the data sheets of suitable permanent magnet synchronous motors. A
further description of the controllers is beyond the scope of this paper.

Simulations are done in 5 different setups that are characterized by the choice of actuators that are modelled with
the novel concept or remain valve-controlled:

Setup 0: All actuators conventional (benchmark)

Setup 1: EGHM units for all actuators

» Setup 2: EGHM unit for boom only

Setup 3: EGHM units for boom and tilt

Setup 4: EGHM units for boom and extension

Comparing duty-cycle efficiencies between the different setups will allow to assess which actuator has a high
potential for efficiency improvement with the novel system and which one does not.

The modelled schematics of the novel concept correspond to Figure 4b and the schematics of the conventional
actuators to Figure 2a, with the exception that the counterbalance valves are installed on both cylinder sides for
the boom cylinders and on the piston side only for tilt and extension. Relief valves for the pump and all cylinder
chambers were added as well; otherwise, the overall system design corresponds to Figure 1, but energy recuperation
is only considered in the post processing.

The sizing of the hydraulics was done in order to meet the same performance as the original reference telehandler
with a maximum pump flow capability of 150 ﬁ Each actuator is able to receive the entire maximum pump
flow. The chosen displacements and related maximum speed limits of the hydraulic pump [21] and motors [20]
can be seen in Table 1 and 2. The motors in the novel concept for boom and extension need to be larger than the
tilt motor due to the higher ®, as explained in Section 2.2.3. At the same time, this results in a lower maximum
pressure (set by the compensating valve) for the EGHM units of boom and extension because the torque on the EM
would be too high otherwise. The mechanical and hydraulic efficiencies of all hydraulic machines are modelled
by implementing lookup tables that include reference data from measurements.

Because dynamic performance is of less importance in this study, the mechanical modelling of the valves has
been omitted and mathematical equations without higher order are used to control the opening of single hydraulic
edges, of which one or multiple form the pressure compensating or the directional valves. For the conventional
valve-controlled actuator, the pressure drop characteristics from the data sheet of a Rexroth SB34 valve block [22]
are imitated. The characteristics of the non-metering edges in the same LS valve block have been adopted for the
maximum opening of the directional valve and the pressure compensating valve in the novel concept as well.

4.3 Control

The control of the electro-hydraulic system was implemented in Matlab Simulink according to the equations and
signal flow diagram in Section3. The key control parameters can be seen in Table2. The control blocks for
each actuator are chosen for each setup depending on the concept—novel or valve-controlled. The conversation
between the hardware model in Amesim and the control in Simulink is achieved through discrete co-simulation
with a sample time of 1 ms.

4.4 Duty Cycles

The efficiency performance of the 5 different setups should be compared for a realistic duty cycle in order to
achieve meaningful results. Furthermore, simulating different cycles with varying times of actuation for each
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Table 1: Key Model Parameters

Table 2: Key Control Parameters

Parameter Value  Unit
PEGHM,max,boom/exte 320 bar Parameter Value Unit
PEGHM,max,tilt 380 bar
Vinot,boom/exte 56.6  cm?’ Tmot,tilt, max 5000  rpm
V’ il ' 49 cm? Amotboom/extmax 9000  rpm
‘n/mt’u t 63 CII13 PEGHM,min 20 bar
CD::mp 1.6 - Ppmp,max 250 bar
CI)T'(;m 1 .3 Apline,cst 10 bar
ilt . -
q)exte 19 -

actuator and times of simultaneous operation as well as varying amounts of load braking will tell if the novel
concept can perform better or worse under specific conditions.

The desired cycle movements are traced by a state-flow controller in Simulink, which separates each cycle into
steps. For each step, movement commands are given to specific actuators until a desired position is reached and the
next step starts. At the same time, the controller can increase or decrease the load mass in the telehandler model.
All setups receive the same duty cycle tracing commands and can be compared to each other. The following cycles
are implemented:

4.4.1 Loading with Bucket (Cycle A)

boom stroke = = = extension stroke tilt angle
0.6
5
QE 04r
w
02r
0 ====l=== : : e -60
0 5 10 15 20 25 30
boom ctr extension ctr tilt ctr load mass
1 -
12000 i
/ \ =4,
s O ] 72}
11000 &
g
-1 I I I T ' 0
time [s]: 0 5 10 15 20 25 30
steps: |1 1| | m v v | vi| Vil

Figure 7: Load mass, control signals and resulting movement for duty cycle A

A typical telehandler task is loading a truck or a container with a relatively high opening by dumping material into
the truck or container from above. Buckets with capacities of up to 4,0001 are used to handle loads such as earth or
grain that are picked up from a pile. For the simulated cycle, a full bucket load of 2,500 kg is assumed, which can
still be handled at low to medium extension length without the risk of tilting the whole telehandler. Figure 7 shows
the command signals and resulting movements from the simulation of Setup 1. The smooth curves with only little
oscillation proof the functionality of the novel concept, but further analyses of the dynamics are beyond the scope
of this investigation. The single steps can be described as following:

I: Tilting the bucked up after the telehandler drove into the pile (load is applied) (—driving to the truck/container)
—II: Lifting boom —III: Extending —IV: Starting to tilt bucket —V: Dumping load by tilting, extending and
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lifting simultaneously (load is removed) —VI: Retracting — VII: Return to load, by lowering boom and tilting
bucket back to initial position

4.4.2 High Stacking of Pallets (Cycle B)

For another cycle, positioning a pallet at a high position, such as in a warehouse, is chosen as a task with more
actuation time for the extension cylinder. Two versions of the task are simulated: Cycle B1 simulates the lifting
of a pallet and empty lowering of the boom back to ground, and cycle B2 simulates empty lifting and lowering of
the pallet, which involves more load braking. For the load mass, 1,500 kg, the maximum weight of a EUR-pallet,
is chosen. Again, control signals and modelled movement of Setup 1 are depicted in Figure 8. The steps can be
described as following:

I: Lift boom until fork is at eye level —II: Tilt forks until horizontally —III: Lift boom and extend simultaneously
until pallet is above drop position —IV: Lower boom and drop pallet (weight decreases) —V: Retract while slightly
lifting boom to get forks out of pallet —VI: Get back to drive position by lowering boom, retracting and tilting
forks back

I boom stroke = = = extension stroke tilt angle ‘
20
\

% o
wg \_ 10 —
& \ =

\\/_/Z \ i
\
0 1 1 1 1 l\ _ 1 ()
0 5 10 15 20 25 30 35 40 45
I boom ctr extension ctr tilt ctr load mass ‘
1k 72000
n_ |l | |
AN L 2
=4
> 0 - —h— 11000
s
-1 | | | | | 1 e — 10
time [s]: 0 5 10 15 20 25 30 35 40 45
steps: | 1 |1 I v | v | vi| von |

Figure 8: Load mass, control signals and resulting movement for duty cycle Bl

Cycle B2 differs only slightly from the reverse cycle B1 in the way the pallet is picked up or dropped. Therefore,
cycle B2 is not further described here.

4.5 Energy Analysis

In order to analyse the overall efficiency of the 5 different setups, the mechanical speed and torque of the pump and
the the hydraulic motors in the novel concept are recorded and transformed into electric power input and output
in the post processing. The transformation involves an assumed inverter efficiency of 1,y = 98%. The value is
assumed constant and adopted from [23], even though the inverter in this publication would be too small, but no
specific parameters of larger inverters could be found. The efficiencies of the EMs (ngnm) are considered by lookup
tables that were obtained from lumped parameter simulations of an permanent magnet synchronous machine. The
parameters for the simulation were obtained from data sheets of EMs with matching torque and speed capability.
Accordingly, the electric input power can be calculated as

1

NEM(n,T) * Tinv ’

®)

Perin =27 - Mpmp * Tpmp *

and the electric output power of all N EGHM units as
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N

Pel,out = 2 Nmot,i * Tmot,i . nEM(n,T) *Ninv- )
i=1

Finally, the required electric energy for the whole cycle can be calculated in the following way:

Tend

Eel,in = 0 Pel,in — Iel,out dt (10)

The fact that it might be necessary to store some parts of the recuperated energy temporarily in an electric storage
whenever Py oy is higher than Py, is neglected here. This is justified by the relatively high charge and discharge
efficiencies of modern batteries and supercapacitors.

4.6 Results

The results of the simulations and post-processing are the amounts of electric input energy Eg i, that are required
for each setup to complete the different duty cycles—in other words, the energy consumption. Those values can
be seen in Figure 9 alongside a visualization of the amounts of energy that are circulated and recuperated with the
novel EGHM units. The energy amounts are normalized with reference to the required energy for Setup O in each
cycle, which was 473.6 kJ for Cycle A, 744.7 k] for Cycle B1 and 533.2 kJ for Cycle B2.

recuperation/circulation
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Figure 9: Electric energy consumption for each setup and cycle as well as energy that is circulated and recuperated
by the novel EGHM units (the reference energy for each cycle is the energy required by the conventional Setup 0)

Figure 9 shows that applying the novel EGHM units to all three actuators can lead to significant reductions of the
required energy. For cycle A, 12.9% are rather small, while 27.7% for B1 are remarkable and 31.7% for B2 even
higher. The differences are most likely caused by the fact that the cycles B1 and B2 involve higher lifting and
thus more potential for load energy recuperation than Cycle A. Because B2 involves lowering of the loaded forks,
the potential of this cycle and thus the energy reduction is the highest. The influence of simultaneous operation,
which was discussed in Section 2.1.2, can hardly be judged here since all cycles contain similar amounts of serial
or simultaneous operation of the different actuators.

Furthermore, by comparing the energy bars of the different setups within one duty cycle, more statements can
be made. Utilizing the novel EGHM units for all actuators (Setup 1) seems to yield the highest improvements,
except for Cycle B2 which favors Setup 4. For this cycle, controlling the tilt cylinder with conventional valves is
actually more efficient than using the EGHM unit. The reason might be the increased pump pressure caused by
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the EGHM pressure controller which is further discussed at the end of this section. Furthermore, the tilt is only
moving a little in the cycles B 1 and B 2; thus, there is not much potential for load energy recuperation, which
is different for Cycle A. For this cycle, the improvement due to the novel boom actuator is most significant (see
Setup 2) but a novel extension actuator (difference between Setup 4 and Setup 2) as well as a novel tilt actuator
(difference between Setup 3 and Setup 2) contribute a decrease of energy of around 3% as well. For cycles B 1
and B 2, on the other hand, the contributions of a novel boom actuator and a novel extension actuator are almost
the same and both between 11-16.8%. Thus, it seems reasonable to apply the novel EGHM units in any case for
the boom cylinders and also for the extension cylinder if B 1/B 2-like duty cycles are common. However, the tilt
actuator should remain valve-controlled. This reduces component costs but still yields a significantly improved
energy efficiency.

Moreover it can be noticed, that the stacks of the grey and yellow bars in Figure 9 are higher for the Setups 1-4 than
for Setup 0. The stack of the grey E.in bar and the yellow recuperation/circulation bar corresponds to the energy
which is transmitted by the EM of the pump during the cycle. It is increased by the novel EGHM units because
their pressure controllers (depicted in Figure 5) include a pressure falling rate limiter, which increases the average
pressure and thus power as well as energy of the pump. Since the increased pressure leads to more circulation
losses for the EGHM units and more throttling losses for conventional valves in the system, this effect is assumed
to have a significant impact on the overall efficiency of the novel systems. If the pressure controllers for the EGHM
units could be improved and lead to lower pump pressures, this would earn the novel concept a further advantage
towards conventional systems.

5 Conclusion and Outlook

This paper proposed a novel more efficient concept for the control of actuators in LS systems by means of units that
combine an electric generator with a hydraulic motor. An analyses of the throttling losses of conventional control
valves could show how the novel concept can avoid these and under which conditions. Using this knowledge, it
can be estimated how significant the potential of efficiency improvement for a certain actuator on an HDMM is.
Furthermore, simulations of three different characteristic implement work cycles of a telehandler could quantify
the amount of energy that can be saved with the novel concept compared to conventional purely valve-controlled
concepts.

The highest reduction of 34% could be achieved with a combination of valve-controlled tilt actuator and EGHM
units for boom and extension. This shows how a significant efficiency improvement can be achieved by applying
electro-hydraulic elements to single actuators with high energy turnover while the system remains compatible for
conventional valve-controlled actuators.

In next steps, the concept could be applied to other common HDMMs and simulated as well in order to see if
the results differ from the observations of the telehandler study in this paper. Moreover, the pressure control for
the EGHM unit could be further improved and impacts on the efficiency as well as machine dynamic and control
stability could be analysed. A step further, experiments with real HDMMs could validate the simulation results
and confirm the relevance of the novel concept. Simultaneously, the additional component costs of a system with
EGHMs compared to a conventional LS system could be estimated as well as the approximate amortisation time.

This project has received funding from the European Union’s Horizon 2020 research and innova- £
tion programme under the Marie Sktodowska-Curie grant agreement No 858101
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Acronyms
EGHM electric-generator-hydraulic-motor
EHA electro-hydraulic actuator
EM electric machine
HDMM heavy-duty mobile machine
LS load sensing
Nomenclature
Index Denotation
A at piston side of cylinder
act for an actuator
B at rod side of cylinder
boom for boom actuator
ctr for control
Designation Denotation Unit des desired value
EGMH for EGHM unit
E energy Ws .
F force N el electric
. EM for electric machine
n rotational speed rpm .
. est estimated value
N number of actuators in - .
ext for extension
system .
exte for extension actuator
)4 pressure bar . .
i for counting of actuators
P power W . .o
3 inv for electric inverter
0 flow m°/s
. . L related to load
s cylinder displacement m . .
line for hydraulic line
T torque Nm .
. max maximum value
v linear speed m/s . .
. min minimum value
Vv displacement of hy- ccm .
. . mot for hydraulic motor
draulic machine .
. pmp for hydraulic pump
y control ratio - .
. . req required value
D cylinder area ratio - .
. . ret at return line
n efficiency ratio - .
rtr for retraction
sat satturated value
spl at supply line
stb standby
tilt for tilt actuator
vlv valve specific
vol volumetric
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Abstract

Excavators are one of the commonly used types of hydraulic machines in earth moving
operations. The material handled is often transferred by dump trucks having a pay-
load capacity that should not be exceeded. Payload monitoring systems are needed
in order to prevent the possible problems during the delivery, increase the work effi-
ciency, reduce the cost, and obtain the product information automatically without the
requirement of truck scales. In this study, we propose a novel approach to estimate
the load weight in the bucket of the excavator when the machine links are in motion.
We consider the excavator as a three-revolute joint manipulator in vertical plane with
the boom, the stick, and the bucket links. We rewrite the dynamic torque equations
in a decoupled form as the linear combination of dynamic parameters and functions
of joint angles, velocities, and accelerations. We perform least squares estimation
to identify these parameters allowing us to predict the no load joint torques for any
configuration of the links. We show that the most accurate torque prediction is the
difference between the boom torque and the stick torque. We then derive the rela-
tion between the joint torques with and without the load, which are functions of the
dynamic parameters. Using these equations, we can estimate the load weight. The
relation becomes simpler when the links are stationary, since only the gravitational
parameters remain present in the torque equations. The relation in dynamic case re-
quires the parameters of the polar coordinates for the center of gravity of the bucket
and we show that these parameters can be estimated with the knowledge of the empty
bucket mass. We summarize our findings on load weight estimation for different cases
including stationary poses and dynamic trajectories on free space and discuss the res-
ults. Although the friction is neglected throughout the modeling, the results obtained
indicate that the effect of the static friction plays an important role in the accuracy of
the estimated payload mass. We show that our dynamic model based solution is very
promising, and exhibit only 2% error for high enough velocities.

Keywords: Load weight estimation, payload estimation, dynamic parameter estima-
tion, hydraulic machine, excavator

1 Introduction

Excavators play a significant role in variety of work sectors such as construction industry, mining, forestry activities
and agriculture. The weight of the payload on the dump trucks has to be measured since each truck has a payload
capacity that should not be exceeded for safety reasons. However, the use of truck scales increase the cost, and
they are not always available in every kind of work sites. Therefore, there is a need for payload monitoring systems
for excavators, in order to increase the work efficiency, lower the operational cost, and eliminate the need for truck
scales and automatically calculate the amount of work done. [1].

Different research works have been done in order to develop such payload monitoring systems for different hy-
draulically operating machines. There are existing methods proposed for wheel-loaders that use a neural network
approach [2] or generate the dynamic model of the wheel loader [3]. Also, there are algorithms developed for mini
excavators [4] and excavators [1,5-8].

A research on available payload estimation systems for excavators have been presented in [9] and stated that the
load weight is calculated by making a linear interpolation using a map consisting of the data with two different
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load weights on a pre-defined range of motion. A method based on the static parameters of the dynamic model
of the excavator is developed in [4] for stationary poses. An analytical approach for payload estimation has been
presented in [8] for simulation environment and it is validated on a real excavator in [7].

In order to identify the dynamic parameters of the dynamic model of the excavators, the structural similarity of
the excavators to the serial link robot manipulators has been benefited. Since the excavator links, the boom, the
stick, and the bucket operate with the help of hydraulic actuators, change in the joint angles have been described
as functions of the linear displacement in these hydraulic actuators [10].

Problem of parameter estimation on excavators has been studied in different research works. Inertial parameters
are identified by making use of the dynamic model of the excavator with the displacement measurements of the
hydraulic cylinders and pressure readings in [11]. The link parameter values and friction terms have been estimated
in [12]. The dynamic parameters, gravitational parameters and Coulomb & Viscous friction parameters were
estimated in [4, 13, 14] as these parameters are necessary to develop weighing algorithms.

In this paper, a load weight estimation method is developed. The problem is divided into two parts as static
estimation and dynamic estimation. The static approach that is developed using a mini-excavator in [4] is tested
using a larger scale Komatsu 138PC-US8 excavator and the results show that the effect of static friction has a
significant effect on the estimated load masses. The dynamic weighing algorithm is developed assuming that
the bucket’s center of gravity is independent from the variable load weight in the bucket. The method proposed
requires the dynamic parameter estimation process so that the no-load torque values could be predicted accurately
as these predictions were needed in order to estimate the load mass.

The structure of this paper is as follows. Machine instrumentation is explained in the section 2 and the dynamic
model of the excavator is derived in the section 3. The static estimation and dynamic estimation and the results
obtained are discussed in the sections 4 and 5, respectively. Finally, the conclusion is given in the section 6.

2 Machine instrumentation

A Komatsu PC138US-8 excavator was used in data collection for this research. The CAD model of the excavator
can be seen in the figure 1 below. The excavator is taken into account as a three-revolute joint manipulator in
vertical plane with the boom, the stick and the bucket links. There are four IMU sensors installed on the cabin
frame, the boom link, the stick link, and the bucket that is the end-effector in order to measure the angular position
and angular velocity values of each link. The angular position measurements of each link are recorded with respect
to the previous link. In other words, angular position of the bucket is recorded with respect to the stick, angular
position of the stick is recorded with respect to the boom, and angular position of the boom is recored with respect
to the cabin frame. Furthermore, there are two pressure sensors located in each hydraulic cylinder. Therefore, there
are six pressure sensors used in total, to measure the pressures inside the chambers and to calculate the actuator
forces. All the sensors used operate at frequency of 200 Hz.

The boom, stick and bucket angular positions are shown in the figure 1 as 6,, 83, and 6y, respectively. The constant
angles ) and B, are used to calculate the joint variable ¢, and the constant angles 3 and B4 are used to obtain
the joint variable g3. The constant lengths L;; and L, from boom joint to the both ends of the hydraulic actuator
are used together with the joint variable g, in order to obtain the actuator length z,. Similarly, the constant lengths
Ly and Ly, are used together with the joint variable g3 to calculate the actuator length z3. The actuator lengths
are used in calculation of cylinder Jacobians that is needed for calculating the torques exerted in each link. Since
the IMU sensor on the bucket was located on the dog bone, obtaining the joint variable g4 from the joint angle 6,
is more difficult. The dimensions of the four-bar linkage were needed in order to convert the joint angle 6, to the
joint variable g4. Note that the index 1 is reserved for the cabin frame which is kept outside the scope of this study.

Torque calculation from the pressure readings and cylinder jacobians that are obtained using the angular position
measurements has been discussed in [1].

The simplest schematic diagram of the excavator is illustrated in the figure 2. The boom torque, the stick torque,
and the bucket torque are represented as 7, 73, and 74, respectively. The parameters o; and r; are the polar
coordinates of the center of gravity (cg;) of link i. The angular position of the links are 6, for the boom, 6,3 =
6, + 05 for the stick, and 6,34 = 6, + 05 4 04 + ¢ for the bucket with respect to the horizontal plane, where c is a
constant angle, that is shown in the figure 1, used in order to map the bucket angular position measurement to the
bucket tip. Derivation of the constant angle c is discussed in [1].

3 Dynamic model of the excavator

Excavators are hydraulically actuating manipulators. Excluding the cabin frame from our research, and assuming
that the tiltrotator is only a series of offsets and nonfunctional, the excavator can be considered as a planar three-
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Figure 1: Excavator CAD Model [1]

revolute joint manipulator [13].

The following equation (1) describes the dynamic model of a robot manipulator [6, 15-17]:

7=D(0)0+C(0,0)0 + G(0) (1)
Where,

* 7 is the joint torque vector,
* O is the vector of joint angles,

* D(0) is the inertia matrix,

C(©,0)0 is the vector of Coriolis and centrifugal terms,

G(0O) is the gravity torque vector.

As pointed out in [17], the torque equation (1) can be written as the linear combination of dynamic parameters that
are assumed to be constant, 7, and a matrix of functions of joint positions, velocities and accelerations ¥ (@, 0,®):

T=Y(0,0,0)r (2)

Neglecting the friction, we can assume that the system is conservative, i.e. the summation of kinetic energy and
potential energy is constant, and keeping the cabin frame stationary, the torque equations (3) were obtained using
Euler-Lagrange method [13, 14]:
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Figure 2: Excavator schematic diagram [13]

T4 = (Ipy +Mb,,ri) 6234 + My, arr4[Brc0s(034 + 0tg) + 922sin(934 + o))
+ My,azra[03cos(04 + o) + 9223sin(94 + 04)] + Mp,gracos(6234 + Q)
T3 = Ty + (Iy + My 13 + Mp,a3 ) 23 + My,a2a3(82c05(63) + 67sin(65))
+ Mip,a374]0234 (04 + ay) — 833451 (04 + 04)]
+ Mgayrs[6rcos(05 + 03) + 03sin(65 + 03)]
+ My, gazcos(023) + My gricos(6x3 + 03)
T = T3 + [Ipo + Mpors + (My + My, )a3)65
+ Myaor3[623c05(03 4 a3) — 0355in(65 + 03)]
+ My,aza3(623c05(05) — 035sin(63)
+ Mipazr4]6234¢05(034 + o) — 035,5in(634 + 04)]
+ (Mpy + Myt )gazcos(62) + Mpogracos(6, + az) 3)
Where Ip,, Iy, and I, are the moments of inertia of the boom link, the stick link, and the bucket link, respectively
and the parameters Mp,, My, and My, represent the masses of the boom link, the stick link and the bucket link,
respectively. The parameter a; is the linear distance between the boom joint and the stick joint. Similarly, the

parameter a3 is the linear displacement between the stick joint and the bucket link, and the parameter a4 is the
distance from the bucket link to the bucket tip.

4 Static estimation of the load weight

The torque equations given in the equation (3) are reduced to the following equation (4) when the machine links
are stationary, i.e. all the velocity and acceleration terms are set to zero:

T4 = Mpugracos(6234 4 a4)
T3 = T4 + Mp,gazcos(603) + My gricos(6x3 + 03)
T = T3+ (Mpy + My )garcos(62) + Mpogracos(6, + o) “4)

We rewrite the static torque equation (4) above in the decoupled form, that is the torque difference of the two con-
secutive joints and benefit from the well-known trigonometric identity, cos(ot+ f8) = cos(@)cos(B) — sin(at)sin(B),
and obtain the following equation (5):

T4 = My, gra[cos(634)cos(0ts) — sin(O34)sin( )]
T3y = T3 — Ty = Mpygazcos(6023) + M gri[cos(023)cos(az) — sin(63)sin( )]
T3 =T — T3 = (M, + My ) garcos(605) + Mpogra[cos(0:)cos(a) — sin(6;)sin(05)) 5)
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The equation (5) can be converted into matrix form as stated in the equation (2):

T1
T4 605(9234) —sin(6234) 0 0 0 0 752
sl =g 0 0 cos(6r3) —sin(623) 0 0 73 (6)
™3 0 0 0 0 cos(0;) —sin(6,) Tsd
Tss
Ts6
‘Where the vector [ﬂrsl Ty T3 Teq  Tes 7556] T is named as the vector of gravitational parameters, 7:
Tl Mbul’4COS((X4)
T2 My, rasin( o)
oo |3 — Mpyaz + My r3cos(as) 7
¥ T4 Msfr3sin(063)
s (Mpy + My )az + Mporacos(on)
Thy6 My,rasin(on)

Note that the equation (6) is linear in the gravitational parameters. Once the torque vector [14, T34, Tzﬂ is obtained,
the vector of gravitational parameters, 7, can be found using Least Squares Estimation (LSE) as explained in the
section 4.1.

The pressure readings have been used to calculate the force (F) exerted on each hydraulic actuator using the relation
F = PlA| — PA;, where Py and P> are the pressures in chamber A and chamber B of the hydraulic cylinders and
Aj and A; are the cross-sectional areas of chamber A and chamber B, respectively.

The torque values for each joint has been calculated with the multiplication of the forces and cylinder jacobians.
Figure 3 visualizes the constant ; and f, angles that are used to calculate the boom joint variable, ¢, together
with the measured boom angle, 6, the constant lengths from boom joint to the both ends of the hydraulic cylinder
are represented as Ly and L, that are used to calculate the length of the actuator, z>. The equation (8) shows the
calculation of the boom cylinder jacobian, Jp,. Similarly, how the stick cylinder jacobian and the bucket cylinder
jacobian are derived can be seen in [1].

Figure 3: Boom joint angle and joint variable [1]
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@=Pp+p+6

2= \/L%l +LY, —2L11 Lixcos(qz)
dz _ LulLnsin(ga)

Jpo = 8

bo a6, “ ( )

After obtaining the torque values, the gravitational parameters can be found using the following equation (9):
n=(Y(©)'Y(®))"'Y(©)'* ©)

Where Y (®) is the regressor matrix, and defined as follows:
cos(6r34) —sin(6r34) 0 0 0 0
Y(@)=¢g 0 0 cos(023) —sin(623) 0 0 (10)
0 0 0 0 cos(0,) —sin(6)

4.1 Static parameter estimation

The estimation of the gravitational parameters that are given in the equation (7) allows us to predict the torque
values in decoupled form, when the bucket of the excavator is empty.

In order to obtain the gravitational parameters, a training data set consisting of 38 different static postures of the
machine links has been collected. In the data set, angular positions of the boom link, the stick link and the bucket
link has been recorded together with the pressure readings of the hydraulic cylinders.

After gathering the data and making use of the equation (10), the gravitational parameters are estimated as given
in the table 1.

Table 1: Estimated gravitational parameters

Parameter Estimated Value (kgm)

1 189.85
T 318.80
T3 2753.27
T 132.33
s 8297.89
T 1156.44

As can be seen from the table 1, all of the parameters are found to be positive, as expected.

The estimated gravitational parameters have been tested on a test data set consisting of 19 different static postures
that are different than the ones in the training data set. The mean absolute percentage value of the error (MAPE)
in the predicted torque values are reported in the table 2 below:

Table 2: Accuracy of predicted no-load torque values

Predicted Torque = MAPE

T4 40.98%
T34 10.25%
T3 8.31%

From the results presented in the table 2, we conclude that the most accurate torque prediction is 7,3, that is the
difference between the boom torque and the stick torque. The highest error has been obtained for the bucket toruqe,
T4, and the possible reasons of the error are listed below:

» The effect of static friction is more dominant compared to other torque values,
* The test data of the bucket angular measurements exceeds the range of the ones in the training data.
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4.2 Load weight estimation using the gravitational parameters

For an arbitrary mass in the bucket of the excavator, M, the static torque equations given in the equation (5) can be
rewritten by replacing My, with M, + M and the following equations (11) can be obtained:

T4 = (Mpy + M) gracos(6234 + Qis)
T34 = (Mpy + M)gazcos(623) + My grscos(623 + 0t3)
T3 = (Mpy + M + M) garcos(62) + Mporacos(6 + o) (11

These torque equations given in the equation 11 are valid for any value of the load in the bucket and can be written
as the summation of the no load torque and the torque due to the load in the bucket as stated in the following
equation (12) [4]:

T4, = Tay, +Mgr4cos(6234 +oy)
T34, = T3ay, +Mgazcos(6a3)
T3, = T3y, —l—MgazCOS(ez) (12)

In the equation (12) above, the subscript NL represents the no load torque value and the subscript L denotes the
torque with the load. We can predict the no load torque values by making use of the estimated gravitational
parameters. In the light of the results presented in the table 2, the most suitable torque equation is the difference
between the boom torque and the stick torque, 7»3. We can predict the value of 7,3 by making use of the last two
elements of the gravitational parameter vector, 75, and 7y and solve the equation 12 for M as in the equation (13)
below [4]:

T23L - TZ3NL

M =
garcos(0y)

(13)
In order to validate the usability of this approach presented above, we collected data sets with two different refer-
ence load masses that are 250 kg and 500 kg. The collected data sets have 37 different static postures for 250 kg
and 42 different static postures for 500 kg. The results of the estimated load weight are presented in the table 3
below:

Table 3: The results of static load weight estimation using the estimated gravitational parameters

Load Weight MAPE  Standard Deviation

250 kg 13.98% 13.56%
500 kg 9.42% 6.78%

The possible sources of the error are listed below:

» The static friction is kept outside of this study and the static friction might be different even for the same
static posture with different load weights in the bucket.

e The accuracy of the predicted no load torque is directly related to the gravitational parameters. Increasing
the number of static postures in the training data set and covering more parts of the excavator’s working
space would result in better no load torque estimations; therefore, the error in the load weight estimation
would be lowered.

* The used reference loads are concrete blocks. Thus, the load is not uniformly distributed in the bucket.
The position of these concrete blocks in the bucket might have an affect on the pressure readings and the
measured torque value, 73, in the equation (13) might change.

5 Dynamic estimation of the load weight

The dynamic torque equations given in the equation (3) can also be written in the decoupled form and using the
well-known trigonometric identities cos(a + ) = cos(at)cos(B) — sin(a)sin(B) and sin(o.+ B) = sin(o)cos(B) +
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cos(a)sin(B), we can write the dynamic torque equations in matrix form as done in the equation (14). Note that

the equation is in the form of T = Y (®,®, ®)x as mentioned in the equation (1).

T4 you 0 0 yu y5 O O 0 O
AT = | T3y =10 yn 0 yu yss y6 y7 0 0
23] 3x1 0 0 ys3 ys ys5 ¥y Y37 Y38 Y3939

Where the subscripts s and d stand for static and dynamic parameters, respectively, and

yi1 = 9234

Tta1
a2
43
Th1
TTs2
53
Tts6
Tss

76 |

V14 = a262c05(034) + a2 03 5in(034) + a3 623¢05(04) + a30%5in(604) + gcos(634)

yi5 = —agégsin(934) +02922C0S(934) —as ég3sin(64) + a3 9223COS(64) — gsin(6234)

y22 = 023

V24 = a30234c05(0y) — a303,5in(6y)

V25 = —a30%,5in(04) — az30%,c0s(6,)

V26 = a26hc05(63) + az03sin(63) + gcos(623)
V27 = —a2055in(603) 4 a2 03 cos(03) — gsin(6s3)
y33 =6,

V34 = ar6r34c05(034) — a292234sin(634)

V35 = —azbh3ssin(034) — ar033,c05(6034)

V36 = a2623¢05(63) — a2 03;sin(63)

Y37 = —azB3sin(603) — ay0%cos(63)

y38 = gcos(62)

y39 = —gsin(6,)

(14)

15)

It can be realized from the parameter vector () that one dynamic parameter (7 ,) is introduced for each torque

equation and the parameter vector is given in the equation (16) below.

(741 ] I Ty + My, 12 1
T 1+ Myr3 + Mp,a3
a3 Lo+ Myor3 + (Mg + My, )a3
Ts1 Mbur4cos(064)

T= |7y | = Mbur4Sin(a4)

T3 My,a3 + Mg r3cos(03)
56 Mstr3Sin(a3)
Ts5 (Mhu +Mst)a2 +M},(,r2COS(a2)

[T | | Mp,rasin(0n) |

(16)

The torque values have been obtained using the pressure readings and angular position measurements of the ma-
chine links as described in the section 4. After constructing the regressor matrix ¥ (0, ®, 0) it is possible to estimate

the dynamic parameters using Least Squares Estimation as explained in the section 5.1.

5.1 Dynamic parameter estimation

In order to perform the dynamic parameter estimation using the Least Squares Estimation method, five different
data sets with empty bucket over the similar trajectories have been collected. In order to avoid the contact force

between the bucket and the ground, the trajectories have been generated on free space.
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One of the five data sets have been used for estimating the parameters given in the equation (16), and the other
four data sets have been used to compare the predicted torque values that are found using the estimated dynamic
parameters with the actual torque values.

In order to construct the regressor matrix ¥ (®,®,®), the angular velocity and the angular acceleration values of
the boom link, the stick link, and the bucket link are needed as can be seen in the equation (15). Due to the
practical limitations, the angular acceleration values could not be recorded; therefore, these values were needed
to be estimated. Using a polynomial fitting approach, the angular acceleration values have been estimated. The
smoothing splines method have been utilized in MATLAB in order to fit the piece-wise polynomials on the angular
position data and the angular velocities and angular accelerations have been found by taking the derivatives of the
fitted polynomials. Once the angular velocity estimations matched the angular velocity measurements, the angular
acceleration estimations have been assumed to be correct.

The root-mean-squared error (RMSE) values for each link are reported in the table 4 below.

Table 4: Root-mean-squared error values for estimated angular velocities

Estimated Angular Velocity RMSE (deg/s)
Boom velocity 6 0.33
Stick velocity 03 0.35
Bucket velocity 6234 0.34

After estimating the angular velocity and angular acceleration values for all the links with acceptable error rates,
the regressor matrix Y (®,0,®) has been constructed and the parameter estimation has been performed on the
torque difference between the boom joint and the stick joint, 7,3 that is given in the equation (17) below.

[ . éz . 1T Ib()+Mb()r%+(Mst+Mbu)a% 1
aj 9%34605(934) —ap 9534sin(634) Mbur4COS(OC4)
—apOr345in(634) — ap 92234COS(934) My, rasin(0ty)
T3 = a>Bx3c05(03) — a29223sin(93) Mpyaz + My r3cos(a3) (17)
—a63sin(63) — a29223cos(93) Myr3sin(og)
gCOS(Qz) (Mb14+Mst)a2 +Mb0r26‘0S(a2)
L —gsin(6;) 1 L M;,(,rgsin(az)

Parameter estimation has been performed over 10 seconds of a time interval on one of the five dynamic trajectories.
In other words, 2000 data samples have been used. The values of the parameters given in the equation (17) have
been found using the formula given in the equation (18), and listed in the table 5 below.

n=(Y(0,0,0)77(0,0,0)) 'Y (0,0,0) n; (18)

Table 5: Estimated values of parameters appearing in the dynamic torque difference between the boom and the
stick

Parameter Estimated Value  Unit

3 28827.71 kgm?
T 298.04 kgm
T 592.86 kgm
T3 8228.37 kgm
o 2571.05 kgm
s 8927.32 kegm
T 1386.54 kegm

Note that all the parameters given in the table 5 above are positive, as expected. It is possible to predict the torque
difference between the boom and the stick, 7,3, for any position, velocity and acceleration values of the excavator
links. Note also that the estimated gravitational parameters are not the same with the results obtained in the static
estimation that is discussed in the section 4.1. Since the static friction is eliminated in the dynamic estimation of
the parameters, the results of torque predictions on dynamic trajectories are more consistent. In order to check the
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reliability of these parameters, the torque values of the remaining four data sets have been predicted and compared
with the actual torque values that are calculated based on the pressure readings and angular position measurements.
The mean-absolute-percentage-error (MAPE) values of torque predictions for each data set are listed in the table

6.

Table 6: Accuracy of predicted dynamic no-load torque values

Predicted 1,3,, MAPE
Data set #1 4.20%
Data set #2 5.24%
Data set #3 5.67%
Data set #4 3.85%

The predicted torque values have an error around 5%, meaning that the parameters given in the table 5 estimated
accurately. Figure 4 illustrates the predicted torque values together with the actual ones.
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Figure 4: Measured (—) and predicted (- - -) torque values

5.2 Load weight estimation using the dynamic parameters

Assuming that the bucket center of gravity is fixed and does not change depending on the variable load weight in
the bucket, the dynamic torque equation representing the difference between the boom torque and the stick torque,
T3, can be obtained by replacing My, with My, + M where M is the arbitrary load mass in the bucket as given in
the equation 19

— T3, = 3, = [lbo + Mpor3 + (Mt + (Mpy + M)a3)16
+ Mgasr3[623c05(03 4 03) — 0335in(605 + 03)]
+ (Myy + M)azas (623c05(63) — 0555in(63)
+ (Mpy + M) azrs[6r34¢05(634 + 0tg) — 035, 5in (034 + )]
+ (Mpy +M + My )garcos(60:) + Mp,gracos(62 + o)

(13

19)

The equation (19) above can be rearranged as the summation of the no load torque and the torque due to the load
weight in the bucket. The resulting torque equation is given in the equation (20) below.

99
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T3, = T3y, —|—Ma%92 —|—Ma2a3(é23cos(63) - 9223sin(63))

+ Mryar 0r34c05(034 + a4) — Mraaz 92234sin(934 + 04) + Mgaycos(6;) (20)

The torque value with the load (7,3, ) in the bucket is calculated using the pressure measurements from the cylinders
and the angular position measurements of the links, as discussed earlier. Furthermore, the no load torque value
(T23,,) can be predicted for the same angular position, velocity and acceleration values. Then, M can be found
using the difference between 7»3, and 7»3,, as stated in the equation (21) below [1].

T3; — T3n1

M= :
a3y33 + racos(0)ysa + rasin(0)yss +asyse + gazcos(62)

21

Where the parameters y33, y34, ¥35, and y3¢ are given in the equation (15).

It should be noted that the polar coordinates of the bucket center of gravity, r4 and 04 that can be seen in the figure
2 are needed in order to estimate the payload mass in the bucket that is given in the equation (21) above. Estimation
of these parameters is discussed in the section 5.2.1.

5.2.1 Estimation of the polar coordinates of the bucket center of gravity

In order to estimate the polar coordinates of the bucket center of gravity, one can use the second and the third
elements of the dynamic parameter vector that is described in the equation (16), 7, and 7, together with the
mass of the bucket and tiltrotator assembly. Knowing the fact that the bucket-tiltrotator is 750 kg, the parameter
oy can be found taking the inverse tangent of the division of 7y to 7y gives us the parameter ¢4 as shown in the
equation (22) below.

oy = tan~! (m) 22)
Tls1

Once the value of 04 is obtained, the parameter r4can be found using one of the following relations given in the
equation (23) below.

1
rqp = -
+ Mp,cos(0y)
T2
— 23
4 My, sin(0) 3)

Once the values of the parameters o4 and r4 have been obtained, it becomes possible to estimate the load weight
in the bucket using the equation (21) above.

5.3 Collected data sets and the results

In order to find out the usability of the method developed, five data sets with 318 kg reference load and five data
sets with 618 kg reference load have been collected using similar trajectories on free space. The mass estimation
formula given in the equation (21) has been used for every sample in the used data sets and an array of mass
estimation is created and the mean value is reported as the final result of the estimated load weight.

Three scenarios have been generated and the load weight estimation has been performed in each scenario that are
listed below:

» Load weight estimation over five seconds of time intervals where the machine links have velocities higher
than 2 deg/s in magnitude.

* Load weight estimation using the dynamic parts of the data sets, i.e. the data samples when the machine
links are stationary discarded.

* Load weight estimation using all the samples in the data sets including the stationary parts as well.

The load weight estimation for these three scenarios stated above are presented in the tables 7, 8 and 9, respectively.
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Table 7: The results of dynamic load weight estimation over 5 seconds of time intervals

Test Data Estimated Load Weight  Error (%)
Data set #1, 618 kg 614.22 kg 0.61%
Data set #2, 618 kg 612.39 kg 0.91%
Data set #3, 618 kg 610.89 kg 1.15%
Data set #4, 618 kg 623.53 kg 0.90%
Data set #5, 618 kg 621.33 kg 0.54%
Data set #1, 318 kg 319.24 kg 0.39%
Data set #2, 318 kg 313.99 kg 1.26%
Data set #3, 318 kg 317.19 kg 0.26%
Data set #4, 318 kg 321.68 kg 1.16%
Data set #5, 318 kg 332.69 kg 4.62%

Table 8: The results of dynamic load weight estimation using only the dynamic parts of the data sets

Test Data Estimated Load Weight  Error (%)
Data set #1, 618 kg 630.77 kg 2.07%
Data set #2, 618 kg 642.37 kg 3.94%
Data set #3, 618 kg 621.90 kg 0.63%
Data set #4, 618 kg 606.41 kg 1.87%
Data set #5, 618 kg 612.75 kg 0.85%
Data set #1, 318 kg 336.17 kg 5.71%
Data set #2, 318 kg 310.63 kg 2.32%
Data set #3, 318 kg 310.84 kg 2.25%
Data set #4, 318 kg 349.36 kg 9.86%
Data set #5, 318 kg 323.26 kg 1.65%

Table 9: The results of dynamic load weight estimation using all the samples in the data sets

Test Data Estimated Load Weight  Error (%)
Data set #1, 618 kg 618.87 kg 0.14%
Data set #2, 618 kg 510.55 kg 17.39%
Data set #3, 618 kg 603.33 kg 2.37%
Data set #4, 618 kg 567.38 kg 8.19%
Data set #5, 618 kg 541.41 kg 12.39%
Data set #1, 318 kg 279.24 kg 12.19%
Data set #2, 318 kg 298.28 kg 6.20%
Data set #3, 318 kg 290.09 kg 8.78%
Data set #4, 318 kg 340.66 kg 7.13%
Data set #5, 318 kg 301.64 kg 5.15%
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As can be seen from the results, the best results are achieved with high velocity values and the worst results are
obtained with the inclusion of the stationary parts of the data sets. The possible sources of the errors are listed
below:

* The frictional parameters are neglected in dynamic modeling but the effects of the friction was present in the
data sets.

» Used reference load weights were concrete blocks; therefore, the center of gravity has changed with different
load weights in the bucket but it assumed to be unchanged.

» The accuracy of the dynamic parameters have an effect on the torque predictions and more accurate estima-
tions would yield more accurate torque predictions.

* Angular velocity estimations and angular acceleration estimations were not 100% accurate. Therefore, the
predicted torque values have been affected and resulted in an increase for the error of the dynamic load
weight estimations.

6 Conclusion

We presented solutions for load weight estimation problem on excavators. We proposed two different methods
based on static and dynamic models. The dynamic model of the excavator is developed considering the excavator
as a planar robot manipulator with three-revolute joints: the boom, the stick and the bucket. The cabin frame is
kept outside the scope of this research and the tiltrotator is assumed to be non-functioning and only a series of
offsets. Due to the practical limitations, we were not able to record the angular acceleration measurements and we
estimated these values using a polynomial fitting approach. Even though the friction is neglected throughout the
study for simplicity, effects of the static friction was present in the data and it was observed in the results of static
estimation of the load weight. A dynamic load weight estimation method is proposed assuming that the bucket
center of gravity is independent from the load mass in the bucket and the results show that the approach can work
accurately with high velocity motion trajectories. The proposed method for dynamic estimation of the load weight
can be implemented real-time if the angular acceleration values can be measured together with the angular position
and angular velocity values. Accurate results could be obtained real-time when the friction is not dominating. Also,
the idea of dynamic parameter estimation and using the torque difference between the case when the end effector
carries load and the case when the end effector is unloaded could be extended to other machines such as cranes
but needs further investigation. Finally, the possible sources of the error for the estimated load weights have been
discussed.
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Abstract

Axial piston machines are widely used in both stationary and mobile hydraulic
systems due to their efficiency and robustness in high pressure applications. Important
tribological contacts in axial piston machines are between pistons and bushings,
sliding shoe and swash plate, as well as between cylinder block and valve plate. The
analysis of these contacts is imperative to improve the overall performance of the
machine, since they influence its efficiency to a high extend. This paper focuses on
the contact between the valve plate and the cylinder block.

High pressure forces acting on the cylinder block result in a tilted position, defining
the shape of the interface with the valve plate. The tilted position is overlayed by the
cylinder block’s rotation, resulting in unfavorable lubrication conditions and high
contact pressure.

Measures to actively influencing the cylinder block’s position during its rotation is
currently researched at ifas. Using pressure pockets in the kidney grooves of the
cylinder block is one of these measures and presented in this paper. The investigation
is done simulative and experimental, using a 140 cm3 pump on a special test rig,
measuring the cylinder block movement. The results of this are presented in this paper.

Keywords: Axial piston pump, cylinder block, pressure pocket, tilting

1 Introduction

Axial piston machines are used in many mobile and stationary hydraulic systems, because they can deliver high
volume flow rates at a high pressure with an overall efficiency of about 90 % in modern units [1]. Figure 1 shows
the main components of an axial piston pump. Tribological contacts in this machine are defined as surfaces moving
relative to each other, separated by a thin fluid film. Essential pairings are the pistons with their respective
cylinders/bushings, the sliding shoe with the swash plate and the valve plate with the cylinder block [1]. Nearly
90 % of the overall efficiency [2] can be traced back to these contacts. The research and further development of
these tribological contacts in axial piston machines is therefore of great importance in context of resource
efficiency, climate protection and emission laws. In context with the goal of removing leaded materials [4], which
are partially used in these contacts, several aspects need to be combined to allow for improvements coming from
different stakeholders.
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Figure 1: Main parts of an axial piston machine [3]

The here presented analysis focuses on the contact between the valve plate and the cylinder block. The cylinder
block is driven by the shaft which in turn is driven by the engine. Axially it is in contact with the stationary valve
plate which inherits kidney shaped openings, connected to the inlet and outlet ports of the pump. The cylinders in
the cylinder block are connected via bores to the interface and due to the rotational movement, each cylinder
transitions from the low pressure port to the high pressure during each rotation, synchronized with the suction and
pressure stroke of the piston. Therefore, this is a forced commutation. The main task of the interface is to seal high
and low pressure areas and openings against each other and the housing/ambient pressure. To reach the sealing
function, the axial gap between cylinder block and valve plate must be as small as possible, however the system
should not introduce unnecessary friction. Therefore, it is designed as hydrostatic/hydrodynamic axial bearing,
incorporating the described functionality. Pressurized surfaces within the cylinder block are balanced against the
area of the axial bearing, compensating the acting forces with a small remaining force acting as “gap-closing”
force, always ensuring a safe operation. Springs acting on the cylinder block create a preload force, pressing the
cylinder block against the valve plate. This creates an offset to the force balance and accounts for low-pressure
operations, going along with low pressure forces and the risk of a lifting the cylinder block off the valve plate.
Forces acting in gap-closing direction are designed so that a good compromise between friction and volumetric
losses is established. However, a safety margin to prevent lift-off, unintended machine usage and dynamic effects
must be implemented, moving the design point away from the sweet spot in the direction of higher friction. Another
problem results then for self-sucking pumps. The increasing gap at low pressure side loses its function of sealing.
Therefore, the pressure can collapse. This effect limits the self-sucking speed of axial piston pumps.

To account for tolerances, unfavorable lubrication conditions, high load peaks and to allow a run-in, the
materials are often selected to be steel on one component, paired with a soft material on the other part (e.g., brass
or bronze alloy). Lead within the alloy improves the durability and robustness, however it’s use is Hence lead is a
toxic heavy metal and its use is strongly regulated in the EU due to its toxicity.

Due to unbalanced forces resulting from the pressure difference between the high and low pressure apertures,
the cylinder block tilts during operation. By setting up the equilibrium of the forces and moments acting on the
cylinder block, P. Achten investigates the tilting effect analytically in [5]. The obtained results showed that the
forces and moments are heavily unbalanced during operation, mainly due to two characteristics of axial piston
machines. First, greater differences in fluid volume in each displacement chamber are caused by different rotational
angles of the swash plate, thus causing uneven centrifugal forces. Also, compressive forces resulting from the
narrowing of the cross-section of the cylinder block bores are very different, especially in operation points with
high load pressures. Therefore, the resulting pressure difference between the low pressure side and the high
pressure side grows bigger, so that the cylinder block gives in towards the high pressure side. A simulation model
was built up by S. Wegner for the investigation of the cylinder block’s movement. The description and validation
of the model can be found in [6]. It is shown that the cylinder block tilts to the high pressure side and holds the
attained position almost constantly during constant operating conditions, therefore supporting the statement of
P. Achten’s investigation. The position of the minimum gap height of a 9 piston machine, while 4 and 5 pistons
are pressurized, is shown in fig. 2. The shown simulative results are consistent with experimental
investigations [6].
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Figure 2: Position of minimum gap height [6]

Due to the negative effects named earlier, small gap heights increase the risk of high wear due to increased
friction as well as local hot spots [7]. Especially the high temperature is a challenge for the material substitution.
Coatings like “Diamond Like Carbon” (DLC) are very hard and have good tribology properties but are sensitive
to high temperatures. Therefore, the development of design concepts with the aim to reduce tilting and temperature
are of great interest.

In the context of this work, there are some interesting approaches. In [8], a concept with punctual pressure field
is presented. Bores are positioned in the outer support ring of the valve plate and connected to the high-pressure
kidney . The resulting pressure field reduces the cylinder block’s tilting. A speed increase of 15 % in self-priming
mode of the pump results. The additional manufacturing expenditure a disadvantage of this concept. In addition to
the relief bores, the connecting bores must be drilled from the outside into a round surface and must then be sealed
by a plug. The manufacturing of the relief bores into a spherical valve plate is very difficult and therefore expensive
and there must be enough space in the sealing gap for these bores. Due to the additional leakage, the volumetric
efficiency decreases. The aim of another concept is to avoid the tilting of the cylinder block by an additional
device [9]. Compensation pistons are installed and connected to the flow channel to add a moment against the
tilting. In [10] a concept with externally pressurized pressure pockets in the valve plate is patented. The moment
against the tilting can therefore be controlled independently of the operating point. The disadvantages are the
additional manufacturing costs and that the complex application of the control for each operating point. S. Haug
investigates and extends these concept [11][12] and applies it to other tribological contacts. He develops an
operating point dependent control and could prevent the tilting for all investigated operation points almost
completely in this way. P. Achten investigates the effect of additional pressure pockets in the barrels of a floating
cup axial piston [13]. They are connected with groves to the bores and build up a hydrostatic bearing in the contact
between the barrel and the port plate.

This work presents a new design concept for the cylinder block and its experimental investigation. Pressure
pockets are placed at the outlet bores of the cylinder block. The underlying idea is to add an imbalance which
relieves the area of minimum gap height for a short time to avoid the local temperature hot spots.

2 Concept Development

The development process is based on a simulation study with the simulation model, described in [6], developed at
ifas. After a short explanation of the program, this chapter presents the simulation study and its results.

2.1 Simulation Model

A simulation model was created set up for the detailed analysis of the tribological contact between the cylinder
block and the valve plate. The simulation is a continuation of tribological simulations specialized on interfaces in
hydraulic pumps [14]. A detailed explanation is given in [6], and will only be briefly described in this work. In
fig. 3 the principle of the simulation is depicted. The following physical effects are included:

o  Fluid behavior using the Reynolds equation discretized on finite volumes

e Lumped parameter simulation calculating the cylinder pressures in each time step
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e Input of external forces, either quasi-static via look-up table or coupled to pressure variables resulting
during the simulation

e  Contact pressure (Greenwood and Tripp/Williamson model)

e Solid friction using the contact pressure acting on each finite volume (the interface surface)
e  Fluid friction

e Solid body movement of the cylinder block

e  Surface deformation

Pressure boundary
conditions

;

Fluid pressure field
(Reynolds)

U AN

Pressure
deformation

I

(Contact pressure field
| (Solid contact) Gap he1ght ]
\]

[Extemal forces

Solid body movement
[ Mass, Inertia

Figure 3: Chart of the Simulation model [15]

In each time step, the lumped parameter simulation is set up first, analyzing connections between cylinder
block and valve plate features and creating a non-linear set of equations. The result is a defined pressure value for
each feature (e.g. cylinder block piston pressure or valve plate port pressure) which is a boundary condition for the
second set of non-linear equations, covering the aforementioned physical effects. The implicit Euler method is
implemented as integration method, the set of equations is solved using the monolithic approach using the solver
KINSOL [16].

2.2 Simulation Studies

The development process of the new design concept presented in this work starts with the simulation pre-study,
which is published in [15] and is only shortly concluded in the following. This study investigated the effect of
additional forces, moving with the cylinder block at a defined radius, derived from the kidney’s shape. For the
investigation of the effect of an additional imbalance, the forces are only active in the area of minimum gap height.
With one force of 1.25 kN, acting at radius of 45.55 mm, which is the outer shape of the kidney, the minimum gap
height is shortly increase of about 5 %, compared to the standard version. This leads to a reduction of the contact
pressure of over 25 % and reduces therefore also the thermal load.

Additional forces can be installed by pressure pockets. In another design concept, presented in [15], these are
placed at the high pressure kidney of the valve plate. The result is a static pressure field which creates a constant
moment against the tilting. First experimental results show that this concept reduces the friction torque within the
interface. To create the aforementioned effect of an additional imbalance, the pressure pockets are placed on the
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cylinder block. In this way, the forces investigated in the pre-study can be replicated, because of the pressure
pockets are at high pressure side, they have great effect. But when they are at low pressure side, they have near no
influence. In the concept of P. Achten [13], the surfaces are machined separated to the bores and then connected
by groves to it. Another possibility, which is more easy to machine, is to integrate the pockets direct into the shape
of the kidneys. Another advantage is that the pressure build up in the pockets is immediately when the bore joins
the high pressure area. The limiting factor for these surfaces is the minimum sealing gap width. It should lay in
the interval between 0.125 to 0.175 times the bore diameter [17]. For the geometry of the axial piston pump the
sealing land should be 3.125 mm. The maximum width is then 0.925 mm for the outer and 3.125 mm for the inner
pressure pocket. Figure 4 shows the new design of the cylinder block’s kidney shape in CAD and the prototype
with their measured surfaces.

523mm* . 8 mm?

"

10.08 mm2 | 15.2 mm?

Figure 4: Additional pressure pockets a) CAD and b) prototype

The outer pocket is designed with the maximum width, while for the inner one 2 mm are used. This shape was
then added to the simulation model for the analysis of this design concept. The main point of interest of the
simulations was to investigate the effect of the pressure pockets in different configurations. The full study and its
results are to find in [18] but are briefly explained here. The 12 different geometries, which are used are shown in
fig. 5. Kidneys with the additional pressure pockets are black marked. They are measured and compared for one
operation point with a rotational speed of 1500 rpm and a load pressure of 250 bar. Configuration one is the
standard geometry without pressure pockets. The effect of a raising number of additional surfaces, which are
asymmetrical distributed, is investigated with the versions two up to version ten. In the configurations eleven and
twelve, the pockets are installed symmetrically.
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Figure 5: Investigated configurations

The simulation results show that the gap height is increased by the additonal pressure pocktes. Therefore, all
configurations reduce the contact pressure from 17 % in case of one modified kidney to over 50 % for the version
ten, where all are extended with the additional surfaces. Figure 6 shows the simulation results fur the relative
change of the tilt angle. The tilt angle of the cylinder block is only reduced for the configuration two and three
with a small effect of less than 5 %. In the other versions with a higher number of pressure pockets, the tilting of
the cylinder block increases. A possible explanation for this effect is that the increased gap height simply allows
for more tilting until the contact pressure counters the movement. The concept idea to add an additional imbalance
finds its maximum with the configuration six. As explained previous, there are two extrem points in an axial piston
pump with nine pistons, when four or five kidney are pressurized. The maximum amplitude is reached, when five
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modified cylinder block bores are pressurized, while the four cylinder block bores with standard geometry are in
contact with the low-pressure kidney of the valve plate.

10 T T T T
1 2 838 4 5§ 6 T & 9 1§ I 12

Configurations

Relative change of tilt angle in %

Figure 6: Relative change of the tilt angle for the considered configurations

The effect of an additional imbalance on the operating behavior of the pump cannot be estimated in advance.
For this reason, a prototype was initially manufactured. For the initial test, configuration two was selected.
Simulations for several operation points were carried out and evaluated. The operating points for the simulation
are: speed (n) from 250 rpm to 2500 rpm in steps of 250 rpm; load pressure (p) from 50 bar to 250 bar in steps of
50 bar. The results for the minimum gap height (h) and the contact pressure (cp) are to shown in fig. 7 and fig. 8.
The change of minimum gap height depends on the load pressure. This was expected. With the increasing speed,
the effect of the pressure pockets is decrease by dynamical effects. The maximum reduction of the contact pressure
is of near 15 % at low speed while maximum pressure.
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Figure 7: Minimum gap height and its relative change
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3 Experimental Investigation

3.1 TestRig

For the experimental investigation of the tribological contact focused in this work, a test rig was developed and
built up at the institute, shown in fig. 9. The test pump (p1) is driven by a 160 kW motor. s5 and s6 are used for
torque, speed and angular position measurement. Qil delivered from the filling pump p2 is filtered through f1. At
the inlet and outlet of the test pump pressure (s2 & s9) and temperature (s2 & s8) are measured, the outlet flow is
measured by s10. The load pressure is controlled by the load valve block (LV). The pump p4 delivers the fluid for
the hydrostatic bearing (explanation in the following). The bearing pressure is set by valve (B). The leakage of the
hydrostatic bearing and the test pump is delivered to the tank by the pump p3. In the secondary circuit, which
includes the pump p5, the filter f2 and the water cooler c1, the oil is conditioned.

Figure 9: Test rig and hydraulic circuit diagram

The test bench was dimensioned for the analysis of a 140 cm? axial piston pump with a maximum pressure of
340 bar and a maximum drive speed of 2400 rpm. The main drive components are placed in the test pump, which
is presented in fig. 9. For the measurement of the friction torque between the valve plate and the cylinder block, a
hydrostatic bearing was developed, which is also part of the test pump. The swash plate angle can be adjusted by
means of spacers with the fixation bolt from 0° to 16°. The main components of the hydrostatic bearing are the
housing (blue) and the inner runner (green), which is externally pressurized. Six eddy current sensors (s7 in fig. 8),
three in radial direction (black arrows in fig. 10) and three in axial direction (red arrows in fig. 10) are installed for
the measurement of the cylinder block’s movement as well as the gap height.

Radial sensor locations

Fixation bolts External pressurized surfaces (black arrows)

Swash plate /

Valve plate

Axial sensor locations
(red arrows)

Drive shaft Force sensor

Cylinder block

Hydrostatic bearing

Figure 10: Drive train of the test pump and detailed view of the hydrostatic bearing [19]
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3.3 Experimental Results

Due to the risk of damaging the test rig or the sensor system in the start-up of the first test series, the test pump
was not fully loaded. The range of rotational speed was limited to 1000 rpm, setting measuring points every
250 rpm for the initial tests. The pressure was limited to 250 bar, increasing from 100 bar in 25 bar steps for each
speed. The swivel angle was set to 8°, resulting in a displacement of 70 cm3. The hydrostatic bearing was
pressurized to 100 bar. The suction side was set to a pre-load pressure of 8 bar. All measuring points were
approached three times. Figure 10 shows the measured friction torque between valve plate and cylinder block for
the standard configuration (gray) and the modified component (indicated with (Pro) in black). As expected from
previous investigation, both configurations show a linear increase of the frictional torque at different pressure and
speed level.

15 T T

Friction torque in Nm

Std250 A St?soo Std750 o Std1000 . Proz?0 A Pro500 . Pro750 + Pro

1000

100 150 ) 200 250
Pressure in bar

Figure 11: Friction torque for different pressure levels and rotation speeds

The relative change in frictional torque is plotted in fig. 12. In the prototype configuration, the friction torque
is significantly reduced in all measuring points. At 100 bar, the largest friction torque reduction is measured over
the measured speeds range, reaching a maximum reduction of about 15 % at 250 rpm and 500 rpm. With increasing
load pressure, the reduction decreases almost linearly, but is still significantly reduced at 250 bar. The relative
change in volumetric efficiency is shown in fig. 13. Particularly at low rotational speed, leakage increases notably,
resulting in a significant reduction in volumetric efficiency. With increasing speed, this effect is less predominant,
amounting to a maximum of about 2 % efficiency reduction.
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Figure 12: Relative change of friction torque
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Figure 13: Relative change of volumetric efficiency

The goal of the design concept is to install an additional imbalance. Therefore, the measurements of the eddy
current sensors are compared in the following. Using the same coordinate system from fig. 2, the black h1 line
denotes the axial and radial sensor position at 60°, the red h2 line at 180° and the green h3 line at 300°. The sensor
position is visualized in fig 14.
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Figure 14: Sensor position of the axial and radial eddy current sensors

Different alloy compositions of the cylinder block material affecting the eddy-current sensors, machining
inaccuracies of the targeted surface, differences in height adjustment of the sensors and further imperfections of
the rotating system. For a better understanding, the raw sensor signal of h2, the distance to target (cylinder block),
over one rotation at 100 bar (blue line) and 250 bar (red line), which therefore includes all of the pre named
influences is plotted in fig. 15. However, the gap height reduction from 100 bar to 250 bar at high pressure region
is clearly visible. The movement of the cylinder block depending on the pressurization of each of the nine pistons
can be identified better in the red line as in the blue one.
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Figure 15: Raw sensor signal of h2 for 100 bar and 250 bar

For the analyzation of the influence of the new design to the movement of the cylinder block, the measured
distance to target is averaged over one revolution and then compared for the operation points at 100 bar and
250 bar, by building the difference between this two points. This is done for all considered drive speeds. Figure 16
shows the change of distance for the axial eddy current sensors h1 (black), h2 (red) and h3 (green) for the prototype
(full line) and the standard (dashed line) configuration. From the simulation results it was expected that the cylinder
block tilts in way that a minimum gap height occurs at approx. 130° (see fig. 2). The change of distance in fig. 16
show also this trend of the tilting direction. Compared to the high pressure operation point, the distance form hl
and h2 to the cylinder block is decreased, while it is increased for h3. For the prototype configuration the calculated
change of distance is different. There is a lower reduction at h2 and a higher increase at h3. Very interesting is that
the distance between hl and the cylinder block is more reduced on average over one revolution. This indicates a
change in the movement and therefore the tilt angle.
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Figure 16: Change of distance from 100 bar to 250 bar for both configurations

For the understanding and visualization of the changed movement of the cylinder block, the orthogonal vector
of the plane given by the measured distance of the axial sensors is calculated. Then, its direction is projected to a
coordinate system. This method as well as the movement from 100 bar (origin) to 250 bar for all measurements is
shown in fig. 17. The projection of the orthogonal vector lays in a very close area for the standard as well as for
the prototype configuration. There is a significant change in the movement. While the cylinder block without
pressure pockets tilts more to the high pressure side as expected from the simulations, the direction of the tilting
for the prototype is very different.
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Figure 17: Projection of the orthogonal vector

4 Conclusion and Outlook

In a simulation study, fully presented in an earlier work of the author, the effect of additional pressure pockets was
analyzed. Twelve configurations with a different number and position of pressure pockets are investigated in it.
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The greatest reduction of the cylinder block’s tilting angle was calculated for the configuration with only one
optimized Kidney groove. Further simulations over a wide range of operating points, which are presented in this
work, show that this design increase the gap height which leads to a significant reduction of the contact pressure.
A prototype was machined and tested on the test rig. The experimental results show that the new design concept
with the additional pressure pockets in on kidney of the cylinder block has significant effects to the tribological
contact. The friction torque is reduced up to 15% for lower speeds, 250 rmp and 500 rpm, at 100 bar. Because the
part of fluid friction increases, the reduction of friction torque is lower for 750 rpm and 1000 rpm. The difference
between the standard and the prototype configuration decreases linearly with increasing load pressure, but is also
significant at 250 bar. As it was expected, the volumetric efficiency is reduced. The smaller gap width, due to
additional surfaces, has the same effect as a throttle where the length is reduced. Therefor the additional leakage
is pressure depending and more or less statically for the different speeds. Because of this, the volumetric losses
are at the higher speeds less than 2 %. The evaluation of the eddy current eddy-current sensor data two different
load pressure operation points show that the standard cylinder block tilts to the high pressure side, thus confirming
the simulation results and the previous study in [6]. Because of the imbalance added by the additional surfaces,
the prototype cylinder block show on average over one revolution another tilting direction. This validates the
simulations and the effect of the new design concept. Due to this imbalance, there is no local constant area of
minimum gap height. This avoids the building of high temperature hot-spot in the tribological contact. The next
steps are to validate the temperature effect by simulations and experiments.
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Nomenclature

Designation  Denotation Unit
cl Cooler 1 -

cp Contact pressure MPa
DOR Direction of rotation -
fi..2 Filter 1...2 -

h Axial gap height pm
h1l Sensor position at 60° -

h2 Sensor position at 180° -

h3 Sensor position at 300° -
ifas Institute for fluid power drives )

and systems

LV Load valve -

n Drive speed rpm
p Pressure bar
pl..5 Pump 1...5 -

Pl PI controller -
s1...10 Sensor 1...10 -
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Abstract

Conventionally, variable axial piston machines vary displacement by adjusting the
length of the piston stroke, which can be done by adjusting the angle of the swash
plate in swash plate machines or the angle of the cylinder block in bent axis machines.
Another possibility to achieve variable displacement is to rotate the valve plate and
thus adjust the effective use of the piston stroke. An advantage of this method is that
it only requires small forces and is easier to control in comparison to conventional
displacement adjustment.

This idea is not new, and the concept was studied decades ago, but unfortunately,
cavitation and high pressure peaks in the bridge between the kidneys hindered a suc-
cessful implementation of valve plate rotation.

Using a double pump with opposing pistons offers the potential to overcome these
obstacles, as the displacement can be adjusted by joint rotation of both valve plates,
and the effective bridge angles can be adjusted by relative rotation of the valve plates.
This paper presents a methodology to optimise valve plate kidney angles for a double
pump with rotating valve plates. Optimisation results for exemplary sets of operating
points are presented. At high setting ratios, power losses and flow pulsations can be
reduced. The risk of cavitation and high pressure peaks can be eliminated, but at the
expense of cross-porting and increased losses at low setting ratios and high speeds.

Keywords: axial piston pump, variable displacement, valve plate rotation, bridge
angles, opposing pistons

1 Introduction

Conventionally, variable axial piston machines vary displacement by adjusting the length of the piston stroke,
which can be done by adjusting the angle of the swash plate in swash plate machines or the angle of the cylinder
block in bent axis machines [1]. Another way to achieve variable displacement is to adjust the effective use of
the piston stroke, which can be done by rotating the valve plate [2]. It is beneficial that valve plate rotation
requires smaller control forces and provides easier controllability in comparison to conventional displacement
adjustment [3].

This idea is not new, and the concept was already studied decades ago, but unfortunately, cavitation and high
pressure peaks in the bridge between the kidneys have proven to be a major drawback of valve plate rotation [4].
Further issues that need to be considered are noise and backflow [5].

When using a double pump with opposing pistons, two rotating groups, and therefore also two valve plates, are
used, see fig. 1a. When both rotating groups share a common cylinder barrel, and opposing pistons are connected
through the cylinder barrel, each of the valve plates affects the effective port angles. Therefore, the ability to
rotate each valve plate independently gives an additional degree of freedom, which can be used to adjust the pre-
and decompression angle for different operating points and for different setting ratios, see fig. 1b. This idea has
recently been presented and patented in [6].

This paper investigates whether this degree of freedom can be used to overcome the issues stated above on the
example of an axial piston pump of the swash plate type. Basic considerations for port design and the state of
the art for valve plate rotation (for pumps with one valve plate) are summarised in sec. 2. A double pump with
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opposing pistons and rotating valve plates is simulated, and a methodology to optimise valve plate kidney angles
is suggested in sec 3. In section 4, optimisation results are presented. The results are discussed in sec. 5, and the

most important findings are summarised in sec. 6.

valve plate

cylinder barrel

slipper

shaft

(a) Axial piston machine with opposing pistons. Two opposing
pistons share one bore in the cylinder barrel, and therefore
they communicate with one another. The flows through the
corresponding kidneys in the valve plates are combined, so
the machine possesses only one inlet channel and one outlet
channel.

piston swash plate

¥s
i
(Pb.pc ]
BDC ¢,0,%,
TDC
Po.dc

(b) Effective displacement is adjusted by the joint valve plate
rotation angle W4. The relative valve plate rotation angle ¥'s
gives an additional degree of freedom. This can be used to
choose the effective bridge angles for pre-compression @, ;.
and for de-compression Qg , depending on the operating con-
dition. The low pressure kidneys are shown in blue/dark grey
and the high pressure kidneys are shown in red/light grey. @
and o are the shaft rotation angle and angular speed.

Figure 1: Sketch of double pump with opposing pistons and the additional degree of freedom due to having two
valve plates.

2 State of the Art

In the following, the basics of port design (sec. 2.1) and valve plate rotation for machines with one valve plate
(sec. 2.2) are summarised, so that the background for the idea of adding a degree of freedom by using a double
pump with opposing pistons in sec. 3 is given.

2.1 Basics of Port Design

In positive displacement pumps, the displacement volume needs to be connected to the low pressure (LP) kidney
to take in fluid and the high pressure (HP) kidney to deliver the fluid. So-called bridges separate the two kidneys
and prevent cross-porting (i.e., flow from the HP kidney to the LP kidney through a direct connection provided
by the displacement volume) at commutation. Typically, commutation takes place around the dead centres, where
the axial piston speed is low [4]. In axial piston machines, the kidneys are located in the valve plates, which are
designed to separate the inlet channel from the outlet channel and to provide a smooth pressure transition for each
piston chamber. A fixed valve plate cannot provide a smooth pressure transition for all operating conditions [7].
Figure 2 shows a zero-lapped valve plate and the corresponding flow into and out of one pump chamber. In a
zero-lapped valve plate, the bridge between the HP kidney and the LP kidney covers exactly the opening of one
displacement volume. That means that the zero-lapped valve plate separates the HP kidney from the LP kidney,
but no pre- or decompression takes place. This leads to flow pulsations due to the compressibility of the fluid.

To calculate the flow for one displacement volume (i.e., in case of axial piston pumps for each cylinder), the
continuity equation can be used [8]:
Y

The first summand of eq. 1 represents the kinematic flow, whereas the second summand represents the compressible
flow, with B, being the effective bulk modulus, ‘3—’: being the rate of pressure change inside the cylinder, and V.
being the cylinder volume. For axial piston machines of the swash plate type, the cylinder volume can be calculated
as

_ Ve Ve dp

dr Be dt M

chl = Viead + (1 + sin (p) tan OtRbAp )
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(b) Exemplary flow for one pump chamber for a pump with a
zero-lapped valve plate. Positive flow is the flow that is de-
livered by a pump (i.e., the flow that goes out of the pump

I
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(a) Zero-lapped valve plate. compressibility of the fluid in the pump chamber.

Figure 2: For a zero-lapped valve plate, the bridge angles @y, p. and @y, 4. are identical with the swept angle over
one of the openings from a displacement chamber Qcpamper to the valve plate. In this figure, commutation takes
place at bottom dead center and top dead center. At commutation, pressure equalisation leads to compressible
flow pulsations.

with the cylinder’s dead volume V44, the shaft rotation angle @, the swash plate angle ¢, the barrel radius Ry, and
the piston area A,. Thus, the kinematic flow is

dchl
dr

= @cos @ tan ARpA, . 3)

In order to reduce compressible flow pulsations in fluid power machines, pre-compression takes place before the
displacement volume connects to the HP kidney and de-compression takes place before the displacement volume
connects to the LP kidney. The angle at bottom dead center (BDC) is larger than the angle at top dead center
(TDC), as the fluid volume at BDC is larger [2]. The principle design for a valve plate depending on the operating
quadrant can be seen in fig. 3.

The quasi-static pressure change during pre- and de-compression with eq. 1 and }" ¢ = 0 can be calculated as

\%
cyl,1 (4)

2 —p1 = Peln
p2—p1=Pe Voyt

with the index 1 representing the state when entering the bridge and index 2 representing the state when leaving

the bridge.

Equation 4 shows that pre- and decompression as shown in fig. 3 can only be customised to one pressure level.
For this reason, pressure relief grooves are typically used. They provide a small channel, which smoothens the
pressure transition for a wider range of pressure levels. However, the flows through the pressure relief grooves lead
to undesired losses, so that pressure relief grooves are seen as a "necessary evil" [7].

2.2 Displacement Control Through Valve Plate Rotation for Pumps with One Valve Plate

In [2], the concept of displacement control through valve plate rotation has been summarised. Figures 4 and 5
visualise the principle: When the commutation is moved away from TDC and BDC, the kinematic flow while
connected to the HP kidney becomes negative for some degrees of shaft rotation, and thus the effective stroke is
reduced. This enables valve plate rotation to continuously adjust the effective displacement, and it is possible to
switch between pump and motor mode. The setting ratio € of the machine follows eq. 5

£ = cosQyp (5

where @yp is the valve plate rotation angle.
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Figure 3: Principle design of optimised valve plate design for different operating quadrants for a fluid power
pump/motor [2]. The bridge angles are larger than Qpamper, therefore pre- and decompression take place. Com-
pressible flow pulsations are reduced by pre- and decompression during commutation.

A challenge for displacement control via valve plate rotation is caused by the commutation and pre- and de-
compression angles, as the commutation does not take place around the dead centres. Differentiating eq. 2 with
respect to the shaft rotation angle ¢ delivers the change of a chamber volume by ¢ :

dchl

do = cos @ tan ORpA, (6)

Equation 6 shows that |d;/;yl | is largest at @ = 0 and ¢ = &, whereas it is zero at ¢ = 7/2 and ¢ = 3/27 (where

commutation usually takes place). For this reason, the same pre-/de-compression angles lead to higher maximum
and lower minimum pressures, when the commutation takes place at greater distance from the dead centres (see
eq. 4).

Additionally, the kidney opening/closing takes place gradually. Assuming a positive overlap, the kidney opening
reduces to 0 m?> when a cylinder enters a bridge. Especially during the end of the closing process, a signific-
ant throttling effect appears, which is reinforced by high axial piston velocities [4]. Due to this throttling effect,

2 n 32 o
BDC TDC

Figure 4: A valve plate in full motor-mode (€=-1), no-flow-mode (€=0) and full pump-mode (€=1). Red/light grey
rectangles symbolise the high-pressure kidney and blue/dark grey rectangles symbolise the low-pressure kidney for
one full shaft rotation from 0 to 21 [2].
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(a) Flow at zero valve plate rotation, hence full displacement. (b) Flow with 45° valve plate rotation, hence €= 0.7.

Figure 5: Normalised kinematic flow from one cylinder. Blue/dark grey areas are the volumes entering the cylinder
from the low-pressure kidney and red/light grey are the volumes leaving the cylinder to the high-pressure kidney [2].

[7] states that it is "never a good idea" to even place one of the support ribs (which are typically used to improve
the structural stability of the valve plate on the HP side) at the location of maximal axial piston speed.

The severity of this phenomenon is visualised in fig. 6, which shows the maximal and minimal chamber pressures
occurring for zero-lapped valve plates during one shaft revolution, over the valve plate position. The maximal and
minimal pressures occur at the reduced port area around commutation, due to the above described throttling effect.
For a valve plate rotation of 0 or T, commutation takes place at the dead centres, hence at minimal axial piston
speed. For a valve plate rotation of n/2 or 3m/2, commutation is moved to a maximum distance from the dead
centres, and so also to the location of maximum axial piston speeds and the maximum values of | d(‘]/cyl |. Therefore,
the risk of cavitation and high pressure peaks is increased. Of course, higher pump speeds also lead to higher
piston speeds, as well as increasing maximal pressures and decreasing minimal pressures.

Between m and 2 valve plate rotation, the maximal pressure is higher than between 0 and 7, because the chamber
is loaded with HP before the commutation between BDC and TDC (where the port restriction leads to pressure
overshoots). Analogous considerations can be made for pressure undershoots in the LP kidney. When the chamber
volume is increased (between TDC and BDC) around commutation, the port restrictions lead to pressure under-
shoots. These undershoots are more profound when the chamber is already at LP before commutation. When
evaluating the pressure undershoots, it must be considered that a simplified calculation of the bulk modulus is
applied. More details on the bulk modulus calculation can be found in sec. 3.1.

=20 L 1.0
2 2
215 E
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% g 2000 rpm
g 0.5 8 ——3000 rpm
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=) S

0 ‘ ‘ : 0 ‘ :
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Valve plate rotation angle @yp in rad Valve plate rotation angle @yp in rad

Figure 6: Throttling effect for zero-lapped valve plate: maximal and minimal pressures in chambers during one
shaft revolution over angle of valve plate rotation. These graphs correspond to the machine described in sec. 3.1,
with both valve plates being zero-lapped and in identical positions.

3 Valve Plate Rotation for a Double Pump with Opposing Pistons

In order to evaluate the potential of a double pump of opposing piston type with two valve plates, a simulation
model is created. Optimisation is used to find the optimal kidney angles and valve plate rotation angles for given
sets of operating points. Simulation results are evaluated by an objective function.

3.1 Simulation Model

A Hopsan model is used to simulate the steady-state behaviour of the pump for given kidney and valve plate
rotation angles. Hopsan is a one-dimensional multi-domain simulation tool using the transmission line theory.
Figure 7 illustrates the pump simulation model used in this paper. For each displacement chamber, the model
consists of a volume, which is connected to the HP source resp. the LP source through orifices. As this paper
investigates a double pump with opposing pistons, see fig. 1a, two pistons share one displacement volume. Each
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displacement volume is connected to both valve plates, and each valve plate has two kidneys. The ends of the
kidneys are rectangular, in order to provide a larger passage area than circular ends. The size of each displacement
volume depends on the shaft angle, and the area and circumference of each orifice depend on the shaft rotation
angle and the valve plate rotation angles.

| Cylinder barrel

—_——— e ——— 5

| dvayde ||
............ Ao :
|

| |

Figure 7: Illustration of pump model structure. Of course, any number of cylinders can be implemented.

The fluid’s effective bulk modulus 3, for each displacement chamber is calculated as

B = Boit

S N—
Lt (5

)

with By being the oil’s bulk modulus, xy being the volume fraction of undissolved air at reference pressure py,
p being the pressure in the chamber and k being the isentropic expansion factor of air.

Eq. 7 assumes that both the oil and the undissolved air change their volume based on the respective bulk moduli,
but no air is dissolved or released. This neglects the phenomenon of cavitation, which describes the release of air
from oil below ambient pressure, which reduces the bulk modulus [9]. As cavitation is neglected in this paper,
the pressure undershoots are overestimated (i.e., considering cavitation would lead to higher minimum pressure
levels).

The most relevant parameters of the simulated machine are shown in tab. 1.

3.2 Optimisation

In this paper, the kidney angles are defined by the relative position of the kidneys and their opening and closing to
one another. In combination with the joint valve plate rotation angle and the relative valve plate rotation angle, the
effective port angles are defined.

To design the valve plates, there are three degrees of freedom for the kidney angles of the valve plate, as there
are three relative positions to be chosen for the kidneys’ opening and closing angles. In this paper, both valve
plates have the same kidney angles in order to simplify the problem. Furthermore, pressure relief grooves are not
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Table 1: Parameters of simulated machine.

Quantity Value
Type Swash plate
Displacement volume 35 cm?’/rev
Number of pistons 2x11
Swash plate angle 8 deg
Dead volume ratio 0.70

Swept chamber angle 26.9 deg

investigated. Additional to the three degrees of freedom for the kidney angles there are two degrees of freedom for
the valve plate rotation angles (one for their joint rotation, and one for their relative rotation).

In order to solve this multi-dimensional optimisation problem, the complex-RF optimisation algorithm is used.
Complex-RF is a single objective, non-gradient optimisation algorithm. It modifies Box’s complex method [10] by
adding a randomisation factor to avoid pre-mature collapsing of the complex and a forgetting factor which ensures
that older parameter sets are replaced by more recent ones [11].

The operating points considered in this paper are shown in tab. 2. In this paper, speed and pressure are fixed, but
the outlet flow is varied between different setting ratios. An explicit weighting or trade-off between the operating
points does not take place in this paper, i.e., each operating point has the same weight.

Table 2: Operating points considered for valve plate optimisation. A setting ratio of 100% of the ideal flow cannot
be reached due to the compressibility of the fluid. Therefore, as reference for "full” displacement, the outlet flow of
non-rotated zero-lapped valve plates is used.

Quantity Value
Setting ratio 0.9862, 0.75, 0.5,0.25, 0
Speed separate optimisations for: 1500 rpm, 3000 rpm
Outlet pressure 15 MPa
Inlet pressure 0.5 MPa
Volume ratio of undissolved air at 0.1 MPa 0.01
Effective bulk modulus 1.8 GPa

3.2.1 Setup of Optimisation

The preprocessing, optimisation algorithm and post-processing are implemented in MATLAB. The simulation is
carried out in Hopsan through the Hopsan API. The variables ¥ — W5 are sketched in fig. 8 and summarised in
tab. 3.

The optimisation procedure is illustrated in fig. 9. The angle @, is chosen arbitrarily during pre-processing. The
variables W| — W3 define the kidney angles and they are the optimisation variables for the outer optimisation loop.
As the pressures at commutation are highly dependent on the bridge angles, W and W3 are chosen to explicitly
represent bridge angles, rather than choosing an absolute reference for each kidney start/end angle and thus impli-
citly defining the bridge angles.

For a given set of kidney angles, the ideal valve plate rotational angles ¥4 and W5 for each operating point must be
found in an inner optimisation loop. ¥4 represents the joint rotation of both valve plates, which mainly affects the
effective displacement of the machine, whereas W's represents the relative rotation between the two valve plates,
which mainly effects the effective pre- and de-compression angles.

The objective function values of the inner loop are returned to the outer loop. The objective function value of the
outer loop is the sum of the objective function values of the inner optimisation loop (one value for each operating
point). Thus the potential of the kidney angles can be evaluated.

3.2.2 Formulation of Objective Function

The valve plates (in combination with their rotations) must fulfil several goals, which are combined into one
objective function as Complex-RF is a single-objective optimisation method. The aim is to minimise power losses
as well as flow pulsations (both in the HP channel and the LP channel). The constraints are as follows: the correct
flow level must be provided in the HP channel, the minimum pressure is not to go below a defined threshold and a
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Figure 8: Sketch of optimisation variables. Left: both valve plates are in the same position. Right: Both valve
plates are rotated jointly by W4, and one valve plate is rotated further by Ws. @y is set arbitrarily; ¥1-¥3 are
optimised in the outer loop, and Y4-Ws5 are optimised in the inner loop.

Table 3: Optimisation variables

Symbol Quantity Unit

¥, Bridge angle between closing LP kidney and opening HP kidney  deg
¥, Angle between closing of LP kidney and closing of HP kidney deg
Y3 Bridge angle between closing HP kidney and opening LP kidney  deg
Yy Joint rotation angle of both valve plates deg
Ys Relative rotation angle between the valve plates deg

defined maximum pressure is not to be exceeded. The constraints are implemented as soft constraints, i.e., they are
implemented as part of the objective function. Equation 8 shows the objective function of the outer loop, which is
the sum of the inner loop objective function values of the individual operating points.

ftotal(lpl IRRLY lPS) = ZfinnerLoop 3)
(0)3

Equation 9 is the objective function of the inner loop, which consists of the constraints as well as the objectives.
The constraints are formulated with an exponential increase of objective function value when they are violated, so
that the objective function value increases drastically in case of constraint violation.

finnerLoop (\Pl yeeey lPS) = fP,losses + fq,pulse,HP + fq,pulse,LP + fp,min + fp,max + fq,mean,HP (9)

In the following, the mathematical formulation of the inner loop’s objective function and its components are ex-
plained in eq. 10 to 16. Parameters named f represent function values for the respective part of the objective
function, parameters named g represent linear weighting factors and parameters named / represent weighting
factors in the exponent of an exponential function.

Objectives
The power losses are calculated from the hydraulic and mechanical power. The function value for power losses
increases linearly with the power losses, see eq. 10.

friosses (P15 -, ¥s) = gPlosses (PhighdmeanHP — Plowdmean,LP — T @) (10)

The flow pulsations in the HP channel are calculated as the difference between the highest instantaneous flow and
the lowest instantaneous flow in the HP channel. The function value for HP flow pulsations increases linearly with
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Figure 9: Setup of optimisation.

the peak-to-peak value of the flow, see eq. 11.

fq,pulse,HP (‘Pl yeees lPS) = gq,pulse,HP(maX(C]HP) - min(CIHP)) (11)

The flow pulsations in the LP channel and their function value are calculated analogous to the flow pulsations in
the HP channel, see eq. 12.

fq,pulse,LP (lPI sy Ps ) = &q,pulse,LP (maX(QLP) - min(QLP) ) (12)

In this paper, the weighting factors gpjosses and gq,puise,Hp are chosen so that the function values fpjosses and
Jq.putse,up are in the same order for a pump running at full displacement. In comparison to the HP channel flow
pulsations, the energy level of LP channel flow pulsations is significantly lower. LP channel flow pulsations are
therefore considered less relevant, thus gq pulse,Lp < &q,pulse,HP-

A methodological trade-off between the power losses, and the flow pulsations in the HP and LP channel is not
considered in this paper.

[12] investigates Pareto fronts for the multi-objective optimisation of fluid power machines and shows that the
Pareto fronts for the trade-off between two performance values (e.g., flow pulsations in the HP channel vs. the LP
channel) can be quite sharp. That means that a large improvement in one performance value can be enabled without
a significant deterioration of the other performance value. By including the above named quantities in the object-
ive function, unnecessarily poor values for individual quantities can be avoided, even when no methodological
trade-off is carried out.

Soft constraints

A defined minimum pressure level must be guaranteed, so that cavitation is avoided. This is necessary because
cavitation causes noise and can damage the machine. To penalise cavitation, eq. 13 is implemented: When the
minimum pressure is above the threshhold peay, the function value f, miq is 0. In this paper, pcay is set to 0.05 MPa.
When minimum pressure is between 0 MPa and pcay, fp,min increases exponentially with increasing distance from
Pcav- Due to the simplified bulk modulus calculation (see sec. 3.1), it is possible that absolute pressures of 0 MPa
are calculated. When a pressure of 0 MPa is provided as a simulation result, it is important that solutions that are
further away from being cavitation-free have increased objective function values, so that the algorithm can find the
direction to better solutions. For this purpose, the effective closing angle of the low-pressure kidney (@rer + (¥4 +
¥5)) and the effective length of the bridge before entering the low-pressure kidney (W3 — Ws) are used as proxies,
see eq. 14.

0, for pmin > Peav
fp,min (l}lh o ¥s) = &p,min (ehp’mi"(pmv ~Pmin) 60)7 for 0 < pmin < peay (13)
h .
&p.min (e p.minPeay eO + fdecomp + fclose,LP)v for Pmin = 0
with
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fdecomp (LP3 yeeny Ps ) = gdecompehdecomp (¥3=s) (14a)

10 for Qrer + (W4 +¥s) > 90° — %
fclose,LP((Pref, lP47 LPS) - { gclose,LPehdose’LP (900—(05:h211mber_((pre:f"l‘(‘114-5-‘1"5))7 fOI' (Pref + (IP4 + \PS) < 900 . w
(14b)

Pressure peaks need to be limited because they can cause noise, vibrations and damages. Pressure peaks that
exceed the delivery pressure by a certain percentage are considered as acceptable and therefore receive a function
value fpmax of 0, see eq. 15. In this paper, kyp is chosen to be 1.2, i.e., a pressure overshoot of 20% is allowed.
Higher pressures lead to an increasing objective function value. As pressure peaks increase aggressively when too
much pre-compression takes place, no exponential function is applied here.

0 for pmax < kupPhigh
¥,...,¥s) = ’ & 15
fp,max( b 5) { &p,max (Pmax _kHPphigh); for pmax > kHPphigh (15)
The desired flow level needs to be provided. Therefore, any deviations from the objective flow level lead to an
increasing objective function value fqmeanHp, s€€ €q. 16.

fq mean.HP (IPI N lPS) — gq mean.HP (ehq.mean,HP‘(Imean,HP,expected 7(1mean,HP‘ _ eo) (1 6)

3.3 Joint Rotation of Zero-lapped Valve Plate as Reference

In order to evaluate the quality of the results of valve plate rotation, a "benchmark" is needed. For this benchmark,
the pump as described in sec. 3.1 is equipped with two zero-lapped valve plates, which are rotated jointly. The
valve plate position is chosen so that the flow objectives as described in tab. 2 are met. The small deviations of the
valve plate positions in comparison to eq. 5 originate from compressible flow.

4 Results

In this section, the optimisation results for both the zero-lapped valve plates and optimised solutions are presented.

4.1 Joint rotation of zero-lapped Valve Plates

As stated in sec. 3.3, joint rotation of zero-lapped valve plates is used as a comparison for each operating point.
The angular positions of the kidneys are visualised in fig. 10. The corresponding objective function values are
shown in fig. 14 and 15. The most important results are summarised in tab. 4 and 6.

At low speeds, the losses at full displacement are high due to insufficient pre-compression resulting in large back-
flow. The objective function values at low setting ratios are relatively good, as no large pre- and de-compression
angles are desired.

With increasing speeds, the performance at low displacements deteriorates due to cavitation and high-pressure
peaks, which can be explained by the throttling effect as presented in sec. 2.2.

4.2 Optimised Valve Plates with Relative Rotation

The angular positions of the kidneys for each operating point are visualised in fig. 11 to 13. The corresponding
objective function values are shown in fig. 14 to 15. The most important results are summarised in tab. 4 to 6.
Both at 1500 and 3000 rpm, the results show a great similarity to zero-lapped valve plates. This is motivated
by the choice of operating points. Zero-lapped valve plates perform relatively well in operating points with low
setting ratios, as commutation takes place at high piston speeds and low pre- and de-compression is desired. As
no weighting between the displacement settings has taken place, the influence of the small displacement settings is
significant. Furthermore, there is (almost) no relative rotation between the valve plates. Having both valve plates
in the same position offers the advantage of being able to use the passage ways on both sides of the pump, which
reduces the throttling effect in comparison to using only one passage way (which is the case when relative valve
plate rotation takes place). However, the results for the optimised valve plates show reduced flow pulsations and
power losses.
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Figure 10: Visualisation of kidney positions of jointly rotated zero-lapped valve plates for each setting ratio at
1500 rpm and 15 MPa. The kidney positions differ only marginally between 1500 rpm and 3000 rpm, so no
additional plots for 3000 rpm are shown. The lines indicate the angular position of the kidney’s beginning and end
for each setting ratio. The LP kidney is between the blue (dark grey) lines, and the HP kidney is between the red

(light grey) lines. BDC is located at 90°, TDC at 270°. The direction of rotation is ccw.

98.62% displacement

75% displacement

50% displacement

90° 90° 90°
135° 45° 135° 45° 135°
180° 0° 180° 0° 180°{ 0°
\
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ports of valve plate 1
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180° 0° 180° 0° T ports of valve plate 2
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s Start/end of LP kidney
225° 315° 225° 315°

Figure 11: Visualisation of kidney positions which are optimised for valve plate rotation at 1500 rpm and 15 MPa,
with setting ratios from 0 to 98.62%. The lines indicate the angular position of the kidney’s beginning and end
for each setting ratio. The LP kidney is between the blue (dark grey) lines, and the HP kidney is between the red
(light grey) lines. BDC is located at 90°, TDC at 270°. The direction of rotation is ccw. As both valve plates are at
almost the same position, only one of the can be seen.
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Figure 12: Visualisation of kidney positions which are optimised for valve plate rotation at 1500 rpm and 15 MPa,
with setting ratios only from 50 to 98.62%. The lines indicate the angular position of the kidney’s beginning and
end for each setting ratio. The LP kidney is between the blue (dark grey) lines, and the HP kidney is between the
red (light grey) lines. BDC is located at 90°, TDC at 270°. The direction of rotation is ccw.
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Figure 13: Visualisation of kidney positions which are optimised for valve plate rotation at 3000 rpm and 15 MPa.
The lines indicate the angular position of the kidney’s beginning and end for each setting ratio. The LP kidney is
between the blue (dark grey) lines, and the HP kidney is between the red (light grey) lines. BDC is located at 90°,

TDC at 270°. The direction of rotation is ccw.

128

The 17th Scandinavian International Conference on Fluid Power
SICFP’21, June 1-2, 2021, Linkoping, Sweden



Valve plates optimised only

Zero-lapped valve plates Optimised valve plates for setting ratios > 0.5

0] E— — B —— §
099 075 05 025 0099 075 05 025 0099 075 0.5
Setting ratio in -

1

[=
=

o

>
-5 f.

8 innerLoop
=}
'8 --E-- fP,losses
§ fq,pulse,HP
: " q,pulse,LP
Q

g fq,mean,HP
el fp,max

2 \ Y S
o s __‘__fp,min

: |

g L L L L L L L | F L l

]

Z

Figure 14: Visualisation of total objective function values and their compositions for each setting ratio for zero-
lapped valve plates (left), for valve plates optimised for setting ratios from 0.9862 to 0 (center) and for valve plates
optimised only for setting ratios from 0.9862 to 0.5 (right) at 1500 rpm and 15 MPa. The inner loop objectives
are normalised with respect to the lowest inner loop objective for all results presented in this paper, i.e., the lowest
normalised objective is 1 and all other objectives are relative to it.

. Zero-lapped valve plates Optimised valve plates

g 50 . . .

21000}

g 40 + — innerLoop
:8—' 800 + --m-- fP,losses
& 30 r fq.pulse,HP
Q t

.% 600 — fq,pulse,LP
g 400 t 20 fq,mean,HP
”"5 lr:p,max

% 200 10 ¢ '_"'fpmin

= B

E om— NP B — -

2 0.9862  0.75 0.5 0.25 0 0.9862 0.75 0.5 0.25 0

Setting ratio in -

Figure 15: Visualisation of total objective function values and their compositions for each setting ratio for zero-
lapped valve plates (left) and for optimised valve plates (right) at 3000 rpm and 15 MPa. Please mind the individual
y-axes. The inner loop objectives are normalised with respect to the lowest inner loop objective for all results
presented in this paper, i.e., the lowest normalised objective is 1 and all other objectives are relative to it.

The choice and weighting of displacement settings has a significant influence on the optimisation results. For
operation at 1500 rpm and 150 bar, another optimisation is carried out omitting the lowest setting ratios and only
optimising for setting ratios of 0.9862, 0.75 and 0.5 (with equal weights). Naturally, the optimisation results
differ from those considering setting ratios down to 0. The optimisation results and their objective function values
are visualised in fig. 12 and 14. The most important numerical values are summarised in tab. 5. The effective
bridge angles at full displacement are massively increased, leading to significantly reduced power losses and flow
pulsations. For partial displacement, relative valve plate rotation is increased in order to avoid cavitation and high-
pressure peaks. The effective bridge angles at 50% displacement are lower than for the solution considering setting
ratios down to 0.

At 3000 rpm, objective function values are generally higher than at 1500 rpm, as the absolute levels of flow
pulsations and power losses are higher. The effective bridge angle used for pre-compression is larger than the
effective bridge angle for de-compression. It can also be seen that the more the commutation is moved away from
the dead centres, the smaller the effective bridge angles become, so increased relative valve plate rotation occurs.
This aligns with the expectations based on sec. 2.1. It is noteworthy that for reduced displacement settings, the
effective bridge angle for de-compression allows several degrees of cross-porting, i.e., a direct communication
between the HP kidney and LP kidney through the cylinder is enabled. This is necessary, as otherwise cavitation
would occur in the chamber, caused by the throttling effect as described in sec. 2.2. Naturally, cross-porting leads
to increased losses. The same phenomenon occurs for the effective bridge angle for pre-compression as well, but
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Table 4: Results for zero-lapped and for optimised valve plate in comparison (1500 rpm, 15 MPa).

Zerolapped valve plate Optimised valve plate

Setting ratioin - | 0.9862  0.75 0.5 0.25 0 09862 0.75 0.5 0.25 0
Qrefindeg | L.l TO.6 oo T7.2 o
Yiindeg | ... Pehamber=20.9 ... | 276 oo
Yrindeg | ...l 180 v | 1799 ...l
WYsindeg | ... Pehamper=260.9 ... .| 274 L.
Y, in deg 0 408 597 753  89.8 0 402  59.1 747 892
Ysindeg | ...l O e 0.8 0.1 0.0 0.0 0.1
Qopcindeg | ...l Pchamber=26.9 ... ... ... 26.8 275 275 2715 275
Ppdcindeg | ...l Pchamber=26.9 ... ... ... 26.6 274 274 274 274
Pmax in MPa 15.01 1534 1572 16.07 16.32 | 1501 1543 16.12 17.04 17.99
Pmin in MPa 0490 0.283 0.188 0.159 0.175 | 0.490 0.234 0.096 0.060 0.093
Gmeanpp in /min | 51.78  39.38 2625 13.13 0.00 | 51.76 3938 2625 13.13 0.00
Gpulse,Hp in I/min | 36.9 312 293 280 26.7 32.0 252 214  20.1 19.8
Gpulse,LP in 1/min 19.2 213 233 249 260 13.7 15.7 17.8 194 203
Poss in W 1908 763 657 67.1 68.8 1858 424 439 569 66.0
Jrormalised 1N - 10.1 53 4.8 4.8 4.7 9.7 3.5 33 3.7 4.1

Table 5: Results for valve plates optimised only for setting ratios from 0.9862 to 0.5 at 1500 rpm and 15 MPa.

Optimised valve plate
Setting ratioin - | 0.9862  0.75 0.5
Qrerindeg | ........ 781 ........
WYiindeg | ........ 406 ........
Yrindeg | ........ 1776 ........
Wsindeg | ........ 392 ...
W, in deg 0 28.4  46.1
Y5 in deg 0.3 12.3 13.4
Qv pe in deg 40.4 283 272
P dc in deg 39.0 269 258
Pmax in MPa 15.29 17.07 17.33
Pmin in MPa 0.050 0.084 0.050
Gmeanpp in /min | 51.77 3938 26.25
{pulse, HP in I/min 5.8 13.8 19.3
Gpulse,LP in I/min 7.9 151 255
Ploss in W 12.6 58.2 1363
fnormalised in - 1 3.3 6.7

less profound.
With decreasing displacement, the losses increase massively. Therefore, the objective function value of the losses

dominates the optimisation for these setting ratios (see fig. 15 and tab. 6).

5 Discussion

For 1500 rpm, the optimisation results in a valve plate design which is similar to a zero-lapped valve plate, but offers
slightly improved performance over the whole operating range. This is motivated by the choice and weighting of
operating points. At low setting ratios, a zero-lapped valve plate performs quite well, because cross-porting is
avoided, and no pre- and de-compression takes place (which could lead to cavitation and high-pressure peaks).
This deteriorates the performance at high setting ratios, as pre-compression cannot be provided.

When omitting the lower setting ratios, performance at full displacement is drastically improved with decreased
power losses and flow pulsations, see fig. 14 and tab. 4 and 5. This is enabled by a massive increase of the effective
bridge angles. However, the performance at the 75% and 50% setting ratios slightly declines. This is caused by
a more profound throttling effect due to larger relative valve plate rotation. Relative valve plate rotation reduces
the passage area for the fluid around commutation, which hinders the flow into/out of the chamber. Therefore,
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Table 6: Results for zero-lapped and for optimised valve plate in comparison (3000 rpm, 15 MPa).

Zerolapped valve plate Optimised valve plate

Setting ratioin - | 0.9862  0.75 0.5 0.25 0 09862 0.75 0.5 0.25 0
Qrefindeg | L.l TO.6 oo 79T o
Yiindeg | ... Pehamber=20.9 ... | 287
Yrindeg | ...l 180 v | 1785 oot
WYsindeg | ... Pehamper=260.9 ... .| 269 ...l
Y, in deg 0 41.0 60.0 756 90.1 0.0 384 545 693 838
Ysindeg | ...l O e 0.0 0.4 3.0 3.6 3.7
Qopcindeg | ...l Pchamber=26.9 ... ... ... 28.7 283 257 251 25.0
Ppdcindeg | ...l Pchamber=26.9 ... ... ... 26.9 265 239 233 232
Pmax in MPa 15.04 1580 16.79 17.72 18.41 | 1504 18.00 17.69 17.75 18.00
Pmin in MPa 0459 0.079 0.005 0.001 0.003 | 0.459 0.088 0.050 0.050 0.050
Gmeanpp in /min | 103.55 78.75 5250 26.25 0.00 | 103.49 7875 5250 26.25 0.00
Gpulse,Hp in I/min | 52.9 43.1 419 417  41.1 493 28.0 423 476 475
Gpulse,LP in 1/min 27.4 313 334 356 374 27.2 31.1 515 578 593
Poss in W 4522 207.0 2475 297.8 3254 | 3912 2035 755.0 1063 1113
Jrormalised 1N - 214 11.3 663 809 1051 19.5 10,0 323 446 428

minimal pressures decrease, maximum pressures increase and higher losses occur. Due to the more profound
throttling effect, cross-porting even needs to be applied at a 50% setting ratio in order to maintain the required
minimum pressure level.

The results at 1500 rpm indicate that valve plate rotation is not capable of providing an efficient and silent pump
from zero to full displacement. However, it can be used to improve the performance for a specific range of setting
ratios.

For 3000 rpm, the optimisation also results in a valve plate design which is similar to a zero-lapped valve plate, but
offers slightly improved performance at high setting ratios compared to zero-lapped valve plates. At low setting
ratios, the zero-lapped valve plates suffer from cavitation and high pressure peaks. Due to relative valve plate
rotation, the optimised solution can avoid cavitation and high-pressure peaks. However, several degrees of cross-
porting are applied in order to maintain the required pressure levels in the chamber. This leads to very high power
losses. Increased boost pressures at the pump inlet will only partially reduce the issues caused by the throttling
effect. Furthermore, reducing the throttling effect by providing larger passage areas for the fluid is challenging, as
the fluid flows through the piston, slipper and valve plate, see fig. 1a.

The pre-compression angles are chosen to be larger than the de-compression angles, which is in alignment with
the expectations based on sec. 2.1.

Both at 1500 rpm and 3000 rpm, the mean flow level at full displacement is slightly reduced in comparison to the
zero-lapped valve plates, so the soft constraint is slightly violated. This indicates that a minor reduction of the flow
demand at full displacement can offer more freedom to design valve plates for reduced losses and pulsations.

6 Conclusion

Valve plate rotation can control the displacement of an axial piston machine. However, cavitation and high pressure
peaks in the chamber are a drawback at low setting ratios and high speeds. This drawback can be overcome by
using a double pump with opposing pistons, which has two valve plates. A relative rotation between the two valve
plates leads to variable bridge angles. These variable bridge angles can eliminate the risk of cavitation and high
pressure peaks, at the expense of increased power losses (and cross-porting).

Valve plate rotation seems mainly suitable for machines which mostly run at high setting ratios but need the ability
to survive low setting ratios.
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Nomenclature

Designation

Denotation Unit
f Objective function value -
g Linear weighting factor varies between equations
h Weighting factor in exponent varies between equations
p Pressure Pa
Do Reference pressure Pa
q Flow m3/s
t Time s
X0 Fraction of undissolved air at reference pressure pg -
Ap Piston area m?
Poss Power losses W
Ry Barrel radius m
Veyl Displacement volume of one chamber m’
Vdead Dead volume m3
a Swash plate angle deg
Be Effective bulk modulus Pa
Boit Oil’s bulk modulus Pa
€ Machine setting ratio -
0] Shaft/barrel angle rad
@chamber Swept shaft angle covered by one displacement chamber deg
Pv.dc Effective bridge angle at de-compression deg
Qo pc Effective bridge angle at pre-compression deg
Pref Reference angle for kidney angles deg
Qvp Valve plate rotation angle deg
K Isentropic expansion factor of air -
(0] Shaft/barrel angular speed rad/s
Yy Bridge angle between closing LP kidney and opening HP kidney deg
¥, Angle between closing of LP kidney and closing of HP kidney deg
Y3 Bridge angle between closing HP kidney and opening LP kidney deg
¥y Joint rotation angle of both valve plates deg
Y5 Relative rotation angle between valve plate 1 and valve plate 2 deg

Abbreviation Meaning
ccw counter-clockwise
cwW clockwise
BDC Bottom Dead Center
HP High Pressure
LP Low Pressure
TDC Top Dead Center
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Abstract

This work presents an analysis for tracking the evolution of regression coefficients
and the Root-Mean-Square of their residuals on a test dataset for a hydraulic pump.
The method starts by iteratively regressing data points that are undergoing sequencing
by adding one new data sample at a time, then regressing with each iteration. This
process was named Progressively Sequenced Regression Analysis, shortened to “PSR
analysis” in this paper. The motivating and guiding postulate of PSR analysis is based
on the belief that a plateau of the regression coefficients and statistical figures of merit
had to exist if sampling theory is accepted to be real. It was anticipated at the outset
that both the regression coefficients and the Residual RMS would converge on
respective plateau values; however, it was discovered that the coefficients were very
volatile, with some, more volatile than others. Tracking the Residual RMS was found
to produce the more reliable measure of information saturation because the
convergence is more obvious, provided that the sample sequencing was done with the
experience learned from performing PSR analysis. This document is focused on
explaining how orthogonally sequenced data can be mined for the limits or hyperspace
vertexes of the sampled data, and the source data optimally sequenced (rearranged) to
produce results that are as efficacious as Latin Hypercube (LHC) sampling for
achieving information saturation at a predictable number of samples. PSR analysis
has led to an objective method for verifying that the proper arrangement, i.e.,
optimized sequencing, of the source data set can predict the condition of information
saturation and minimum useful sample size. It ends with a postulate of how this can
be achieved using a combination of LHC sampling and vertex pre-test planning, or
vertex mining of legacy data. The content of this paper has concentrated solely on the
output flow model of hydraulic, positive displacement pumps.

Keywords: RMS of Residuals, Progressively Sequenced Regression Analysis, Latin
Hypercube sampling, minimum sample size, vertex mining, vertex sequencing,
hyperspace vertexes, convergence plateau, pump flow model

1 Introduction

Hydraulic pumps and motors are widely used in industrial and mobile applications requiring relatively high torque
and shaft speed. In many systems, these components are preferred for their high power density, flexibility and
simple operation. Unfortunately, despite being ubiquitous in countless applications, the average hydraulic system
using pumps and motors presents efficiencies as low as 26% [1]. A solution to improve the efficiency of such
machines is to develop accurate and reliable models that predict the behavior of pumps, valves, conductors and
actuators. These models are used in industry to develop and engineer highly productive and efficient hydraulic
systems through the selection of meticulously analyzed components. However, these systems can only be effective
if the models are reasonably accurate.

The means for modeling hydraulic pumps and motors vary in the reported literature. Concerning hydraulic pumps
and motors, the most notable means for describing the characteristic performance of a pump correspond to the
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flow model and the torque model. For an ideal pump or motor, the displaced fluid is proportional to the velocity
of the shaft speed, eq.1 shows this relationship.

QT:V'N (1)

Where, Oris the theoretical (ideal) flow, V' represents the volumetric displacement of the pump or motor, and N is
the shaft speed. Various methods are found in the literature for obtaining the volumetric displacement of a pump
or motor [2]-[5]. And all of these seek to determine the derived displacement, a proportional constant for estimating
the flow output of a pump at a given shaft speed. More sophisticated methods like the one presented by Eggers, et
al. [6] were used to describe a mathematical interpolation procedure called POLYMOD, which was used for
developing a torque and flow model based on a polynomial fit of experimental test data. Similarly, Conrad et al.
[7] developed a loss model where the flow losses could be obtained from fitting experimental data to a line.
Whether the aim is to obtain a complete flow model or simply for determining the volumetric displacement of the
pump or motor, a set of experimental data points is required. However, determining how accurate the chosen
method is, remains a question of not only the principles on which the method itself is based, but also the quality
and volume of the data, that is, the number of experimental data points needed to obtain a useful model. The aim
of this work is to present a methodology for determining an optimal sample size for the creation of models based
on experimental data, which in turn, will improve testing performance. The motivation for this project was to
reduce the amount of time on the test stand while at the same time increasing the amount of production hardware
that would be subjected to complete mathematical modeling. Original Equipment Manufacturers (OEM) such as
manufacturers of agriculture, construction, forestry equipment, etc., and researchers increasingly expect
component manufacturers to supply accurate performance information and models of their components for their
own system simulations and performance predictions. The single most important criterion for successful and
complete creation of minimal and efficacious test data is to collect the samples in the proper order. The following
sections explain how to achieve proper sampling order, and a sequenced regression method presented in this work,
herein described as PSR analysis needed to estimate the number of test samples.

1.1 Overview of the PSR Procedure

Progressively sequenced regression analysis was first introduced by Johnson [8] as a method for verifying that a
given number of test samples would be sufficient to reach information saturation for the creation of a mathematical
pump or motor model. That study explained how Latin Hypercube (LHC) [9] experiment design was crucial to
discovering the importance of data order. He also made the case for using PSR analysis as a research method that
could lead to minimization of sample size for modeling purposes. Earlier Progress Reports by Johnson to the
International Organization for Standardization [10]-[12] showed how the success or failure of PSR analysis is a
matter of the order in which the samples are regressed. When sample order is arranged properly (skillfully),
information saturation is revealed reliably, but more importantly, the number of samples needed to reach that
saturation is controllable through the order used to collect the data in the laboratory, or alternately, the post-lab
reordering of the data by optimal analysis, such as with data mining and vertexing.

The PSR process begins with a thoroughly ordered and nominally large source dataset called in this document the
genesis file. The regression starts with only the first few samples taken from the genesis file and, placing them into
a matrix to be regressed called the PSR matrix. The PSR matrix is subjected to evaluation using an ordinary, linear,
multiple regression program to fit test data to a pump or motor model. eq. 2, below presents a simple flow model
to be used for the linear regression, this model contains only three regressor terms, and was used in the study at
hand.

QT=AU+A1N+A2€+A3Np @)

Where QOr represents the theoretical flow estimation for this proposed mathematical model, 4. correspond to the
regression coefficients for this model, N is the pump shaft speed, p is the pump differential pressure and v is the
kinematic fluid viscosity This model is adapted from the flow model first presented by Toet [5]. Other pump or
motor flow equations may be used for the regression, allowing for performing studies on the effect of other
operating parameters or combinations of them. Other, more complex functions were used, such as the one for fig.
2 and fig. 3. and are shown for reference.

After the regression algorithm was evaluated with the first sample points from the dataset, the regression
coefficients and chosen figures-of-merit (FoMs) were stored in an output file for later viewing and processing.
Examples of FoMs include; sample mean, sample standard deviation, RMS error, etc. Each iteration of the PSR
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analysis added one more observation to the output data file, which contained all the regression coefficients and
chosen FoMs. In this way, the evolving coefficients for the math model and FoMs could be tracked as the number
of samples grew by one sample per iteration. The term “information saturation” is defined as the point at which a
sufficient number of samples was reached. It was observed that when information saturation was attained no
substantial changes in the RMS Residual Error followed after adding samples and iterations.

Skillful or optimal selection of the data sequencing means that the order of the first samples in the original
experimental dataset or genesis file, have been selected by means that are described in this paper in the subsection
below. The aim is to demonstrate that the data set can be reduced to bring about information saturation with the
fewest number of data samples and furthermore, the number of samples needed to obtain information saturation is
predictable as a result of implementing those optimized methods. Some details of these procedures are discussed
in later sections of this paper.

1.2 The Progressively Sequenced Regression Algorithm

Figure 1 shows the basic PSR analysis flow chart that outlines the overall procedure of Progressively Sequenced
Regression Analysis. The authors’ algorithm used multivariate linear regression in an iterative process, where a
new data sample from the genesis file is added with each new iteration until all samples in the genesis file were
processed in the analysis.

BASIC PSR ANALYSIS FLOW CHART

Run Time
nput Data)

Regression
START
GENESLS SOURCE { Function

,,,,,,, » SELECT A CATALYST
REGRESSION FUNCTION

p. SET & LOAD STARTING

[ PSR MATRIX SIZE

Run Time
I’l[)ut Data,
StartSample

ORDINARY LINEAR
—] MULTIPLE REGRESSION

ADD ONE SAMPLE

FROM GENESIS FILE

TO THE PSR MATRIX ACCUMULATE REGRESSION

COEFFICIENTS AND FIGURES-OF-
MERIT IN THE OUTPUT DATA
MATRIX (RESULTS.PSR)

NO - GENESIS R
{_SAMPLES ALL
. USED vp?

RESULTS . PSR ¢ YES

SAVE
ACCUMULATED
RESULTS

Figure 1: Basic flow chart of the PSR algorithm

Specifically, once the PSR algorithm is fed the input data, two other essential pieces of Run Time Input Data are
required by the PSR analysis software. The algorithm begins with the Regression Function corresponding to any
form as exemplified in eq. 2. In the first step the desired regressor columns are picked from the genesis file. In the
case study presented here, these regression coefficients correspond to the following physical variables which reside
in generated columns in the genesis file (data matrix):

a. Shaft Speed (rad/s) or (rpm), N, for the 4; term
b. Pressure/viscosity ratio (Pa.s/m?) or (bar/cSt), p/v, for the A2 term

c. Speed - pressure product, (rad/s-Pa) or (rpm-bar), Np, for the 43 term
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1.3 Review of previous findings of PSR analysis

Data crowding is a term used to stress the detrimental effects caused by consecutive samples that contribute little
change from one sample to the next. They will most likely occur in the opening regions of PSR analysis, that is,
when the regressed sample count is the smallest (smallest PSR Matrix). When using the orthogonal sequencing as
obtained from ISO 4409 data, the effects of data crowding create problems in PSR analysis. Changes in measured
speed, for example, at one sample to the measured speed at the next sample are small. The changes in the speed
variable are so small as to create a near zero value of the regression determinant and will result in coefficient values
that are very large and changing rapidly from data sample to data sample (coefficient volatility). Such effects are
apparent in the estimation of 4o coefficient for the regression function as shown in fig. 2.

PROGRESSIVELY SEQUENCED REGRESSION
RESULTS USING DallVall.srt PISTON PUMP

Coeff RMS Error (Constant)
i 3 3 : PRESSURE. 353 OBSERVATIONS.
Null lit/min lit/min 11241017 H17
1.5 __ .4 150
I : i N,,/\/\-”’\N
L r 100 [ M Val
L .3 [ F wr/\fxf‘
1| 3 [
- L 50 _[
- 2 [ C
L C o[
s I i -
L 1 L r }
- L -50 j
0o _L 0_: -100 v v v by by g gy
0 100 200 300 400

OBSERVATION NUMBER

Figure 2: Example of failure to reach information saturation and coefficient volatility for an axial piston pump.

Figure 2 shows that the Ao coefficient has gone “flat line” at just over 50 observations, suggesting that information
saturation has been reached. This is a false positive because it is the extreme swings in Ao in this region that expand
graph scaling such that information saturation appears to have occurred. The existence of the flat region is a result
of graphical scaling and not true arrival at the convergence zone. The failure to reach convergence becomes
apparent only after the most volatile region is suppressed as is shown in fig. 3. Suppression was done simply, by
setting PSR’s internal StartSample variable to 52 samples at the opening of this example PSR analysis.

Setting the SampleStart internal variable to a larger value does not ignore or discard valid data, it merely suppresses
the volatile output data caused by those samples and thus avoids the graph scaling problem caused by volatility in
Ao. This becomes apparent in fig. 3 in which the volatility of the first 52 data samples has been suppressed. That
is, the very first regression in the PSR analysis (fig. 3) used a PSR matrix with 52 data samples. They are valid
data points taken in accordance with an ISO standard procedure, however, putting them first in the inputting
sequence created the volatility due to data crowding. It takes 52 regressed samples to “flush out” the influences of
the data crowding. After that, the Ao coefficient is “better behaved” and the output is more meaningful and can be
correctly interpreted. Fig. 2 and Fig. 3 show an example of a failed PSR analysis.

It was further observed that data order or data sequencing is paramount and holds the solution to successful PSR
analysis. The genesis file used to generate the PSR analysis output of fig. 2 and Fig. 3 was subjected to a
conventional ordering on the independent variable, differential output pressure. Early in the research, while trying
to determine the processes that might control the ability to reach information saturation, sorting was done on
pressure to assess the effects. The sorting based on pressure was done in ascending order, resulting in all of the
lowest pressures occupying the first data samples right at the beginning of the genesis file. Along with orthogonal
sequencing and its accompanying data crowding per the recommendations provided in ISO 4409, there was no
worse way to prearrange the data. Sorting using the pressure was a clear way to invite data crowding problems in
a worst case way, fig. 2 demonstrates this fact, and fig. 3 reinforces it. Covered in later sections of this paper are
the discoveries that Latin Hypercube sequencing and orthogonal data vertexing can result in a
minimization/reduction of number of samples needed for useful models because they give to the regression process
the extremities of the tested hyperspace in the earliest samples, assuring attainment of information saturation.
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Figure 3: Detail of the Ao coefficient for an axial piston pump without first 52 samples.

2 Methodology

The plots shown in fig. 3 contain the same curves as in fig. 2, but with the Ao volatile data removed from the
display. The reader is urged to observe the similarities in the curves of fig. 2 and fig. 3 by first seeing the large
differences in the scaling of the 4o axes in the two figures. In fig. 2 the 4o spans from -100 to +150 It./min (-
0.00167 m*/s to 0.0025 m3/s) while the range in fig. 3 is from -6 to +2 1t./min (-0.0001 to 0.000033 m%/s). In fig.
3 the most volatile range of 4y data has been removed from the display for the purpose of exposing A¢'s real trends
with the volatility removed. The similarities in the two graphs lie in the other three variables beyond 52
observations. They have the same scaling and the same shapes in the two respective figures. It is clear in both
figures that information saturation was never reached because the Residual RMS Error the Square Root of MSE
both rise steadily as the PSR analysis sample count increases toward the end value of 353 samples. There is no
convergence plateau. This, too, is a direct consequence of the sorting of the genesis file using pressure as the
variable. Later sections of this paper show that the data can be re-sequenced so that information saturation does
occur, and the number of samples needed to reach it can be controlled. Likewise, PSR analysis reveals many
anomalies of regression analysis. For example, there is likely to be more volatility in the individual coefficients Ao
shown in fig. 2, than there is in the Residual RMS Error leading the researchers to adopt it as the FoM of choice.

PSR analysis is a way to exhibit the volatility graphically. Users of regression might not otherwise be aware of
this volatility. Unfortunately, regression cannot extract coefficients from data with the same certainty of, say,
Fourier analysis can extract harmonic components from a cyclic waveform of arbitrary shape. A given regression
coefficient value depends upon the makeup of other companion regressors in the same catalyst regression function.
In other words, the coefficient volatility is affected by the form of the catalyst regression function, but information
saturation is affected by the order in which samples are presented to regression.

For many modelers the conventional FoM for the quality of a model is the R? value. In output flow modeling of a
positive displacement pump, the nominal uncertainty in the independent and dependent variables is about +0.5%,
subjectively speaking. This means that the total uncertainty in a model is probably in the range of £1% or £2%.
This means further, that about 98% of the pump performance is predictable by that amount. The random variations
are only one or two percent. But it also means that the discrimination of one model to the next with the R? value
is in the 6™ or 7" decimal place, making R? a poor discriminator of model quality. Residual RMS Error is a far
better discriminator, a reality that led the authors to adopt it as the FoM of choice.

Additionally, and just as importantly as selecting the correct FoM is the fact that sequencing must be such that the
extremities of the tested hyperspace (vertexes and/or Latin Hypercube experiment design) must be present in the
earliest samples in order to achieve information saturation. Any future data points that are beyond the hyperspace
limits of past data points is probably going to create a rise in the Residual RMS Error and lead to a new, higher
plateau. The remainder of this paper reports on the means by which the outer limits of the testing hyperspace can
be controlled and information saturation can be reached.
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2.1 Preparation of the dataset using an LHC experiment design

LHC sampling was used by Panwar and Michael [13] to create a designed sampling experiment using the sampling
strategy followed by McKay et al. [9], their goal was to build a set of test set points to guide and sequence data
collection in the laboratory. Johnson [8] used this data to carry out a PSR analysis. The results of the analysis
revealed unambiguous information saturation that coincided almost perfectly with the number of samples chosen
for the Latin hypercube data set (25, 50 and 100 samples), which was set to be first in each of the several genesis
files and thus became the PSR learning zone as suggested in fig. 4. The learning zone is a term used in this work
to explain and separate that early evolutionary region in PSR analysis where the Residual RMS Error has not yet
settled on a convergence value. It is introduced graphically in the idealized graph of fig. 4. Not all data behaves
this way, but is similar when sequencing is enhanced to achieve information saturation. The quest of the researchers
was to find data sequencing that produced similar outcomes and unambiguous information saturation in the
evolution of the FoM. Johnson [8] observed that the results produced an optimized minimum sampling
requirement when using the Latin Hypercube test plan because the information saturation was obtained with a
lower sample count. In this document finding this minimum requirement is referred to as optimality.

Learning Zone Convergence Zone

Idealized RMS residual trend

RMS Residual Error

Information Saturation threshold

Number of samples

Figure 4: Ideal trend of the RMS value for a regression model.

2.2 Input Data for the LHC Algorithm

The data for the PSR analysis for this work was obtained from testing a hydraulic pump and following the
standardized test procedure described in ISO 4409 [14]. The test set point sequence consisted of the
aforementioned Latin Hypercube designed experiment of 25, 50 and 100 samples respectively, to serve as learning
zones in several test sequences. These learning zones were followed by generally larger LHC sequences to serve
as convergence zones with assurances that the hyperspace limits were the same in all LHC sequences regardless
of being positioned for a learning zone or for a convergence zone, an absolutely necessary requirement as the
experiment was designed using Matlab®. The subject test specimen was a variable, positive displacement
hydraulic pump producing an approximate flow, Q, of 100 1t/min (0.00167 m?/s) at the maximum test speed, N, of
2200 rev/min (230 rad/s). The test set point sequence consisted of the specified number of data samples to be used
as test set points in the laboratory and were constrained by the specified ranges given for the three independent
test variables shown in eq.1, output pressure p, shaft input speed N, fluid viscosity v. The LHC algorithm function
from Matlab® was used for creating pre-laboratory test set points for the independent variables to be measured.
Whether a test set point sequence is a learning zone or a convergence zone is a matter of placement in the genesis
file plus the successful reaching of a convergence plateau.

After implementing the laboratory test plan which produced the measured data, and followed by calculating
candidate independent regressors, a viable genesis data file was built, from which PSR analysis could then be
performed. It was the integration of LHC sampling verified with PSR [8] that revealed the efficacy of such
sampling.

The 17th Scandinavian International Conference on Fluid Power 139
SICFP’21, June 1-2, 2021, Linkoping, Sweden



Optimality was obtained in all cases because the number of samples specified in the creation of the LHC learning
zone predicted almost perfectly the number of samples needed to reach information saturation. Current research
now points to inclusion of hyperspace vertexes along with LHC sampling to create a more effective and optimally
improved learning zone. This will in turn yield a better representation of the population of test data.

2.3 Definition of learning and convergence zones using LHC sampling

The LHC algorithm had to be invoked at least two times to create a single designed experiment: once for the
“learning zone” and a second time for the expected “convergence plateau” to appear during PSR analysis iterations
[8]. The learning zone samples form the first part of the test plan and the convergence plateau samples follow, and
they must be in that order. If, after PSR has analyzed those learning zone samples, the RMS Residual Errors remain
nominally constant, then that is a necessary and sufficient condition to confirm that information saturation has
occurred (fig. 4). No instances of actual constant RMS residual error in the convergence plateau were reported.
Instead, and as expected, the error varied slightly in the convergence plateau, however, Johnson [8] did not
recommend objective estimates of acceptable variation limits. It is postulated now, in this paper, that a reasonable
limit in the plateau zone be set equal to, or less than, the allowable measurement error that applies to the dependent
variable being modeled, or a specified fraction thereof. It would be a starting point, and an assistance to the
objective determination of minimum sample size for accurate models.

2.4 Definition of the start of the convergence zone

Figure 5 contains the results of the three different PSR analyses with test data from a single axial piston pump.
The designed experiment explored the consequences of using LHC sampling with the three different learning zone
sample counts in order to see the effects on the number of samples used, or PSR iterations, needed to reach
information saturation. The terms "25's Curve", "50's Curve" and "100's Curve" in fig. 5 refer to the three genesis
files with 25, 50 and 100 LHC sample sets as learning zones, with each followed by larger convergences zone
sample sets.

However, this was accomplished by manually shifting data samples so the total number of samples was always
300 and all 300 were the exact same total set, but with the leading samples being comprised of the 25, 50 and 100
LHC samples respectively.

25's Curve 50's Curve 100's Curve
RMS Error RMS Error RMS Exrror
Lit/m Lit/m Lit/m SAMPLES TO REACH INFORMATION SATURATION
WITH THREE DIFFERENT LHC LEARNING ZONE
0.40 0.40 T WIDTHS
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Figure 5: RMS error of predicted flow for various learning zone sample sizes.
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With the semi-random nature of LHC sampling, this was the only fair way to compare the efficacy of the three
learning zones. This explains why all three graphs converge on the same final value of Residual RMS Error. The
criterion for having reached information saturation is the crossing of the final value of the RMS Residual error that
is reached after a much longer convergence zone. fig. 5 identifies this final value as approximately 0.305 1t/min
(5.083x10® m?/s) for the chosen catalyst regression function presented in €q.2. An exact mathematical function to
model a pump is not known, however, it is known that experimentally validated models can have 6 variable terms
plus the constant [13]. This means there were seven unknown coefficients, thus the regression needed a minimum
of eight samples as the absolute minimum. PSR analysis started with the eighth sample. This starting sample count,
StartSample, corresponds to a PSR iteration count of one. fig. 5 is constructed with PSR iteration count as the
horizontal axis so the first entry on the graph occurs at the value of 1. The iteration count in fig. 5 is what
statisticians refer to as “degrees of freedom” which takes into account the number of unknowns in the catalyst
regression function, however, in general, the iteration count can be independently controlled when PSR analysis
starts in order to achieve some special graphical display effects and as demonstrated in comparing fig. 2 and fig.
3.

The designed experiment was used to generate the convergence zone samples as well as the learning zone samples.
For all three analyses in Fig. 5, there was a total of 300 samples, therefore, the graph ends at 292 iterations. The
three PSR analyses were carried out with a different number of samples each. The “25's Curve” meaning that its
first 25 samples were taken from a complete LHC designed experiment set up to generate 25 designed samples. It
led to a first crossing point at approximately 21 iterations corresponding to 28 data points. The “50's Curve”
meaning that its first 50 samples were taken from a complete LHC designed experiment set up to generate 50
designed samples. It led to a first crossing point at approximately 46 iterations corresponding to 53 samples. Lastly,
the “100's Curve” meaning that its first 100 samples were taken from a complete LHC designed experiment set up
to generate 100 designed samples. It led to a first crossing point at approximately 92 iterations corresponding to
100 samples.

Additional data has been identified in fig. 4, notably the final value of the RMS Residual error, which is estimated
to be about 0.305 1t/min (5.083x10¢ m?/s). It is evident that the residual error does not reach a constant value, but
instead fluctuates. The ultimate limits after first crossing, which take into account not just the peak-to-peak value
of one curve, but the composite peak-to-peak of all three curves, is indicated by the span of about 0.08 1t/min
(1.33x10°® m*/s) on the graph of fig. 5. The interpretation of the convergence zone can be estimated as 0.305 +£0.04
1t/min (5.083x10¢ +£6.667x107"m?/s). This is a trivial amount of variation in light of the maximum measured output
flow which is just under 100 1t/min (0.00167 m?/s) for this pump as tested. The authors believe that the minimum
number of samples for this pump is 25 samples, that is the learning zone width, provided those 25 samples are
collected using a 25 sample LHC-designed test set point sequence. There is every reason to believe, that a fewer
number of samples will produce a useful model, provided the LHC, or equivalent, algorithm is used to establish
the test’s set point sequence. It will be shown shortly that when the learning zone is built using the hyperspace
vertexes of an orthogonal test point sequencing, as is dictated by ISO 4409, that the ability to predict and reach
information saturation is just as efficacious as is the LHC algorithm. For purposes of this paper, hyperspace
vertexes are the upper and lower extremities of the independent variable ranges, that is, no test points exist outside
the tested hyperspace, of the independent variables in all their combinations.

It can be concluded that with the LHC design of experiment method, the minimum sample size is an independent
variable because modeling of hydraulic pumps and motors is concerned with known physics used for the
mathematical model or catalyst function as shown in eq. 2. This model carries an “ideal flow term”, 4;-N, and an
internal laminar leakage term, A: - p/v, both of which are well known hydromechanical phenomena occurring in
hydraulic pumps and motors, plus the so-called Couette/compressibility effect, i.e., the last term in eq 2. fig. 5
shows that the LHC sampling algorithm can produce a designed experiment that will always produce information
saturation within the number of samples requested of the LHC algorithm. That is, the points of the first crossings
coincide almost perfectly with the numbers of samples used for each respective LHC learning zone width, i.e., 25,
50 and 100.

2.5 LHC Sampling for prediction of information saturation

The authors sought to explain why when using an LHC experiment design, the point of first crossing of the final
RMS residual error always coincided regardless of the number of samples selected for reaching the learning zone.
It was hypothesized that because LHC is a randomization method for selecting the data, a better sampling of the
pump performance can be obtained for the regression used in PSR. Therefore, the following statements can be
made:
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- Latin Hypercube sampling strategically spreads sample points evenly throughout the chosen data
hyperspace.

- The stratification of the data used in LHC layering of the sample points creates assurances that all regions
of the hyperspace are fairly sampled,

- Randomization distributes the sample test points throughout the defined hyperspace.

However, the authors recognized that conventional LHC sampling always falls short of the tested hyperspace
limits, therefore the hyperspace vertexes became new possible candidates for populating the learning zones. This
paper validates the vertexing strategy. Given these statements, LHC is found to be an efficient method for sampling
of the entire universe of points within the hyperspace of the pump’s performance. PSR analysis verifies adequacy
of the sample size by reaching information saturation within the sample count used in the learning zone. In PSR
analysis the adequacy of the small sample is referred to as efficacy of sampling. To the best of the author’s
knowledge, statisticians have not given a name to that phenomenon which allows a small number of samples to
serve as a model for a much greater population of samples. PSR analysis using LHC sampling has shown
empirically that even sample sizes as small as 25 provide and predict that information saturation will be reached.

LHC sampling has been producing its sufficiency in sampling since McKay first introduced it in 1979 [9], however,
the sufficiency was not known until PSR analysis was used to verify it. The virtues of LHC design of experiments
have been lauded by other authors [15]-[17] , however, the laudits are not universal. For example, Vose [18] argues
against the value of LHC sampling but, does so in the original intent and context of McKay [9]. The original intent
was aimed at efforts to minimize the number of iterations needed to draw conclusions from simulations with scores
or hundreds of parametric combinations. PSR analysis with LHC sampling in this current context is used to
minimize data samples needed to create useful physical models drawn from the data. PSR analysis revealed, and
verified, the original postulate by Johnson [8], that there must come a point where additional sample counts
contribute little or nothing to the quality of the model.

2.6 The role of rearranging the genesis file

The authors investigated the beneficial effects of randomizing an orthogonally collected genesis file after having
failed to reveal information saturation without ambiguity. Randomizing was carried out using a reordering
algorithm which in turn made use of the semi-random number generator in their compiler. The results created an
unambiguous RMS error plateau as seen on fig. 6, but it lacked the predictability of LHC sequencing. That is, LHC
sequencing provided the sample count to reach information saturation, by inspection, while at best, some statistical
theories likely have to be applied to make sense of the saturation sample count with random reordering of the data.
Nevertheless, this data randomized sorting appears to be reliable in demonstrating information saturation, provided
there are a sufficient number of data samples. But the uncertainty in predicting sample count for saturation
precluded investing any further time into a search for a predictor. No further investigations were made using
rearranging beyond the five corroborating analyses for a fixed displacement gear pump shown in fig. 6 and a
variable displacement piston pump fig.5. For the gear pump the ideal shape suggested in fig. 4 emerged in fig. 6
and it leaves no doubt that information saturation occurs at about 30 or 40 samples. In order to use the model
associated with the first observations below 30, the sorting of independent variables and the PSR analysis on
unaltered orthogonally sequenced data will not work. Randomization of the data will provide models from fewer
samples, however, there is no reason to believe that fig. 6 depicts a condition of optimality.

2.7 PSR and optimal sampling efficiency Discussion

In an ideal scenario, measurements would be made with zero error. Of course, a zero-error experiment is
impossible, but a discussion of such an ideal scenario helps to point out the challenges in the real world scenario.
The requirements for modeling an ideal, perfect, zero-error data set are listed below:

—  The smallest possible PSR matrix must have only one more sample than there are unknown regression
coefficients in order to satisfy this well-known requirement of regression, and,

—  There must be some variation in each and all of the independent variables within the selected M+1
samples, where M is the number of unknown coefficients in the known regression function.
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Figure 6: Effect of iterative data rearranging on RMS residuals for a gear pump

In this ideal case, assuming a perfect pump model, M+1 samples are all that are needed, provided both principles
are met, then the perfect regression function and the perfectly measured data will absolutely guarantee a perfect
set of coefficients. All error-based FoMs i.e., the RMS error, will be exactly 0.0. Perhaps more importantly, if
there are more than M+1 samples collected by the laboratory, it makes no difference which M+1 samples are
selected. Any M+1 samples, or more, within the entire assortment of collected samples will absolutely produce
the exact same coefficients and will absolutely produce zero error between model and measured data. More
samples are needed in the real laboratory because all of the data has errors, and the real regression function is
therefore not knowable.

3 Results and discussion

A summary of the results of the research to date suggests that information saturation could not occur until the
sample set included the full range of all the independent variables, from minimums to maximums in the designed
test program. In all of the successful demonstrations of information saturation, it can be seen that the RMS residual
error FoM begins at a low level with the very first, while regressing the fewest samples, and then gets larger as the
PSR matrix sample count increases. The very first PSR model dataset (PSR matrix) is for a sample count of one
more than the number of unknown coefficients in the catalyst regression function. With so few unknowns and so
few samples, a low error between model and data is expected, especially when using accepted first principles to
select the regressor terms [12]. There is a natural reaction to conclude that this low error produces the best model.
This is not assuredly true, and such assumption leads to poor models. As more samples are added in the PSR
process, the errors grow as the model misses more data points. Eventually, and at times with very low sample
counts, information saturation is reached, and the learning zone samples are consumed by the growing PSR matrix
and the PSR analysis enters the convergence plateau. That growth of the error leads to a better model is
counterintuitive, unless information theory is applied to the principles of regression. Regression can optimally fit
only those samples that are given to it. Information saturation occurs because each new sample contributes no new
information, and the error reaches its plateau. If new data points were to be obtained outside the hyperspace used
for creating the model, there will likely be a rise in the convergence plateau and different regression coefficients.
In short, there would be a new model based upon a new set of hyperspace vertexes. On the other hand, if a user of
the model entered independent variables that are outside the tested modeled hyperspace, they would be
extrapolating beyond the verified limits of the model. PSR analysis helps to explain why extrapolation of any
empirical model is discouraged by those who use models based on regression.

3.1 Vertexing

Vertexing is a multi-step process, it begins with finding the best candidate data samples of vertexes. This can be
at test planning stage, before entering the laboratory, or it can be done on legacy data that was collected
orthogonally per ISO 4409. Vertexes are the outer corners that define the ultimate limits of the tested hyperspace.
Vertexes consist of all possible combinations of minimums and maximums of the independent variables: pressures,
speeds, viscosities, displacements. All four are not variables in all cases, e.g., fixed displacement machines.
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Regarding vertexing, there are 2" possible vertexes in a given test, where 7 is the number of actual independent
variables that are implemented in a test program. Arrangement of the data samples is necessary so that all the
vertexes are the first samples in the genesis file. The application of strategies for the arrangement within the vertex
data samples is required to avoid data crowding and variables that have not undergone actual change within the
beginning small sample counts of PSR analysis. This was caused by data crowding and volatility of the 4,
coefficientin fig.2. In a fixed displacement test, there are only three independent variables, so there are 23 vertexes.
A simple binary truth table can quickly construct all eight combinations of minima and maxima. This is a three-
dimensional hyperspace and can be visualized [8]. In a variable displacement test, there can be four independent
variables and the hyperspace is four dimensional and has 16 vertexes, and so on.

Each vertex is a data sample. When the data is sequenced into the PSR matrix such that the vertexes are the first
2" points in the matrix, the resulting PSR analysis reaches information saturation at the conclusion of regressing
those samples. The efficacy of starting PSR analysis with the vertexes is every bit as good as LHC sequencing. In
fact, the most significant conclusion of this paper is that the optimal dataset for PSR analysis will have 2" vertex
samples followed by an LHC sequence with 2" samples to form a super efficacious learning zone.
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Figure 7: Overlay of compared data sequences.

The vertexes assure that all extremities of the hyperspace will be reached and represented while the LHC samples
will assure that the interior of the hyperspace is considered. In the case of a two-dimensional test program, with
only pressure and speed as variables, there are only four vertexes. It is recommended that the LHC sample set
contain at least 8 samples in the case of a two dimensional hyperspace. Figure 7 is an example of how quickly the
information saturation takes place with eight vertexes leading the genesis file to PSR analysis. The attainment of
information saturation is identified as the point of “first crossing” in the figure. The resolution of the graph with
350+ data samples cannot display the gap between the vertical axis and the start of the two curves with a catalyst
regression function with only four unknowns. That catalyst function was one that the authors examined as part of
the many trial-and-error analyses during the early months of the project.

The authors’ software for vertex mining has a min or max strategy as options. The min strategy arranges the vertex
samples so that there is the smallest amount of hyperspace distance in going from one vertex to the next. The max
option is just the opposite. It sets the order of adjacent samples so that the greatest amount of hyperspace distance
separates vertex neighbors in the genesis file. There has not been enough exploration of these options and results
to draw any conclusions, however, the authors lean toward the max as being preferred. It is known that both data
crowding and non-varying parameters can occur within the vertex learning zone. By rearranging the vertexes so
that there is a maximum change from one sample to the next, it is reasoned that both data crowding and non-
varying parameters are broken up.

Figure 8 shows that the 4o coefficient is more volatile than the RMS Residual error. This is to be expected, and is
the reason that coefficients are not good indicators of the success or not of reaching information saturation.
However, the peak-to-peak volatility in 4o is small, ranging from about -0.5 to about -1.05 a spread of about 1
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litre/minute. Given that the maximum measured flow from this pump was nearly 100 litre/minute, the volatility of
Ao is only about +£0.5% of maximum measured value. The second issue examines the final value of the RMS
Residual error. It is nominally about 0.8 litre/minute, or about 0.8% of maximum measured flow. In comparing
the RMS value to the graphs of fig. 2 the terminal error was only 0.38 litre/minute. Both curves began with the
same source data, however, the catalyst regression function for fig. 2 had seven unknown coefficients, while the
function for fig. 8 used only four unknown coefficients. It is well known among modelers of physical processes
that the number of terms, that is, function complexity, will affect the data fit. Figure 3 displays the better fit of the
two because the RMS Residual error is less.
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Figure 8: PSR Analysis results for an eight vertex sample dataset.

Vertex mining can be used on orthogonally collected data after the fact. It was used on legacy data for this paper.
Several steps are required, and some special programming is needed in order to make the correct calculation of
hyperspace distance. The steps are:

1) Set up a binary truth table listing all combinations of minimums and maximums based on the number of
independent variables in the test program, i.e., 4, 8, 16, 32, etc. total combinations. 2) Search the existing data file
for the absolute mins and maxes for each one of the independent variables in all samples of the data and save it in
its own matrix. 3) Normalize each independent variable so that its maximum is 1.0 and all other values are less. 4)
Normalize all corresponding values in the binary table so that each max value is 1.0 but each normalized minimum
is whatever the normalization produces. 5) Taking each combination from the binary table, compare its proximity
to each one of the data points in the total data array and save the one with the smallest hyperspace hypotenuse as
the real vertex in a totally new matrix. Place that value at the front of the data array, but use the un-normalized
original values. Then move to the next binary table entry and repeat the search for closest proximity. 6) When all
binary table entries are completed, move all of the remaining samples into the new vertexed array making sure that
the vertexes are not included because they have already been placed at the front of the new vertexed matrix.

From Johnson’s progress reports [10]-[12], this phenomenon was seen clearly when the laboratory test sequence
used LHC sampling strategy which also reliably and repeatably predicted the number of samples needed to reach
information saturation. The results of shuffling the data to break up data crowding and non-varying independent
variables, produced similar results, that is, information saturation was demonstrated, using the same data that failed
in its original orthogonal order. Shuffling, however, had no predictor indications about how many samples were
needed for information saturation. Genesis files for a gear pump and variable displacement piston pump were both
shuffled. The PSR results are subject to interpretation, but the gear pump required about 30 to 40 samples to reach
information saturation while the piston pump needed about double that number of samples. In another analysis of
the piston pump by the authors, data was subjected to simple sorting on pressure. That is, the lowest pressure
samples were first in the genesis file and progressively grew to maximum pressure with the last sample. The PSR
results showed no clear information saturation. Instead, the RMS residual error continued to rise to the very end
of the total 353 samples. This observation led to the conclusion that the learning zone needed to be populated with
samples that had representation from the extremes of the independent variables. This was supported by the
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demonstrated reality that LHC sampling forced the test points to range over the extremes of the independent
variables. The natural outcome was the postulate that the best representatives for the learning zone would be the
vertexes of the actual tested hyperspace. A variable displacement pump tested at two or more viscosities and
several displacements has four independent variables, and therefore 16 vertexes are needed to define the
boundaries of its hyperspace, while a gear pump, with its fixed displacement, would have only 8 vertexes in three
dimensions.

A case study was carried out with a simple, and non-algorithmic, test sequence starting with the eight vertexes of
a piston pump test. The goal of this case study investigated if sampling the vertexes of the hyperspace alone formed
the learning zone with a consistent minimum sampling size. For example, a sample size of 16 vertexes for a four-
variable test and eight vertexes are required for a three-variable test. Because the data from the pump was already
obtained before the case study additional testing was not convenient, so a peripheral program was written to harvest
the vertexes from the existing orthogonal legacy test data by applying a basic data mining strategy. A learning
zone consisting of the vertexes of the test program hyperspace would assure that the full ranges of all independent
variables would be present in the learning zone, fig. 7. A new test program with a learning zone comprised of only
the hyperspace vertexes was not practical at the time, thus the synthetic process of harvesting vertexes from
existing legacy orthogonally sequenced data was the only timely approach, under the circumstances. The mining
and harvesting involved scanning the source data file for the extremes of all independent variables that were used
to formulate an ideal set of vertexes. Next, the ideal vertexes were used to locate the real data samples that were
closest to the ideal vertexes. In the first use of the method, there were three independent variables, requiring eight
vertexes. When the nearest samples were found, they were extracted from the original genesis data set and
reattached, but as the opening eight samples. Performing PSR analysis on the modified (re-sequenced) data set
produced efficacy that rivaled the results of LHC sample sequencing. Because they represent the samples with the
greatest spread in data, the eight mined vertexes were used as a learning zone in order to test the idea that the
vertexes will be as efficacious as is produced by LHC sampling. The vertex data sequence has been referred to as
a “synthetic” learning zone, but only because the first efficacious learning zone used LHC sampling in a more or
less conventional design of experiment process. “Synthetic” in this context, suggests that the vertexes were not
part of a pre-laboratory designed test plan.

Given that the StartSample variable was set to 5 (refer to the 4-unknown catalyst regression function displayed in
Fig. 7 and Fig. 8) which makes the actual number of regressed samples at the first crossing point about 10 or 13,
depending on the readers’ interpretation of the graph, it is unambiguous evidence that indeed, vertexes produce
learning zone efficacy that is similar to, if not better than that of LHC sampling. Perhaps a combination of the two
could produce even better results. The opportunities to improve efficacy have only been explored to a very limited
degree. This has led the authors to postulate that a more optimal designed test sequence will use both LHC and
vertexes in the learning zone. Other variables are typical of what would be expected with the efficacy of LHC
sampling. The Ao coefficient in fig. 8 has some opening volatility, but it’s not excessive and settles down
reasonably well. Beyond the learning zone, the RMS peak-to-peak value is about 0.6 Ipm, and with a maximum
measured output of about 100 Ipm, it calculates to about 0.5% of maximum output total spread (+0.25%), which
is only half of the +0.5% uncertainty limit required for the output flow per ISO 4409 (ISO, 2019) when claiming
Class A Measurement uncertainty. To this point all the presented individual PSR analysis results are from a data
file that was originally collected using classical orthogonal data sequencing. This is the method suggested by the
recommendations of standard method ISO 4409 [14]. The results are shown in graphical form in fig. 8.

It is well known that the results of classical regression, that is, using all samples to produce a single model, will
always be identical when using the same data, but in various sequences. That is, the terminal, or final coefficients,
and FoMs will be exactly the same, regardless of data order. This truth is borne out in figs. 5, 6 and 7 in the fact
that all traces converge on the same final value for the Residual RMS Error regardless of data order, however, the
trajectories taken to get to the plateau depends on the data order. The data can be rearranged manually, especially
at the beginning of the PSR analysis, so that information saturation is reached at a lower sample count. Two reliable
and predictable means to achieve information saturation are now known, vertexing and LHC sampling.

4 Conclusions

Research results to date demonstrate that PSR analyses are affected by the order in which data is presented to
PSR’s iterative regression process. In setting up a genesis file, it is the skill with which the samples are arranged
that control whether or not information saturation is demonstrated more so than the numbers of samples. The same
research has identified three different means for establishing efficacious sample sequencing that are objective and
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predictive: The first is through the use of LHC experiment design to create the pre-laboratory test program for both
the learning zone and the convergence zone. The second is to include the vertexes of the hyperspace extremities
to guide the collection of first data samples, and the third is to randomly rearrange legacy data that was collected
using the conventional orthogonal sequencing that is recommended in ISO 4409. The first two of these methods
will assure that information saturation is reached within the number of samples requested of the LHC algorithm
and the number of vertexes needed to define the test hyperspace. Random rearrangement of legacy orthogonal data
shows promise of assuring information saturation, however, it is less predictive in the number of samples required.
A fourth method, sample randomization by shuffling, produce information saturation, however, it was not
predictive and was abandoned. Incorrect data sequencing (sample order) has a negative effect on the results. False
negatives and false positives can occur in PSR Analysis, as illustrated in Fig. 2 and Fig. 3. The PSR analysis
paradox is that one needs to have many samples in order to conclude that fewer samples would have sufficed. This
makes PSR analysis a research tool and a means of verifying the efficacy of a given learning zone strategy to reach
and display information saturation. PSR analysis will continue to be a useful tool in mathematical model
development as a means for evaluating and validating conclusions about model quality.

S5 Future Research

Future research efforts are aimed at finding a means for converging on the actual number of samples needed to
achieve information saturation in the learning zone and to improving the information that can be gleaned from a
data set, aside from the quest for sample size. It is postulated that a combination of LHC and vertexed learning
zones will give test labs the tool to predict minimum sample count for producing reliable and useful math models.
This theory needs additional testing that consists of designing the test programs with LHC and vertexing combined
into a single learning zone. There needs to be one more round of testing to evaluate the efficacy and expected
optimality of a combined LHC and vertexed learning zone. All research to date regarding PSR analysis has not
given a means for positively calculating the minimum number of samples needed to achieve a useful model. The
next step in this continuing research program aims to correct that shortcoming. The new research must investigate
the nature of the learning zone data samples by comparing the sequencing that produces information saturation in
the learning zone to those which don’t devise a discrimination theory and then test it. This could lead to a practical
Efficacy Index. At the same time, the models themselves, that are taken from the limited data sets, must be
compared to ensure that they produce accurate projections of such quantities as output flow and input torque as
well as overall efficiency.

6 Acknowledgments

The authors wish to thank Mr. John Montague for providing his comments and editorial revisions to this article.

7 Nomenclature

Designation Denotation Unit

Fi Force N

p Pressure Pa

LHC Latin Hypercube

PSK Remession

1% Kinematic viscosity

N Rotational shaft speed rpm

p Pressure differential

An Regression coefficients

q Volumetric flow rate Ipm
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Abstract

The electrification trend means an increased focus on the energy efficiency of mo-
bile hydraulic systems. In turn, this means an increased focus on so-called pump-
controlled systems, where actuators are controlled by pump flow rather than valve
throttling. However, one of the main problems with pump-controlled systems is
matching the flow into the pump with its outlet flow. There are many ways of solving
this problem, but the solutions tend to be rather bulky and not ideal from a service
perspective, since they often rely on accumulators. This paper presents simple but
novel pump-controlled concepts, without accumulators. The energy consumption of
the presented concepts is analysed and compared to other concepts. The analysis is
based on measurements taken on a backhoe loader and the results show that imple-
mentation of the presented concepts on the backhoe’s boom actuator can reduce the
total power consumption by 50-60 % compared to the original load sensing system.
This can be compared with 55-65 %, which is the yield for an ideal, accumulator-
based, pump-controlled system on the boom.

Keywords: Pump-controlled systems, Backhoe loader, Electrification, Mobile Hy-
draulic systems

1 Introduction

Electrification of mobile machines is leading to a stronger focus on energy efficiency, not least because batteries
tend to be heavy and expensive. To obtain high energy efficiency on a system level, it is important to minimise
throttling losses due to differences in load pressures. This is usually an issue for linear actuators in particular, but
there are several solutions, including use of hydraulic transformers [1] or multi-chamber cylinders [2]. Another
alternative is to isolate consumers by using multiple pumps. The use of so-called pump-controlled actuators,
where one pump is dedicated to a specific actuator, is therefore of great interest. Another appealing feature of
pump-controlled systems is that they generally offer energy recuperation possibilities, which can reduce energy
consumption significantly for applications where high loads are often lowered.

In other words, pump-controlled systems are promising, yet they are not commonly found on mobile machines.

1.1 Contributions

Many pump-controlled systems have been presented over the years. The focus has generally been on making the
systems as efficient as possible and this has had a negative impact on the systems’ complexity and maintenance
requirements. In this paper, the trade-off between simplicity and energy efficiency is considered. Simple, low-
maintenance concepts for pump-controlled asymmetric actuators are presented and analysed. Results on energy
consumption from a case study conducted on a backhoe loader are presented, with the presented concepts compared
to other system concepts.
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1.2 Pump-controlled systems

The term pump-controlled system has already been mentioned plenty of times. It derives from the fact that the
pump flow is used to control the motion of the actuator in such systems, unlike in conventional valve-controlled
systems. The flow can be controlled by either the pump speed, the pump displacement or both. Previously, there
was much focus on displacement-controlled concepts, but the electrification trend of the last years has shifted the
focus towards speed control. However, both controls are principally very similar and a circuit for one control type
can generally be applied to the other type as well. The main difference is that a boost pump, required for the
displacement control, is often included in displacement-controlled circuits.

Pump-controlled systems have been in use for decades in the aircraft industry, [3]. The actuators used in that
context are symmetrical. However, the compactness of asymmetrical cylinders generally makes them the preferred
choice in mobile machines. The problem with pump-controlled asymmetrical cylinders is that the flow in to the
cylinder is different from the flow that comes out. There are many solutions to this problem and an overview of
the work that has been done can be found in [4]. That article presents a huge number of possible solutions to the
differential flow problem, but also outlines common problems with mode switching oscillations and accurate flow
matching, for example.

It is clear that the solution to the differential flow problem has not converged. However, a generalised schematic of
one of the most studied pump-controlled architectures is illustrated in Fig. 1. The control valve block in the figure
is often built up from passive components. It can represent an inverse shuttle valve or pilot operated check valves,
for example, but there are also recent instances where active valves have been used [5]. Regardless of the control
valve design, the basic idea is that an accumulator is used to take care of the differential flow. The accumulator
either provides or receives flow to/from the pump or the cylinder, depending on the mode of operation. During an
extension, the accumulator provides energy to the system, but during retraction, the energy flow moves in the other
direction. If the components are assumed to be lossless and pressure drops over the control valves are neglected,
this system is ideal from an energy point of view. It is therefore used as a reference system in this paper.

Unfortunately, there are drawbacks related to the circuit presented in Fig. 1. To minimise problems with cavitation
and to increase the stiffness of the system, some kind of pressurised reservoir is required. Typically, an accumulator
is used. Note that multiple actuators can share an accumulator [6]. However, this requires installation space as well
as maintenance and it complicates servicing. Filtering and cooling can also be problematic. It is therefore relevant
to consider other alternatives.

Control
valve/s

Figure 1: Common architecture for pump-controlled systems.

2 The proposed concepts

Instead of using an accumulator to handle the differential flow, the concepts that are presented in this paper share
the feature that the required differential flow during extension comes from a pressure source and that the differential
flow during retraction is directed to a tank through dump valves. The general architecture is illustrated in Fig 2.
The dump valves are here built up from a pressure relief valve connected in series with an on/off-valve. The
pressure relief valve takes care of the proportional control, and the on-board computer controls the on/off-valve.
The opening pressure of the pressure relief valve is set slightly higher than the pressure source to avoid short circuit
between the pressure source and dump valves. Regarding the pressure source, it can be either external or internal,
which will be described more in section 2.1 and 2.2. The operation of the concepts in different modes is illustrated
in Fig. 3. It can be seen how the pressure source supplies the low-pressure side of the system with flow during
extension. During retraction, one of the dump valves is active instead.
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Figure 2: Generalised pump-controlled concept presented in this paper.
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Figure 3: Working modes for the presented concept. The active control element for the differential flow is coloured.
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2.1 Internal pressure supply

The dumping process is equal to energy losses and the flow that is dumped during retraction must be refilled
during extension. Figure 4 shows a system where internal pressure supply is used to supply flow during extension.
This means that an internal charge pump is used to provide the required differential flow. Note that the required
components for this concept are usually included in a traditional closed-circuit pump. However, it is important to
remember that the charge pump is only allowed to pump fluid in one direction in this concept. This means that the
direction of the cylinder must be controlled by means of the displacement or that the charge pump must be able to
handle rotations in both directions without changing flow direction, which a wobble plate pump with check valves,
for example, can do. Furthermore, for optimal efficiency, the ratio between the charge pump and the main pump
must match the cylinder ratio, but also the flow required for displacement control might have to be considered.
Also note that the ratio will vary a great deal if displacement control is used on the main pump, which is not the
case when speed control is applied. In the analysis presented in section 3, the two controls are therefore separated.

Closed-circuit pump

Figure 4: The presented concept with internal pressure supply.

This concept is similar in principle to displacement-controlled concepts that have been researched through the
years (see e.g. [6-8]). The difference, apart from the lack of the accumulator, is that dump valves in combination
with check valves are used instead of pilot operated check valves.

2.2 External pressure supply

For many mobile machines, it is only reasonable to implement pump-controlled actuators on a limited number
of functions. This is mainly due to reasons of space and cost, for example, but it can also be due to limited
energy saving possibilities for certain functions. Therefore, it is still relevant to power some functions with a
more conventional valve-controlled system. This system can then be used as an external pressure supply for one
or more pump-controlled systems. Pressure reducing valves can be used in-between the external pump and the
pump-controlled systems to provide constant pressures to the latter. This is illustrated in Fig 5. The system within
the block called Conventional system can be of any type, as long as it can provide the minimum pressure for the
low-pressure side of the pump-controlled system. In this paper, a load sensing (LS) system is considered.

The usage of a pressure reducing valve can also be applied in systems that use pilot operated check valves or shuttle
valves instead of check valves in combination with dump valves. This is because the pressure reducing valve can
dump the excess flow to the tank. Efficiency-wise, the results are expected to be similar to the presented concept
since they are only different ways of throttling the same flow. The difference is the pressure drop, which is set
slightly higher in the dump valve.
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Figure 5: The presented concept with external pressure supply.

3 Energy analysis

This section contains an energy analysis, where the presented concepts are compared to other system architectures.
The analysis is based on pressure and flow measurements taken on a backhoe loader in action for two different
work tasks: excavating and grading. During the tasks, three of the backhoe’s cylinders were used. An illustration
of the backhoe loader and the cycles is presented in Fig. 6 and the measured pressure and flow requirements can
be read from Fig. 7.

The energy consumption for the following systems is included in the analysis:

* Conventional LS
A conventional load sensing system is used for all three actuators. This is how the commercial backhoe
loader is built today.

¢ Separated LS
The boom cylinder is powered by a separate LS system.

¢ No recuperation
The boom cylinder is pump-controlled, but no recuperation is possible. The arm and bucket are controlled by
a conventional LS system. This system is included in the analysis to pinpoint the recuperation possibilities
and does not represent any presented architecture.

¢ Ideal pump-controlled system
The boom cylinder is working in an ideal pump-controlled system according to system presented in Fig. 1.
The arm and bucket are controlled by a conventional LS system.

 Internal supply, speed-controlled
The boom cylinder is working in a pump-controlled system with dump valves and internal pressure supply
according to Fig. 4. The pump for the boom cylinder is speed-controlled, which means that the flow from
the charge pump is proportional to the flow from the main pump. The arm and bucket are controlled by a
conventional LS system.

¢ Internal supply, displacement controlled
The boom cylinder is working in a pump-controlled system with dump valves and internal pressure supply
according to Fig. 4. The pump for the boom cylinder is displacement controlled, but the charge pump is fixed
which means that the flow from the charge pump is constant and dimensioned for the maximum required
differential flow. The arm and bucket are controlled by a conventional LS system.

* External supply
The boom cylinder is working in a pump-controlled system with dump valves and external pressure supply
according to Fig. 5. The arm and bucket are controlled by a conventional LS system.
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(a) Excavating cycle. Gravel was picked up from a low position (b) Grading cycle with no additional load in the bucket.

and dropped from a high position.

Figure 6: Illustration of the example machine and its motion during the two analysed cycles. The cylinders for the
boom, the arm and the bucket were operative during the cycles.
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Figure 7: Measured pressure and flow for the two drive cycles. The left figures are for the excavating cycle and
the right for the grading cycle. The labels correspond to the nomenclature in Fig. 8 and 9.
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3.1 Measurement setup

The measurements have been taken on a machine with the internal pressure supply concept implemented on the
boom cylinder. The system architecture and positioning of sensors is illustrated in Fig. 8. For more information
about the test machine, see [9].

Boom Arm Bucket

Xp,boom Xp,arm Xp,bucket
— — —
A [A,
PB1 Pax

Load holding

valve PLS,meas

E Conventional ;
1 { LS-system @
o, S

Figure 8: Measurement setup consisting of two separate circuits;, one for the boom cylinder and one for the arm
and bucket cylinders.

Note that the measurement setup only has one dump valve. This limits operation in guadrant 4. However, that
has not been considered a problem for the analysed test cases. Furthermore, the machine was equipped with a
load holding valve, which is required for safety related reasons. This valve was controlled with pilot pressure and
opened from joystick commands.

3.2 Power calculations

The approach for the power calculations is illustrated in Fig. 9.

System architecture, prs meas

l

PA1, PB1 Force F | Pressure p..np Power P
calculation calculation calculation
Xp,booms Xp,arm> Xp bucket Flow 4 p,booms 4p,arm> 4p.bucket
calculation

Figure 9: Power calculation process. The nomenclature relates to figure 8.

From the conducted measurements, an equivalent boom cylinder force was calculated according to Eq. (1).

F :pBlAp_pAlAr (D

This force was then used to recalculate pressures for the different system architectures. For the pressure calcula-
tions, the pressure on the low-pressure side was defined by the system concept itself, with consideration given to
pressure drop over the load holding valve. The flow rates were calculated from the measured cylinder positions
and the required pump speed was determined based on the flow rates. The power consumption for the different
system concepts could then be calculated as follows.
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Peonv.Ls = (maX(pLS,boomapLS,meas) +APLS) : ‘Qp,boom

2a
+ (maX(PL&baom,pLs,meas) +APLS) : (|qp,arm\ + |qp,huckez|) e
Pieprs = (pLS,boom + APLS) ‘ ‘qp,boom o)
+ (pLS,meas +APLS) : (|‘Zp7arm| + |qp,bucket|>
ProRecup = max ((P32 — PA2)  qp,boom> 0) .
c
+ (pLS,mea.\' +APLS) ‘ (|6Ip,arm| + |qp,bucket|>
Pigea = (PBZ - PA2> “qp.boom
(2d)
+ (PLs,meas +APLS) : (|qp,arm| + |qp7buckel|>
Piysup = (PBz —PA2> “qp.poom
+ (pLS,meas +APL5> : (|qp,arm| + |qll,bucket|> (2e)
+ Psupply - ‘nPDCP
Porisup = (PBz - PAz) “qp.boom
+ (pLS,meas +APL5> : (|qp7arm| + |qll,bucket|>
(2f)

-+ max ((pLS.meas + ApLS)7psupply) -max (Qdiffa 0)

-+ max (psupply - (pLS,meas +APLS);O> ’ <|CIp,arm| + |qP,bucket|)

The first row in (2a) to (2f) corresponds to the power related to the boom and the second to the power related to the
arm and bucket. The additional rows, which exist in equations (2e) and (2f), corresponds to the power that relates
to the pressure supply. A description of different parameters in the equations follows:

* gpx represents the flow that the machine/machines must handle to correspond to the speed and load of
cylinder x.

* DLSboom (not relevant for pump-controlled systems) is the calculated required LS pressure for the boom.
When this pressure is calculated, it is assumed that the pressure in the low-pressure side of the cylinder is
constant.

* DLS,meas 1 the measured LS pressure for the arm and bucket.
e Aprs is the pump pressure margin for the LS pump/pumps.

* pB2> — Pa2 (only relevant for pump-controlled systems) is the pressure differential over the pump-controlled
machine.

* Psupply 18 the pressure setting for the charging of the pump-controlled actuator.
* npD.p corresponds to the flow from the charge pump in a system with internal pressure supply.

* qaiff = (Ap —Ar) - Vpoom is the differential flow for the boom cylinder.
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4 Results

Figure 10 shows the power consumption integrated over the cycles for the different system architectures. It also
shows how the energy is distributed. The results are for pg,pry = 2.5 MPa and Apys = 1.5 MPa. For the architec-
tures with internal pressure supply, the charge pumps are optimally sized.
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Figure 10: Normalised energy consumption for an excavating and a grading cycle for different system architec-
tures.

The large differences between the conventional LS system and the separated LS system show that 25-40 % of the
energy consumption is related to the mismatch in boom pressure and the pressure for other actuators. It can also be
seen that the consumption for both the boom and arm + bucket decreases since the highest load alternates between
the different functions during the cycle.

When comparing the separated LS system with the pump-controlled system with no recuperation, losses that relate
to the pump pressure margin for the boom as well as losses related to the pressure in the low-pressure chamber can
be seen. These losses correspond to about 10-15 % of the total consumption for the conventional LS system. Of
this 10-15 %, the elimination of pump pressure margin losses corresponds to 30-40 %.

The difference between the no-recuperation system and the ideal pump-controlled system shows the recuperation
possibilities. The results show that the relative recuperation possibilities are smaller for the excavating cycle than
in the grading cycle. In the latter, the energy consumption for the boom is almost eliminated. That is, however,
not the case for the excavating cycle since the load is dropped from a high vertical position. Still, it corresponds to
more than 10 % of the total energy consumption for the conventional system.

When it comes to the energy consumption for the internally and externally supplied systems, which are the concepts
that this article is orbiting around, it can be seen that the charging-related losses can reach up to 10 % of the
consumption for the conventional system, but that the losses actually required only corresponds to 1-2 %. The
required charging energy corresponds to the flow that is supplied to the system times the supply pressure. For
concepts with internal pressure supply, the additional losses are related to the flow from the charge pump that
is not delivered to the system. For external pressure supply, the additional losses are instead related to pressure
drops. This means that concepts with internal pressure supply have losses that are proportional to the supply
pressure setting (see Eq. (2e)), whilst the losses in the external pressure supply concept mainly depends on the
drive cycle of the external pump. If it is working on pressure levels similar to the supply pressure setting, the losses
are small.
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5 Discussion

The intention with this paper is to present concepts for pump-controlled systems based on dump valves. The dump
valve concepts were developed to be simple, which means that they should be easy to implement and require low
maintenance. It was obvious that the concepts would have worse efficiency than state of the art, accumulator-based,
pump-controlled systems, but there is usually a trade-off between efficiency and simplicity. A quantification of the
energy losses that comes with the concepts is therefore of interest. However, since mobile machines generally have
widely varying drive cycles, this study shall only be considered as an example.

Regarding the simplicity, it is considered an advantage that no accumulator is needed in dump valve concepts.
This is because accumulators are bulky, not free of maintenance and can complicate servicing in the field. Another
advantage is that the concepts are not completely closed, which reduces problems related to e.g., air-bleeding,
cooling, and filtering. The intention with the concepts was also that they were supposed to be built from common
off-the-shelf components. That intention is, however, only partly fulfilled due to problems in finding optimal
closed-circuit pumps for the concepts with internal pressure supply, which is described further below.

When it comes to energy efficiency, it could be seen that the displacement-controlled internal pressure supply
system had the worst performance. The speed-controlled alternative was far better, but the problem with the
speed-controlled system is that the charge pump must be able to handle speeds in both directions. The availability
of pumps is therefore very limited, and the complexity of the system is increased. A solution could be to use
combined speed- and displacement control, which would result in losses in-between pure speed- and displacement
control. Nevertheless, it is important to mention that the charging- related energy consumption is proportional to
the supply pressure in concepts with internal pressure control. In the example above, the supply pressure was set
to 2.5 MPa, which is rather high. This could be reduced without any problem. A high supply pressure is, however,
preferable from a controllability perspective since it means higher stiffness. Another way to reduce the losses is
to address the losses that relates to the charge flow that is not supplied to the system. These could be reduced by
adding a by-pass valve in the charging system that is activated in quadrant 3 and 4, but this solution would increase
the complexity further and is therefore not considered as relevant.

The concept with external pressure supply is of considerable interest since it only requires a few, simple compon-
ents, assuming that a conventional LS system is installed on the machine. No size matching between cylinder ratio
and any charge pump needs to be considered, which makes the process of finding components simple compared to
the internal pressure supply concepts. It will also have very good efficiency if the external pump mostly operates
at pressures close to the supply pressure setting. That was, however, not the case in the analysed cycles.

When it comes to the design of the dump valves, it should be made clear that actively controlled proportional
valves can be used instead of the solution with a pressure relief valve in series with an on/off-valve, which has
been presented here. In fact, with an actively controlled proportional valve, the dump valve used in quadrant 4
can be omitted since high-pressure oil can be dumped on the piston side instead. Unfortunately, this would mean
slightly worse efficiency, since less fluid will pass through the hydraulic machine, and also increased complexity.

Lastly, it should be stated that a demonstrator has been built as a proof of concept for a dump valve concept [9].
This machine used internal pressure supply. The drivability of the machine was considered to be satisfactory. Mode
switching oscillations have not been analysed in detail, but it has not been considered an issue during the tests that
have been performed. It should, however, be mentioned that switching between quadrant 1 and 2 is passive whilst
switching between quadrant 3 and 4 is actively controlled. Oscillations in the latter case is therefore expected to be
easier to avoid. Once again, it should also be stated that the presented solution with dump valves in combination
with check valves can be replaced by pilot operated check valves, shuttle valves, or actively controlled valves. This
would mean similar efficiency to the presented concepts, but with switching behaviour similar to earlier studied
concepts [8, 10, 11]. Here, we do not make any statement on which is preferrable.

6 Conclusions

Pump-controlled systems based on dump valves are not optimal, but they can offer a good trade-off between
efficiency and implementability. The concept with external pressure supply is considered highly interesting since
it is easy to implement and since the efficiency is high if the external pressure supply usually operates at pressures
similar to the supply pressure. Internal pressure supply concepts are less attractive since it can be hard to find a
pump with the desired charge pump characteristics.
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Nomenclature

Designation Denotation Unit

D Displacement [m3 /rev]

n Rotational speed [rpm]

P Power (W]

p Pressure [Pa]

q Flow [ /5]
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Abstract

When dealing with electrification of working machines, energy-efficient operation is
key to maximise the usage of the limited capacity of on-board batteries. Previous
research indicate that plenty is gained by reducing component and system losses by
means of design. In contrast, this paper focuses on how to maximise energy efficiency
by means of control optimisation. Dynamic programming with backward-facing sim-
ulation is used to find the optimal electric motor speed trajectory for a scooptram ma-
chine equipped with pump control, using digital displacement pumps with dynamic
flow sharing as enabling technology. The results show that low shaft speed is pre-
ferred to minimise drag losses from parasitic components, partly facilitated by the
relatively high and operation point-independent efficiencies of the pumps and electric
motor. The results indicate energy reduction of 5 - 9 %, where higher figures could be
expected for other, more hydraulic-intense applications, such as excavators.

Keywords: Control Optimisation, Pump Control, Digital Displacement Pump, Mo-
bile Hydraulics

1 Introduction

Mining machines are mobile working machines used to move ore and other granular material in mines. Cur-
rently, these machines are subject to electrification, with decreased global use of energy and fossil fuels as primary
motivators. For mining machines, a lowered energy consumption is directly related to cost for the user, but elec-
trification also has positive side effects. By replacing the conventionally used combustion engine with an electric
power source, local emissions such as exhaust gases, heat and noise are reduced. This reduction, or even elimina-
tion, improves the working environment for the machine operator and reduces the need for ventilation, which is a
major energy consumer in a mine.

For electrified system solutions with on-board batteries, limited energy capacity compared to diesel fuel puts high
requirements on the energy efficiency of the machine’s motion system. This aspect is challenging in particular for
the work functions, that conventionally are powered by a hydraulic system with throttle control. In pump-controlled
hydraulic systems, valve throttling is minimised by powering each function with an individual pump [1].

Traditionally, pump-controlled systems have been difficult to motivate as they require the pumps to be dimen-
sioned for the maximum flow of each function. With several functions, this results in an expensive system with
multiple large pumps that primarily operate at part load with poor efficiency [2]. In this paper, the use of a digital
displacement pump (DDP) is considered as a measure to mitigate the above-mentioned drawbacks of pump control.

1.1 Scope and Delimitations

The aim of the paper is to, in terms of energy efficiency, evaluate the potential of the concept presented in section
2 applied to the Epiroc ST14 Battery, and to investigate the gains of optimally controlling the electric motor shaft
speed. The work functions considered are boom, bucket and steering while the component sizing and the driveline
are not within the scope of the paper. The current available DDP version from Danfoss is considered, which
operates in pump-mode only [3]. Energy recuperation from the loads is thus not considered.
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1.2 Scooptram

The mining machine considered in this paper is referred to as scooptram. Similar to a wheel loader, a scooptram
uses articulated steering and has a loader with boom and bucket. In contrast to the wheel loader a scooptram
is, however, designed to be used under ground, and therefore has stricter space requirements, which results in a
rather compact design. The specific machine model studied in this paper is the Epiroc ST14 Battery [4], shown in
figure 1. It has a battery (Li-Ion NMC) as primary energy source, which is swapped to a recharged battery when
empty. This concept allows battery charging from the grid and machine operation to occur simultaneously. The
ST14 Battery uses one electric motor (traction motor) for propulsion and another (auxiliary motor) to power the
work functions (boom, bucket and steering). Today, the work functions are implemented with a conventional load
sensing system with two axial-piston pumps connected in parallel. This paper explores the potential of replacing
each axial-piston pump with a Danfoss Digital Displacement Pump (DDP) [3], shown in figure 2.

Property Value  Unit

Mass 42 Tonnes

Nominal power (traction motor) 200 kW

Nominal power (auxiliary motor) 160 kW
(a) Epiroc ST14 Battery. (b) Machine Data [4].

Figure 1: Scooptram application considered in the paper.

1.3 Digital Displacement Pump

A DDP is a piston pump where the flow is controlled by individually connecting and disconnecting each piston
to the pump’s high and low pressure sides, enabled by actively controlled high-speed solenoid valves [5]. The
pump displacement is then varied by controlling the number of active and non-active pump cylinders during one
or several shaft revolutions [3]. Within the scope of this paper, it is assumed that this property is equivalent to a
continuously variable displacement in a conventional pump.

A benefit with the DDP design is that it results in significantly higher part load efficiencies compared to con-
ventional axial piston pumps. This benefit was showcased in the 16-tonnes DEXTER excavator, where the con-
ventional pumps were replaced with DDPs. This swap resulted in fuel savings of up to 20 % with maintained
productivity [6].

Another attractive feature of the DDP is that its physical layout facilitates access to the individual pistons. One
pump can thus be treated as several pumps connected in parallel on the same shaft. Each pump, referred to as
pumplet, can in turn be dedicated to an individual function [7]. If each pumplet flow is individually controlled,
a system solution classified as a centralised pump-controlled system with mechanical power distribution [1] can
thereby be achieved. In this paper, in contrast to [7], the DDPs are powered by an electric motor with variable
speed, which presents a degree of freedom.

Property Value Unit
Max displacement Dp 96 cm’/revolution
Number of pumplets 4
Pumplet displacement D, 24 cm?/revolution
Pistons per pumplet 3
Piston volume 8 cm?

(a) Danfoss Digital Displacement Pump (DDP). (b) Size data (one unit) [3].

Figure 2: Danfoss Digital Displacement Pump (DDP).
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From a control perspective, a pump with variable speed and variable displacement has a degree of freedom since
the pump flow is the product of these two variables. Traditionally, this freedom has been locked by considering
either constant speed or constant displacement, primarily due to cost reasons [1]. One recent exception is [8],
where a speed-controlled pump with discretely variable displacement is considered. As previously mentioned, this
paper assumes continuously variable pumplet displacements.

1.4 Dynamic Programming

To lock the degree of freedom, optimal control is considered in this paper, using deterministic Dynamic Program-
ming (DP). With DP, the control problem is discretised in state-time, where a recorded drive cycle is used to find
the optimal control decision for each discrete time instant of the cycle, proceeding backward in time. The primary
benefit with DP is that it yields the globally optimal solution (for a given discretisation). This benefit does, how-
ever, come with two important drawbacks. The first is a high computational cost, that increases exponentially
with the number of states and control signals considered. The other is that it requires knowledge of the complete
cycle, which means that the obtained control strategy is not implementable in practice. Rather, the results from the
DP optimisation can be used to develop and evaluate causal control strategies. This is common practice within re-
search of hybrid vehicles, where a DP result is commonly used as benchmark when evaluating energy management
strategies, see for instance [9]. In this paper, the use of DP serves primarily two purposes:

* To explore the maximum potential of the considered system concept.

* To provide knowledge on how to optimally control the concept in a future implementation.

2 System Concept

Figure 3 shows the concept investigated in the paper. The conventional pumps in the ST14 Battery are replaced
with DDPs (P; and P») connected to two valve blocks, while the rest of the system is unchanged. The three loads
are controlled with directional valves (V1-V3) that are assumed fully open when the load cylinders are in motoring
mode and are used for meter-out throttling when the load cylinders are in pumping mode. The boom and bucket
functions have bypass valves that are assumed to be controlled simultaneously with the directional valve of each
function, to redirect some of the flow from the piston side chamber to the piston rod side chamber when the cylinder
is in pumping mode, thereby reducing the required pump flow.

Transmission Dynamic Block Us VL1

Py A constant

Static Block
7

46,1

PG

462

PG2

4963

rj.) [);_} BOOm

Bypass
valves

1qL3

4G4 VL3

PG4

;’I’(,.}

Vi

AT |

| Fi3

Ap3 A

Groups Loads pr=~0

Bucket

Figure 3: Layout of the system to be optimised. States that are determined directly by the drive cycle in the
optimisation are highlighted in bold. Any check valves for load holding purposes are omitted in the figure.

The pumplets are connected to a static block which combines the pumplets into groups. The dynamic block
connects the pumplet groups to the loads. In contrast to the static block, the dynamic block can change during
use of the system, thereby enabling dynamic flow or pumplet allocation [7]. The idea of the concept is to dedicate
group 1, 2 and 3 to load 1, 2 and 3, respectively, and have group 4 available as a shared resource. For instance,
if 100 1/min is required by load 1, but group 1 can only provide 50 I/min, group 4 can provide the remaining 50
I/min. This enables moderate pumplet sizes as the loads seldom require their maximum flow simultaneously for
the considered application.

The DDPs are powered by the auxiliary electric motor (Aux EM) which also powers peripheral mechanical func-
tions (Pyerum, €.g. brakes, cooling) and the transmission clutch boost circuit, which consists of a fixed displacement
gear pump (D;) connected to a pressure relief valve. The auxiliary and traction () electric motors are powered
by the battery which also powers peripheral electric functions (Pp,£, €.g. A/C, battery cooling).

As previously discussed, the speed of the auxiliary electric motor is a free variable, and there is a compromise to
make between shaft speed and flow sharing. This compromise is found using control optimisation in this paper.
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3 Problem Formulation

The control optimisation problem for the considered concept is formulated as:

minimize  Eg (uem(t),A(t))

Uem (1)
subject to Ex(t) <1, k=1,2,...,zp,
us(t) = j, JE[0,1,...,z1],
Uem,min < Uem(t) < Uem max,
I min(t) < Ip(1) < Ipmax(1), M
Oem,awxmin(t) < Oem,aux(t) < Oem,auxmaxs
wemaux(t) = Uem (1),
Oem,aux(t0) = Oem,auwx,min(t0),
Oem,auxmin(tf) < Oem,aux(tf) < Oemauxmax

where u,,(¢) is the control signal, which is the angular acceleration of the auxiliary electric motor. This choice
of control signal is made to enable limitation in shaft acceleration and thus avoid solutions with undesired and
unrealistic shattering of the motor speed. It may also be noted that the introduction of the angular acceleration
defines the angular speed as a state, which makes the optimal solution time-dependant. From a strict mathematical
perspective, u,,(t) may also be interpreted as an additional degree of freedom. A(t) is the drive cycle:

Fp(t)
vLi(t)
At)=| F zL(f) , with 7 € [to, /] ()
VL7 (1)
Ptrac( )

_wem,aux,mm (t)_

where Fy ;(¢) and vz ;(¢) is the force and velocity of load i, respectively. Pey rqc(2) is the power to the driveline and
@em aux,min(t) 1s the minimum speed of the auxiliary motor as required from the driveline transmission to obtain
sufficient flow to its boost circuit. fo and 77 are the starting time and final time of the drive cycle, respectively. The
cost to minimise is the total energy consumed by the battery during the cycle:

Ep= / " Py (t)dr 3)

where Pg .,(t) is the battery charging power (P ., > O for charging, Pg ., < 0 for discharging).

4 Model

The DP algorithm uses a backward-facing simulation model to evaluate the cost-to-go at each time step. The input
to this model is thus the drive cycle, A(t), and the grid of states and control signals. In the following equations,
this means that @e, 4 is regarded as given.

Some important modelling assumptions:

1. Constant tank pressure, pr ~ 0.
2. Each control valve (V] 2 3) and on/off valve in the dynamic valve block yield a constant pressure drop Ap,.
3. Lossless cylinders.

4. When active, the bypass valves are controlled so that the full piston rod chamber flow is supplied by the
piston chamber flow.

5. The pumplets’ displacements are continuously variable.

6. Lossless static valve block.
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4.1 Cylinders

The steering motion of the machine is actuated with two identical asymmetric cylinders connected in parallel. This
arrangement is modelled as an equivalent symmetric cylinder. Similarly, the boom function’s two cylinders are
modelled as an equivalent asymmetric cylinder. Assumptions 1 - 3 yield the load pressure p; ; for load i:

Fpi+ApyAy ;i
LT{ZA +Ap, PL,i >0, VLi > 0
ApvApi—FL;

pLi= pfiéi& +Apy PLi>0,v; <0 @
Ap, Pi<0

where P, ; is the power consumed by load i:

Pri="Fpvr; )

The load flow ¢, ; for load i is:

viiAai  vei>0
qLi= (6)
—vriAp; vii<0
For the boom and bucket functions, assumption 4 yields:
qri=0 forP; <0, vy; <0,i€[2,3] @)

4.2 Dynamic valve block

The configuration of the dynamic valve block is a function of the control signal u, which is implicitly defined by
@em aux after the introduction of the following rules:

1. Flow sharing is only used when a group is saturated,
2. When flow is shared, the load flow is divided equally between the saturated and shared pumplet groups,

3. The flow of each pumplet group is divided equally between the pumplets connected to this group,

To decide if sharing should occur, the maximum flow available at each group can first be calculated as:

qG,max,1 4 p.max,1
quax = = MPG,qqp,max = MPGJI (®)
4G,max,zg 4p,max,z,
. . — —T . .
where z¢ is the total number of groups and z,, is the total number of pumplets. MpG g =Mgp ), is a [z x zp| matrix

with zeros and ones that correspond to the connections in the static valve block (see further details in section 4.3).
For the considered concept:

Dy,op; 1<k<4
= , 9
qp,max.k {DprZ 5 < k < 8 ( )
where wp; is the shaft speed of pump /:
Wp; = ig,l Wem,aux (10)

where i, is the gear ratio of the gear connecting pump ! to the auxiliary electric motor. Define js, as the group
index at which group flow is saturated:

qL‘,jS(ZT > qG;maxsjmt’ jsa[ € [1727 s ’ZL] (1 1)

where z; is the total number of loads. According to rule 2 the flow, gg,;, at group j is then determined as:
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qr [F Jsa
qG.j = ZZ[MGP.p(i’j) . . > J€E [1727'-~5ZL] (12)
D - D g - “qrLi 1= Jsat
Z,‘:]MGR,p(H])JFZ,‘:]MGRp(’;ZG)

For the considered configuration:

p T ..
" Mep (i, |
. G‘"";Sli) L je,2,..,z) (13)
Z,‘:]MGP,p(lJ)+Z,’:]MGP,p(laZG) 2

The flow at the shared group is:

0 s
464 = { [ # Jsar (14)

qLi—4qG, 1= jsar

and finally the group pressures are:

pL,j .]6[17273]
paj=1 fo i (15)
PLii +Apv L= Jsat

4.3 Static Valve Block

To determine the pumplet flows and pressures, the group flows and pressures are first collected in the vectors g
and pg, respectively:

46,1 PG,
dc=| ' |, Pc=] (16)
4Gz PGz
Similarly, the pumplet flows and pressures are collected as:
dp,1 Pp,1
q,= , Pp= a7
dp.zp Pp.zp
Ignoring pressure losses in the static valve bock, the pumplet pressures can then be determined by:
Py =Marp-Pg (18)

where Mgp), is a [z, X zg) matrix with ones and zeros that corresponds to the connections in the static valve block.
For the configuration considered in this paper (figure 3):

1 0 00O
1 0 00
01 00
— 01 00
Marp=10 0 1 0 (19)
0010
0 0 0 1
0 0 0 1]
Ignoring leakage and obeying rule 3, the pumplet flows are determined as:
4y =Morq-4o (20)
where Mp, is a [zG X z,] matrix with each element:
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Mgpp(k, j)

MGP_’ (k,]) = N (21)
! Y My (i J)
For the configuration considered in this paper:
— 1 —
Mgpg = 3 “Mgp, (22)
4.4 Pumps
The relative displacement, g, ;, of pumplet k connected to pump / can then be determined according to:
dpk
Epk =7 — (23)
" Dpopy

The total efficiency, 1,4, of pumplet k connected to pump / is then calculated with linear interpolation in an
efficiency map obtained from the pump manufacturer:

Npk = I (Op1, Pp ks €pk) (24)

The efficiencies are then used to calculate the input power to each pumplet:

qpkPpk
g = e (25)
np,k
The power input to each pumplet can then be used to calculate the torques of pump 1 and 2:
4 Zp

P " P
1oy = Zi=L bk g, Licslht (26)

i p | : p2

4.5 Mechanical Losses
The boost circuit for the driveline transmission is modelled as a constant torque, assuming ideal pressure relief

valve characteristics:

PuDp

p,b

Tb,trac = (27)
where p,, is the boost pressure, D;, the boost pump volumetric displacement and 7, ;, the boost pump hydromech-
anical efficiency (assumed constant, 1, , =~ 0.8). Other peripheral mechanical losses are modelled as a constant
power loss, estimated from the drive cycles:

Pperm
Tper,M = Zj;z (28)
4.6 Auxiliary Electric Motor
The total torque on the auxiliary electric motor is then:
Tp1 + T, . Tro+ Thermr .
Tem,aux = bl birac g1+ b2 perM lg2 (29)

Ng Ng

where 17, are the gear efficiencies (assumed constant, 1, ~ 0.98). The efficiency, Nem, aux, Of the auxiliary electric
motor is calculated with linear interpolation in an efficiency map obtained from the electric motor manufacturer:

Nem,aux = f (Tem,aum wem,aux) (30)

which yields the input power to the auxiliary electric motor:

Tom, aux Pem,aux
Pem,aux,in = 3D
Nem,aux
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4.7 Electric circuit

The battery output power is calculated as:

P .
Pg = _Pem,trac — T Pper,E (32)
Ninv

where Py, is electric peripheral losses, which are assumed constant and were estimated from the drive cycle. N,
is the inverter efficiency (assumed constant). P, ;4 is the power to the driveline electric motor:

Brac P > O
Pem,tmc = iy e = (33)
Ptracninv Ptrac <0

where P, is the power to the driveline recorded during the drive cycle. The battery current, Ip, is then obtained
as:

—Uemi Uemi ? Py
Ip = °b 34
5= Ry T\ \28s ) TR (34)

where U,,,; and Rp are the electromotive force voltage and the internal resistance of the battery, respectively, which
are both assumed to be constant and which values were obtained from the battery manufacturer. This finally yields
the battery charge power:

Py cn = P — Rpl} (35)

5 Drive Cycle

The drive cycle used in the optimisation is a short loading cycle (two repetitions, with total time 77 = 140 seconds,
to = 0) that was recorded with a ST14 Battery operated by a professional operator. In the recorded cycle, the
machine fills the bucket in a gravel pile, reverses, turns, drives to another pile and empties the bucket. After
the recording, the results were post-processed to obtain some of the states used in the optimisation (see equation
(2)). The piston forces were calculated from the logged cylinder pressures and the cylinder dimensions, assuming
lossless cylinders. The boom piston position was first calculated from the logged boom angle and geometrical data
and then differentiated and filtered with a moving average filter to obtain the piston velocity. Similarly, the steer
piston velocity was obtained from the steer angle while the bucket velocity was calculated from the logged piston
position. The driveline power was calculated from the logged torque and speed of the driveline electric motor.

6 Results and Discussion

The optimisation problem in section 3 was solved with DP using the implementation in [10] with the settings in
table 1. The time discretisation was made with a time step of 0.2 seconds, which is regarded as the minimum
actuation time of the on/off valves used in the dynamic valve block.

Table 1: Optimisation settings.

Parameter Value Unit
Time step 0.2 seconds
Max motor speed Dem,auxmax 3000 rpm
Motor speed grid size 200 points
Minimum motor shaft acceleration Uem,min -100 rad/s?
Maximum motor shaft acceleration Uem, max 100 rad/s?
Motor shaft acceleration grid size 49 points

The resulting state trajectory (auxiliary motor shaft speed), the shared group load dedication (u;(f)) and the pumplet
group pressures for the optimised cycle are shown in figure 4 while the group and load flows are shown in figure 5.
The optimisation maximises the shared group use to minimise the auxiliary motor speed. Parts of the cycle require
higher shaft speed to match the required flow. These parts can be observed in figures 4-5 as the bucket filling
phases (20-40 seconds and 80-100 seconds) and the boom raising phases (50-70 seconds and 110-120 seconds).
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Figure 4: Auxiliary motor speed, flow sharing control signal and normalised group pressures for the optimised
cycle.
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Figure 5: Normalised group and load flows for the optimised cycle.
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Figure 6 shows bubble plots for the pumps and the auxiliary electric motor. In these figures as well, it is clear
that low speed is preferred, since around 50 % of the cycle is spent near 900 rpm. It may be noted though, that
maximum efficiency of the pumps and the electric motors is not prioritised, as the efficiency-optimal speeds for
both these components are significantly higher (around 2000-3500 rpm). It was found that the reason for this
was the power loss due to the transmission boost circuit. This loss increases proportionally to the electric motor
shaft speed and is significantly larger (approximately a factor 2) than the losses in the pumps and the electric motor.
These results highlight the benefits of considering the complete system rather than the individual components when
evaluating energy efficiency, and of having high and relatively flat (operation point-independent) efficiencies in the
pumps and electric motors. For the ST14 Battery machine, the results also suggest that an alternative solution for
the boost circuit could be interesting.
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Figure 6: Bubble plots for the pumps and the auxiliary electric motor for the optimised cycle.

To investigate the gains of optimally controlling the motor speed, an optimisation with constant speed, chosen as
the highest value in figure 4 (2800 rpm), was carried out. The resulting cycle energy is shown in figure 7, where
the energy for the baseline case (load-sensing with axial-piston pumps) and the optimised case are also shown
for comparison. Compared with the baseline case, the total cycle energy was decreased with 5 % using constant
speed, while optimal speed control added an additional drop of 4 %. The losses decreased with 16 % with constant
speed with an additional drop of 14 % with optimally controlled speed. The primary cause for the improvements
were found to be reduced pump losses and reduced valve throttling losses. One important source of error are the
peripheral electrical losses (Pyer.£), which were difficult to estimate accurately and stands for approximately 7 - 8
% of the cycle’s total energy consumption. This indicates a need to investigate these losses in more detail.

Compared to [6, 7], the obtained improvements may be considered surprisingly small. In [6, 7], the application is,
however, an excavator with a diesel engine, where parts of the savings were achieved by selecting a more fuel-
optimal point of the engine. In addition, all power is actuated with the hydraulic system in an excavator while
the driveline represented 53 % of the energy consumption for the scooptram in the considered cycle (see figure
7a). Moreover, in contrast to an excavator, simultaneous use of multiple hydraulic functions is rare in a scooptram,
which results in low pressure-compensating losses in the baseline case. The gains from introducing pump control
in the considered application are therefore relatively low compared to the excavator considered in [7].

The results indicate that approximately 4 % extra energy savings are gained by optimally controlling the electric
motor speed, where the gains are almost exclusively due to the lowered losses in the transmission boost circuit.
This improvement is in the same order of magnitude as was found for the truck loader crane considered in [8],
and may be seen as moderate. One important reason for this improvement being moderate is that the pumps and
the electric motor both have relatively high efficiency for a large operational domain, which therefore makes the
speed parameter of less importance (efficiency-wise) for these components. The fact that scooptrams often operate
non-stop in short loading cycles still, however, makes 4 % a desirable improvement. On that same topic, all the
presented results are based on one cycle, and other cycles may lead to a different number.

Furthermore, it may be noted that the boom and bucket functions have high amounts of energy that potentially be
recuperated, which could further lower the energy losses.
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Figure 7: Cycle energy. The baseline cycle energy was calculated from the recorded battery current and voltage.

7 Conclusions and Outlook

The Digital Displacement Pump facilitates the implementation of pump control in a mobile working machine. By
using control optimisation, the maximum potential of the considered pump control concept with dynamic flow
sharing could be evaluated. The optimal control results show that a strategy with minimised electric motor speed
is preferred, primarily due to drag losses from the boost circuit of the transmission clutch actuation system. This
strategy is facilitated by the high and relatively operation point-independent efficiencies of the pumps and electric
motor. The results indicate a 5 % decrease in total system energy use for the considered short loading cycle, with
an additional 4 % drop if the electric motor speed is optimally controlled. The improvements primarily come from
reduced pump and valve throttling losses.

The low amount of simultaneous function use in the considered application suggest that greater loss reductions is to
be expected for a more hydraulic-intense application, such as an excavator. Moreover, the obtained results depend
on the considered concept, load cycle and the component sizes. It should also be emphasised that the obtained
optimal strategy is not implementable in a causal controller, which indicate lower savings in a final application.
Other applications, load cycles, concepts, combined control and component sizing optimisation and development
of causal control strategies are, consequently, subjects for future work.
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Nomenclature

Designation Denotation Unit

Aysp A/B-side piston area m?

D Volumetric displacement m?/rad

Ap, Valve pressure drop Pa

E Energy J

€ Relative displacement -

n Efficiency -

F Force N

1 Current A

ig Gear ratio -

A Drive cycle (vector)
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MGR p/a Static valve block pressure/flow matrix (Groups->pumplets) (matrix)
MGR pla Static valve block pressure/flow matrix (Groups->pumplets) (matrix)
v Velocity m/s
E Energy J
(0] Rotational speed rad/s
P Power W
p Pressure Pa
q Flow m3/s
R Resistance Ohm
T Torque Nm
to Cycle start time seconds
ty Cycle end time seconds
U Voltage v
Uem/s Electric motor/flow sharing control signal rad/s? (-)
G Total number of groups (zg = 4 here) -
zL Total number of loads (zz, = 3 here) -
Zp Total number of pumplets (z, = 8 here) -
Subscripts
aux Auxiliary i Load number P Pump
B Battery iny Inverter )4 Pumplet
b Boost Jj Group number per Peripheral
E Electric k Pumplet number sat Saturated
em Electric motor L Load T Tank
emk Electromotive force / Pump number trac Traction
G Group M Mechanical
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Abstract

Good estimates of flow mapping for electrohydraulic valves are important in
automation of fluid power system. The purpose of this paper is to propose adaptive
identification methods based on a recursive least squares method (RLSM), a recursive
maximum likelihood method (RMLM) and radial basis function neural network
(RBFNN) to estimate the uncertain parameters in flow mapping for electrohydraulic
valves. In order to reduce the complexity and improve the identification performance,
model structures derived from prior knowledge are introduced. The methods are
applied to map the pressure-flow characteristic of an electrohydraulic valve. With the
help of simulation results, the accuracy and efficiency of these algorithms are
demonstrated. Some issues like invertibility of flow mapping are discussed and
suggestions to apply these methods are made.

Keywords: adaptive identification, flow mapping, electrohydraulic valve, RLS,
RML, RBF

1 Introduction

For many years, hydraulic-mechanical control systems have been characterized by extremely high requirements
for good operability, high reliability, robustness and a favorable cost-benefit ratio. However, an increase in
efficiency and productivity for control systems can only be achieved through the use of electrohydraulic
components in combination with electronics, sensors and software. Among the many components that contributed
to the success of electrohydraulic control systems, the proportional valve elements are of considerable importance.
The flow rate of valves cannot be described precisely enough by simple physics-based equations because of highly
non-linear characteristic. Offline-Identification of flow mapping is an efficient way to compensate the complex
non-linearity in valves partially. Though offline-Identification cannot adapt to changes in the system properties
over time, e.g. the influences of temperature, erosion on the valve edges and wear of valve spool. Therefore, a self-
learning system for adaptive identification of flow mapping for proportional valve elements in electrohydraulic
system is crucial, in which not only the complex non-linearity can be compensated, but also the flow mapping can
be adapted to the varying system parameters. Numerous system identification methods are now available, but the
suitability of adaptive identification for valve elements has not been sufficiently investigated. In addition, it is
necessary to make a prediction based on limited data about flow mapping at some cases. As for the application of
flow mapping, various fields can be found such as demand-based flow rate control for energy-efficient operation,
high precision control, autonomous control, maintenance and fault detection, condition monitoring and
diagnostics. The present paper aims to analyze different adaptive methods for (inverse) flow mapping which could
be acted as feedforward controller. If the flow rate characteristic relationship Q = f (U, Ap, ...) is inverted to U =
f(Q,Ap, ...), the inverse flow mapping could also be used for feedforward control instead of traditional lookup
table method. Compared with the direct mapping for U = f(Q, Ap, ... ), the inverse flow mapping can effectively
reduce the complexity of computational effort while ensuing accuracy.

Starting with research and comparison of different adaptive identification methods, suitable for an adaptive
identification of flow mapping in electrohydraulic valves, considering online-processing capability, signal-to-noise
ratio, model fidelity and amongst others. Different adaptive identification method based on RLSM, RMLM and
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RBFNN are chosen for flow mapping of electrohydraulic valves. Examples of adaptive identification with RLSM
can be found in the work by Vahidi et al. [1], C. Kamali et al. [2], S. Dong et al. [3] and M. Kazemi dt al. [4].
Similarly, RMLM is also the popular adaptive parameter estimation in the field of parameter identification. The
origin of the RMLM can be traced back to R. A. Fisher [5]. L. Ma et al. [6] have applied the RMLM for the
identification of Hammerstein ARMAX system and compared with RLSM in detail. In order to combine the
advantages of Maximum Likelihood and RLSM, J. Li et al. [7] have used a maximum likelihood recursive least
squares method for multivariable systems. Chen et al. [8] derived a filtering based maximum likelihood recursive
least squares algorithm for reducing computational efforts. O. Nelles et al. [9] presented a comparison between
RBF networks and classical methods for identification of nonlinear dynamic systems. RBFNN has wide
applications in many areas such as computer science, aircraft and mathematics [10-14].

Besides the identification methods, the source data types play an important role in identification. Figure 1 proposes
different source data types for identification. Static data are time independent. On the contrary, dynamic data are
time dependent and the inertial effects have to be taken into account. The transition data type between them are
quasi-static data, which are time dependent but slow enough to neglect its inertial effects. Usually, structured data
characterize the flow behavior of throttle valves. These data are determined at discrete input signals, representing
the operating range. There is a high resolution along the x-axis, whereas only a few data point exist along the y-
axis. The data-gap increases the requirements for the training procedures (optimization) and eventually creates
great deviations between model and estimation. A comprehensive scatter data-set appears to be advantageous in
terms of coverage. However, arbitrary data is difficult to interpret and to evaluate, which is why the use of such
data is not very widespread. Limited and noisy flow data are more common. The restrictions mostly result from
limited capacities of the test rig or system setup. Noise is inherent to measurement data, which requires filtering
of data or smoothing capabilities of the approximation procedures. Operating point data contain operating point
resulting from a typical working cycle of machine. In this paper, quasi-static data combined with structured data
and scattered data are used for identification.

static data quasi-static data dynamic data
Z=fxy) Z=f(xyt) Z=fxy1t)

Figure 1: combination of source data types for identification [17]

The subsequent paper is organized as follows: In Section 2, to be acquainted with the static characteristics of the
electrohydraulic valve, a test rig in laboratory has been set up. After that, a virtual demonstrator with real-time and
streaming OPC UA data has been completed, which was carried out in simulation environment to validate the
adaptive parameter identification methods. Then the suitable adaptive identification methods are chosen and
derived in Section 3, including LSM, RLSM, RMLM and RBF. In Section 4, the previously developed, adaptive
identification methods have been applied and exemplified in order to obtain the evolving flow mapping of a piloted
proportional valve, which belongs to the test rig. The results demonstrate that the adaptive identification methods
have convincing performance for the flow mapping of electrohydraulic valves. Finally, conclusions are drawn and
some issues to be solved are discussed in Section 5.

2 Modelling and Test Rig of Electrohydraulic Valve

2.1 Modelling of Electrohydraulic valve
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Figure 2 shows the construction of proportional seat valve “Valvistor”, which is based on hydraulic position
feedback.

Figure 2: Construction for flow direction p; to p: (left)/ simplified simulation model structure (rvight) [17)

Due to a negative overlap of the variable orifice between control chamber (2) and main poppet (3), the pressure
pc in the control chamber V- is equal to the pressure p; at the valve inlet V;. Because of the upper area of the main
poppet is greater than the area facing p;, the closing position of seat valve is ensured. Opening the pilot valve (1),
pressure drop enables the pilot flow Qp, and reduces the control pressure p. in the control chamber. The main
poppet starts moving until the equilibrium of forces is established. Neglecting flow- and friction forces and
rearranging the force balance equation for the main poppet leads to:

_ P p-1 . _ A1+Ap
PC—¢+(¢)p2WIth‘P——A1 (D
The flow rate across control-orifice K. results in:
Qc = Qpy = K¢ (%0 + xmp)+/BP1c (2)

Where x,p is the displacement of main poppet and X, is the negative overlap. According to eq. (1) and (2), the
following interrelation can be obtained:

_ @/ -1 \_
e =\ K, Jooi—p )T @

The flow rate across main poppet is given as:

Qmp = KupXup+/AP12 “4)

Neglecting the negative overlap x, in eq. (3) and substituting eq. (3) into eq. (4), results in following equation:

Kyp |9 —1
Qup = K_c T Qpy (5)
The total flow rate is given as:
Qr = Qup + Qpv (6)

From eq. (5) and (6), it can be seen that Valvistor amplifies a small flow rate Qp through the pilot valve, which
is similar to a transistor. Therefore, the name “Valvistor” is derived from valve and transistor. More about the
Valvistor can be found in [15], [16] and [17].

2.2 Test Rig and Results

Figure 3 shows the hydraulic plan and corresponding test rig built in laboratory. It consists of hydraulic reservoir,
adjustable pump, pressure relief valve, test valve (Valvistor), pressure control valve (load valve) and cooling
system, which is not shown here. The instrumentations installed in the system are various pressure sensors,
temperature sensor, a flow meter and displacement sensor, to measure the displacement of main poppet. For the
static measurements, the hydraulic system could be seen as constant pressure system with p, = 200 bar. Because
of limited power of pump, max. flow rate is restricted to Q4 = 200 I/min. Furthermore, in order to reduce
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influence factor, the oil temperature in tank is set to J9; = 40°C. To acquire the static characteristics of the
electrohydraulic valve, the control signals for test valve are given in the manner of discrete values. At the same
time, with the help of load valve, the outlet pressure p, varies between maximum and minimum so that the flow
rate through test valve is changed in a quasi-static manner.

E e

N
plﬂ o0 pzﬂ N

H
Q
Po l\ ;Jw
1O K . p—
i Test valve! ‘%‘ | EEII
Load valve 5
b |. P 4

Figure 3: hydraulic plan for test rig (left) [17)/ Test rig in laboratory (riéht)

Figure 4 presents the flow rate-pressure drop characteristic curves of test valve at different control voltages. As a
whole, the simulation results are in good agreement with the measured results. Based on the validated model, it’s
convenient to apply the adaptive identification methods in next section.

60% 50%

200 measured
simulated
= 150
E=
o
o 100
&
B
= 50

0 50 100 150 200

Pressure drop Ap [bar]
Figure 4: flow rate- pressure drop characteristic curves at different control voltages Uy

3 Adaptive Identification Algorithm

3.1 Outline of Adaptive Identification

Figure 5 shows the simplified basic sequence of the identification. The first step is to define the purpose of
identification. The purpose of this paper is to identify the relationship among flow rate Q, control voltage U and
pressure drop Ap for electrohydraulic valves. With the help of a priori knowledge, it can be presented as:

Q=fUAp)

The next step is determination of model structure. Model structure identification is based on the purpose of
identification and the application of mathematical models in practice. Most of the mathematical model structures
of linear systems can be easily identified by input and output data. However, since the static characteristics of
electrohydraulic valves are more complex, which contain nonlinear factors, the model structures would mainly get
through prior knowledge, assumptions and experiments. Based on these, there are two ways to determine the model
structure.

The first way is to linearize the nonlinear system at first. Then use the linear system identification methods. This
method will be adopted with RLSM and RMLM in the following. After trial tests, with the help of prior knowledge
and algebraic polynomials [17], following approximation for the Valvisor valve can be given:

Q =f(U,\/A_p) =a +a2U+a3\/A_p+a4U\/A_p+a5(\/A_p)2 (7
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Where a4, a,, -+, as are the parameters, which should be identified. Pressure drop Ap is replaced by /Ap in eq.
(1). The reasons for that are closer to the theoretical flow rate formula and a kind of simple and efficient order-
reduction means. By means of this linearization, it can greatly expand the scope of identification methods.

No

Yes

Figure 5: basic sequence of the identification [18]

Then the system approximation can be simplified as:
Q=Xx76 ®)

With =[x a; a3 a; as]"andX=[X; X, X3 X, Xs]"=[1 U JAap U/dp (\/AP)Z]T-

The second method is to directly identify the nonlinear system model structure. For certain types of nonlinear
system, models can be formulated that match well with the requirements on the model structure of known
identification methods [18]. A nonlinear system identification using RBFNN will be covered in the following.

The following task is applying of suitable identification methods to identify model parameters. By means of a
weighted point evaluation on the basis of the criteria suitability for linear or nonlinear process, allowable signal-
to-noise ratio, suitability for offline or online processing, ability for time variant system and resulting model
fidelity, preferred adaptive identification methods could be determined. At the end, least squares method (RLSM),
recursive maximum likelihood method (RMLM) and radial basis function neural network (RBFNN) are therefore
used for flow mapping of electrohydraulic valves and further investigated. Non-recursive least squares method
(LSM) is introduced simply for derivation and comparison purposes in paper.

3.2 Non-Recursive Least Squares Method (LSM)

The non-recursive least squares method (LSM) can be utilized for linear systems. In general, the model estimation
of electrohydraulic Valves is given as:

QM = a1X1 + azXZ + -+ aan (9)
The error & between measured output Qp and model estimation Q,, is determined as:

QP =QM+S=a1X1+a2X2+"'+aan+S (10)

At different time t= 1,2, ---, t, it is easy to get the measured inputs X; and output Qp, which can be noted as X;(t)
and Qp(t). Similarly, the error € can be defined as £(t). Then the system equations can be written as:
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0 (D) = @y Xy (1) + 43X, (1) + -+ anXn(1) + £(1)
(@) = 6K, (2) + 3, Xo@) + o+ 4Ky (D) + (D) 0
Qp(0) = @ X1 (6) + A Xy (6) + -+ + X () + £(2)

If the vector @ and X (t) are definedas @ = [@1 Az ay]Tand X(t) = [X;(t) X,(&) - X,(®)]". Then
the system equation can be reduced to matrix form:

QM) =[X%0) X0 - X%OI% % = a] +e) =X"(0)0 + &) (12)
If the vector Qp, , X, and & are defined as: Qp,=[Qp(1) Qp(2) - Q®]" , X,=
xXT(1) XT@) - XT(®)]" and & =[e(1) &(2) - &(t)]". Then the system equations (11) can be

reduced to matrix form:

Qp: = X0+ & (13)

Where 6 is the parameter vector, which should be identified. According the principle of least square, the cost
function:

JO =Y. e =3 (@p(t) —X"()6)> = &l & = [Qps — X,0]' [@p; — X.0] (14)

To find the minimum of cost function, the first derivative with regard to the parameter vector 6 is set to zero:

0/(6)

% =-2X7(Qp,— X,0) =0 (15)

OLs

This equation can be solved to provide an estimation for parameter vector 6, as:

-1

0,5(t) = (XT X)) 'X{Qp, =

D XX ® ZX(t)Qp(t)l (16)

Where L is the length of data.

3.3 Recursive Least Squares Method (RLSM)

The precondition for non-recursive least squares method (LSM) requires all the measured data had first been stored
then estimates the parameter in one pass. Such a method requires also a lot of computational efforts, especially the
matrix inversion in eq.(16). Therefore, the non-recursive least squares method (LSM) is not suitable for real time
identification. In order to overcome these deficiencies, recursive least squares method (RLSM) is introduced.
Furthermore, with appropriate modifications and forgetting factor, it’s easy to realize the adaptive identification
and solve the data saturation problem at the same time. With

L L-1
Pl =XTX,= ) X®OXT(®) = ) XOXT(t) + X)X ()|e=y a7
t t tZl tZl t
The following equation can be given:
Pr) =P (t—-1) +X()XT(t), P(0)=Pyl >0 (18)

In order to reduce the error in matrix inversion of P(t), according to matrix inversion lemma:
(A+BC)1=4"1-A"BU+CA™'B)1cA™?
The eq. (18) can be given as:

P(t) = (P71(t— 1) + X(DXT(6))
=P(t—1) —P(t— DX®O(1+XT(O)P(t — 1)X(t))_1XT(t)P(t -1)

19
_(;_ P(t — DX()XT(t) P(t—1) = (I - LOXTO)P(E - 1) 1
h 1+ XT()P(t — DX(t) B
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Where L(t) is the gain vector:

L) — P(t — DX(t) 20)
® = 1+ XT()P(t — DX(t)

Together with eq. (19) and (20), one then obtains:

P(t — DX®XT () 3 P(t—1DX() 3
P(X(2) = (' TTHXT(OP( - 1)X(t)> PU= DX =57t - nx -V o
According to the definition of Qp; = [Qp(1) Qp(2) -+ Qpt—1) Q)" = [Qpe-1 Qp(t)]and X, =
xXT(1) XT@2) - XT(t-1) XTM®]" =[X,-1 XT(t)], the eq. (16) can be transformed as:
- X 1" -
015(6) = (KT X)XT Qe = P(O) 1) g’;{t;] = P(0) (X[1Qpe1 + X(DQp (D) )
=P(t) (P71 (t = DP(t = DXT_1Qpeq + X(O)Qp (1)) = P() (P71t — 1Bt — 1) + X()Qp (1))
Base on eq. (18), one can substitute P~1(t — 1) = P~1(t) — X(£)XT(t) in eq. (22) and obtains
Bs(6) = Bu5(t — 1) + P(OX(®) (Qp () — XT(O)B5(t — 1) (23)
Which combined with eq. (21), one can write:
Bus(6) = Bus(t — 1) + L6 (Qe(6) = XT (0,5t — 1)) (24)
From eq. (19), (20) and (24), recursive least squares method (RLSM) can be descripted by:
B P(t — 1)X(t)
LO =13 ore - DX ©
(25)

Bus(®) = Bus(t = 1)+ L(®) (Qp (&) = XT(D)B,5(t — 1))
P(t) = (I - LOXT ()Pt — 1)

If the estimation parameters of an electrohydraulic valve change abruptly, for example, damage of valve, RLSM
can’t capture the new values in time. The estimation parameter from RLSM will vary continuously but slowly,
this is co called data saturation. With some modification, RLSM can be changed to RLSM with forgetting factor,
in which less weight is given to older data and more weight to recent information. With new definition:

1
AzX,;_
Xt — t-1
XT(®)

Where A is the forgetting factor and € (0,1] . The eq. (17) can be modified as:

L L-1
PA(t) = XT X, = Z XOXT () = %Z XOXT(@E) + XOXT(E)]oey = %P‘l(t “ 1)+ XOXT@®)  (26)
t=1 t=1
Thus, it follows:
PAt—1) = %P‘l(t -1) (27)

If one substitutes the eq. (27) in eq. (25), RLSM with forgetting factor is given as:

PA(t — DX(b)
A+ XT()PA(t — 1DX(t)
Bus(0) = B,5(t — 1) + 120 (Qp (&) — XT (D5t — 1)) (28)

P(t) = %(1 - L’l(t)XT(t)) PA(t—1)

LA(t) =
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3.4 Recursive Maximum Likelihood Method (RMLM)

Unlike the deterministic parameters in RLSM, the parameter and output can be seen as random variables. In
RMLM, the parameter vector 8 has the probability density function p(8) and the output vector Qp, is based on
the conditional probability density function p(Q P,t|9). According to the statistical property, RMLM can derive a
solution to the parameter identification problem. Because of the space limitations, this paper can’t give the
derivation of recursive maximum likelihood method (RMLM). More Information about the derivation please to
refer to [6] and [18]. RMLM for flow mapping is obtained as follows [6]:

L(t) = P(t = Dhe(&)(1 + hf (O)P(t — Dhp(t)) ™
8(t) = z(t) = AT (), (t — 1)

O (0) = 0y, (t — 1) + L(£)E(D) 29)
P(t) = (I = LOhf O]P(t — 1)
With
h@®)=[-z(t—-1) - —z(t—ny) u(t—-1) - ult-n,) et—-1) - &t-—ny)]"
he(t) = [zt —1) - —z(t—ng) u(t—1) - wt—m,) &FE—-1 - &t— n)]"

zp(t) = z(¢t) — c?lzf(t -1 - &ndzf(t —Ny)
up(t) = u(t) — dluf(t 1) = c?nduf(t —Nng)

3.5 Radial Basis Function Neural Network (RBFNN)

RBFNN has recently drawn much attention due to their good generalization ability and a simple network structure
that avoids unnecessary and lengthy calculation as compared to the multilayer feed-forward neutral network
(MFNN). RBFNN has three layers: the input layer X;, the hidden layer H; and the output layer @), which are

shown in Figure 6.

L J
Figure 6: typical RBFNN structure
The input vector X and radial basis function vector H in RBFNN are defined as: X = [X; X, - X,]" and
H=[H, H, - H,]" withi=1,2,-,n and j = 1,2,---,m. Where H; is the Gaussian function value,

which is given as:

2
Ix - ¢l
Hj = exp (— sz) (30)
J
Where C; = [¢j1 Gz ™7 Cin]T is the center vector of neural net j and b; is the width of Gaussian function for
neural net j. The width vector of Gaussian function can be given as B=1[b; b, - bp]T& b; > 0.
Furthermore, the weight vectorisw = [wy  w, ° Wn]T,
The output of RBFNN is:
QM(t) =HWT = H1W1+H2W2 +"'+Hme (31)
The cost function of RBFNN can be defined as:
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1
£(8) =5 (Qp(6) — Qu(®) (32)

According to gradient descent method, RBFNN is given as:

de(t)
8wy (©) = =1 == = 1Qp() = Qu(OIH; (33)
j
w;i(t) = w;(t — 1) + Aw;(t) + a(w;(t — 1) — w;(t — 2)) (34)
9 x-¢
y®) = 1252 — 10, ©) - Qu ey G (33)
J J
Be(6) = (@ (®) = Qu (w7 37
c;i(t) = ¢ji(t — 1) + nAc; (t) + a(c;(t — 1) — ¢;;(t — 2)) (38)

Where n € (0, 1) is the learning rate and a € (0, 1) is momentum factor.

4 Results Analysis and Verification

The last step is the performance evaluation of the identified methods, the so-called verification by comparison of
measured plant output Qp and predicted model output @, . In order to identify the parameters of the
electrohydraulic valve, following structured data in Figure 7 are used. To get the system excited enough, the signals
cover the total operating range U € [0,100]% and Ap € [0, 200]bar.

8007 —3007 —120
= 8250 £ 100
5= 2,250 T
6004 o —
=, 2004 g 80
o S S
5 4007 £1501 -5 601
= >
S 21004 = 40
£20071 2 _ i
s § 50 - § 20 4
0' = O' 2 0 T T T T T T
0 100 200 300 400 500 600 700

time t [s]
Figure 7: process of structured data to identify

In order to identify the parameters of the electrohydraulic valve, following scattered data in Figure 8 can been also

utilized. For a better comparison, the signals cover the same range U € [0,100]% and Ap € [0, 200]bar like in
structured data.

8007 —3009 ~120
= 5 =
R= 22,2504 =100 -
£6004 o -
=, <2009 & 801
o B e s
40019 £ 1504 =2 604
ER I
= 21009 = 401
220049 2 =]
= s 5091 E 204
2 3
0 - 0- 0 T
102 10!
time t [s]
Figure 8: process of scattered data to identify
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In order to illustrate the merit of the above-mentioned methods, it is appropriate to use the following signals for
verification purposes. The test data include data that does not exist in the training data.

8007 —3007 —120

= o = -

§= 22504 = .
E600{ o =

=, 2004 & 80
o B1c £

4004 21501 & 601
2 o >

= ©100{ = 404
22001 2 =

= 2 501 £ 20
= Q

od &= ol ° o .
0 100 200 300 400 500 600 700

time t [s]
Figure 9: process of input and output data to verify

Table 1 shows verification of RLSM using different forgetting factors and RBFNN with structured data. In order
to compare the goodness of identification for the different methods, the estimated flow rate Q,, are plotted against
the real flow rate Qp from test data. With an ideal identification, all points would lie exactly on the 45° red diagonal
curve. For RLSM with different forgetting factors, the well-known phenomenon of parameters “fluctuation” can
be deduced during increase of forgetting factor. It is noted that decreasing the forgetting factor will only worsen
the situation. It could be found that RLSM with 4 = 0.995 cannot get convergence at the end. If the forgetting
factor is setto 1 (1 = 1), RLSM with forgetting factor will be degenerated as classical LSM, which will eliminate
the fluctuation. However, classical LSM deals with all the past data equally and can result in data saturation
problem. Therefore, it is necessary to select suitable forgetting factors in practice. Under the premise of predicted
accuracy guarantee, the parameters fluctuation should be controlled at reasonable area at the same time. Compared
with RLSM, the merit of RBFNN is the best fitting results regarding accuracy at the end, although the rate of
convergence is slow. From these comparisons in Table 1, the conclusion can be drawn that that RLSM with
forgetting factor shows better extrapolating behavior than RBFNN. Both methods show suitable identification
results. Furthermore, to use the identified flow mapping of valve, the characteristic interrelation Q = f (U, Ap)
needs to be inverted to U = f(Q,Ap). In terms of invertibility, it’s obvious that RLSM with model structure in
eq.(7) is easy to transform. Whereas, it is very hard to get explicit mathematical description directly from RBFNN.
A feasible way is to reidentify and change the inputs, output and model structure at the same time. As for RMLM,
this method with structured data cannot converge to desired results. Therefore, it doesn’t show up in the table.
About the reasons for non-convergence, please refer to problems of convergence of maximum likelihood iterative
procedures in multi-parameter situations by N. Mantel et al. [19].

Table 2 shows verification of RLSM under different forgetting factors and RMLM with scattered data. For RLSM
with different forgetting factors, problems of convergence can also be seen during increase of forgetting factor.
Compared with structured data, a wider range of forgetting factors is tolerable with scattered data. Without
consideration for difficulty in data acquisition, methods with scattered data are much faster than methods with
structured data in terms of the rate of convergence. Compared to RLSM, RMLM shows almost the same results
regarding accuracy at the end, although the rate of convergence is slower. Regarding of RMLM, previous non-
convergence problem in structured data seems to have been solved with scattered data. In conclusion, both of
methods show good identification results. As for RBFNN, this method with scattered data cannot converge to
desired results. Therefore, it doesn’t show up in the Table 2. In RBFNN, the parameters of c;; and b; must be
adjusted according to the scope of the input values. For arbitrary scattered data, the parameters are adjusted
inappropriately, Gaussian function will not be effectively mapped and RBF network will be invalid [20].
Summarizing, the gradient descent method is not suitable to adjust ¢;; and b; in RBFNN with scattered data.

By contrast, RLSM with forgetting factor is more suitable for real application. At first, RLSM with forgetting
factor is able to deal with all kinds of data types. Furthermore, another advantage of RLSM with forgetting factor
in contrast to other methods is that it enables to integrate multi-dimensional dependencies with a reduced set of
parameters in the software development for embedded systems. Unlike RLSM, an implementation of RBFNN in
embedded systems could be problematic, since massive floating-point calculations are inevitable. Regrading to the
fitting quality of RLSM, one way to improve the accuracy is to adopt partition identification for local area. The
second way is to increase order in eq. (7) until the accuracy meets the requirements.
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5 Conclusion and Outlook

In this research, the different flow mapping identification methods for electrohydraulic valves are proposed. This
paper presented an analysis and comparison of different identification methods and data structures for 3D-flow
mapping. The proposed methods can be applied to adaptive identification for real machines in the future and
occupies small memory capacity at the same time. Moreover, their identification accuracy and convergence
property have been sufficiently investigated.

So far, the flow mapping identification methods have been applied for only one valve with little hysteresis and at
a constant temperature. In order to improve the generalization of the methods and obtain a flow mapping with
higher precision, the next investigation steps are concerned with the further development of the proposed methods
with respect to 4D-flow mapping or even more such as temperature and hysteresis. After that, the inverse
multidimensional flow mapping in precision motion control applications should be further tested. At last, it is
worth mentioning that some research on dynamic characteristics of the electrohydraulic valve with help of same
test rig has been done. Identification for dynamic characteristics of electrohydraulic valves as the next challenging
task would be further studied.

Nomenclature
Designation Denotation Unit
Fi Force N
aas ..., a, Estimated parameters -
A Matrix -
A; Piston area of main poppet in inlet mm?
A Ring area of main poppet in outlet mm?
bj Width vector -
B Matrix -
Cji Parameter in center vector -
C Matrix -
G Center vector -
d; Coefficient for error vector -
di Estimated Parameter in Parameter vector for noise -
h(t) Data vector -
hi(t) Revised data vector -
H Radial basis function vector -
H; H>, ..., Hy Gaussian function value -
1 Index -
1 Unit Matrix -
L Gain vector -
J Index -
J(O) Cost function -
Kc Flow coefficient of control-orifice 1/min-bar®>-mm'!
Kup Flow coefficient of main poppet 1/min-bar®3-mm-!
Do Constant system pressure bar
pi Pressure in valve inlet bar
p2 Pressure in valve outlet bar
Pe Pressure in the control chamber bar
P) Data matrix -
Py Initial data matrix -
0 Flow rate through valve /min
Oc Flow rate through control-orifice I/min
Omax Max. Flow rate through main poppet 1/min
Ou Estimated flow rate for valve(model) I/min
Owmp Flow rate through main poppet I/min
Or Measured flow rate for valve(plant) 1/min
Or: Measured flow rate vector -
Opy Flow rate through pilot valve 1/min
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Or Total flow rate through valve I/min
t Time s
u(t) Input data -
us(t) Revised input data -
U Input voltage for valve v
Vi Valve chamber in inlet mm?
V> Valve chamber in outlet mm?
Ve Control chamber in valve mm?>
W1 W2, ..., Wi Weight vector -
X Input variable -
Xymp Displacement of main poppet mm
Xo Negative overlap of control-orifice mm
X Matrix for inputs -
X Input vector -
X1 X, ..., Xu Input parameters in input matrix -
X Input parameters matrix -
y Input variable -
z(1) Output data -
(1) Revised output data -
Z Output variable -
Ap Pressure drop through valve bar
Api> Pressure drop between inlet and outlet bar
Apic Pressure drop between inlet and control chamber  bar
o Momentum factor -
e Error -
g Estimated Error -
&t Error matrix -
7 Area ratio -
9 Temperature °C
9r Temperature in tank °C
0 Vector for estimated parameter -
0,4(1) Estimated parameter vector in LSM -
Oy (1) Estimated parameter vector in MLM -
A Forgetting factor -
n Learning rate -
ARMAX Autoregressive moving average with exogenous
MFNN Multilayer feed-forward neutral network
OPC UA Open Platform Communications Unified
RLSM Recursive least squares method
RMLM Recursive maximum likelihood method
RBFNN Radial basis function neural network

References

[1T A Vahidi, A Stefanopoulou and H Peng. Recursive least squares with forgetting for online estimation of
vehicle mass and road grade: theory and experiments. Mechanical Engineering Dept., University of

Michigan, Ann Arbor

[2] C Kamali, A A Pashikar and J R Raol. Evaluation of recursive least squares algorithm for parameter
estimation in aircraft real time applications. Aerospace Science and Technology 15, P. 165-174, 2011.

[3] S Dong, L Yu, W A Zhang and B Chen. Robust extended recursive least squares identification algorithm for
Hammerstein systems with dynamic disturbances. Digital Singal Processing 101, 102716, 2020

[4] M Kazemi and M M Arefi. 4 fast iterative recursive least squares algorithm for Wiener model identification

of highly nonlinear systems. ISA Transaction, 2016

The 17th Scandinavian International Conference on Fluid Power
SICFP’21, June 1-2, 2021, Linkoping, Sweden



[5] R A Fisher. On the mathematical foundations of theoretical statistics. Fellow of Gonville and Caius College,
Cambridge, P. 309-368, 1922

[6] L Maand X Liu. Recursive maximum likelihood method for the identification of Hammerstein ARMAX system.
Applied Mathematical Modelling 000, P. 1-13, 2016

[7]1 JLi, F Ding, P Jiang and D Zhu. Maximum Likelihood Recursive Least Squares Estimation for Multivariable
Systems. Circuits. Systems and Signal Processing 33, P. 2971-2986, 2014

[8] F Chen and F Ding. The filtering based maximum likelihood recursive least squares estimation for multiple-
input single-output systems. Applied Mathematical Modelling 000, P. 1-13, 2015

[91 O Nelles and R Isermann. 4 Comparison Between RBF Networks and Classical Methods for Identification of
Nonlinear Dynamic Systems. IFAC Adaptive Szstems in Control and Signal Processing, P 233-238, 1995

[10]M Y Mashor, Some properties of RBF network with applications to system identification. IJCIM Volume 7,
P. 1-37 1999

[11]H Yijun and N Wu. Application of RBF Network in System Identification for Flight Control Systems. 2010
International Forum on Information Technology and Applications (IFITA), P. 67-69, 2010

[12]C Pislaru and A Shebani. Identification of Nonlinear Systems Using Radial Basis Function Neural Network.
International Scholarly and Scientific Research & Innovation, Vol. 8, P. 1528-1533, 2014

[13]17 B d A Rego, A d M Martins and E d B Costa. Deterministic System Identification Using RBF Networks.
Mathematical Problems in Engineering, Vol. 2014, P. 1-10, 2014

[14]S Khan, I Naseem, R Togneri and M Bennamoun. A Novel Adaptive Kernel for the RBF Neural Networks.
Circuits Systems and Signal Processing. Band 36. P. 1639-1653, 2017

[15]B R Andersson. On the Valvistor, a proportionally controlled seat valve. Linkoping Studies in Science and
Technology. Dissertations. No. 108, 1984

[16]E Prasetiawan, R Zhang, und A Alleyne. Fundamental performance limitations for a class of electronic two-
stage proportional flow valves. Proceedings of American Control Conference, P. 3955-3960, 2001

[17] A Sitte, O Koch, J Liu, R Tautenhahn, J Weber. Multidimensional flow mapping for proportional valves. 12th
International Fluid Power Conference, Dresden, Group F, P. 231-240, 2020

[18]R Isermann, M Miinchhof. Identification of Dynamic Systems — An Introduction with Applications. ISBN 978-
3-540-78878-2, P. 324-332,2011

[19] N Mantel, M Myers. Problems of convergence of maximum likelihood iterative procedures in multiparameter
situations, Journal of the American Statistical Association, Vo0l.66, No.335, P. 484-491, 1971

[20]J Liu, Radial Basis Function (RBF) Neural Network Control for Mechanical Systems, Springer Berlin
Heidelberg, P. 24,2013

The 17th Scandinavian International Conference on Fluid Power 187
SICFP’21, June 1-2, 2021, Linkoping, Sweden



The 17th Scandinavian International Conference on Fluid Power, SICFP 21, May 31 — June 2, 2021, Linképing,
Sweden

The Determination of Hydraulic Motor Displacement

Paul Michael!, and Jose Garcia-Bravo?

'Fluid Power Institute, Milwaukee School of Engineering, Milwaukee, WI. United States
E-mail: michael@msoe.edu
2School of Engineering Technology, Purdue University, West Lafayette, IN. United States
E-mail: jmgarcia@purdue.edu

Abstract

Because the geometrical displacement of a pump or motor is very difficult to measure
directly, the derived capacity of motors is used to assess the efficiency of positive
displacement machines. The current internationally accepted method for deriving the
displacement of hydraulic pumps and motors is ISO 8426:2008. Difficulties in
accurately assessing derived displacement via ISO 8426:2008 have been reported by
several authors. These inaccuracies can lead to efficiency results that exceed 100% in
ISO 4409:2019 performance tests. In the presented work, fixed axial, variable axial,
and radial piston motors were evaluated at 50°C and 80°C in dynamometer tests.
Linear, orthogonal, and semi-randomized data sets were collected. The Wilson, Toet,
and an analytical form of the Toet were compared with ISO 8426:2008. In general,
the differences between the various methods for deriving displacement were not
statistically significant, except in the instance of the axial piston motor. In the axial
piston motor, the ISO 8426:2008 derived displacement was approximately 1% lower
than the other methods. Use of this lower ISO 8426:2008 displacement in efficiency
calculations produced values exceeding 100%. The error in the ISO 8426:2008
derived displacement determination was attributed to difficulties in detecting speed-
dependent factors that affect displacement when testing is conducted at a single speed.
The ISO 8426:2008 method does not provide instructions for calculating derived
displacement when data is collected at more than one speed. It is proposed that the
One-Step Toet method be incorporated into ISO 8426 as a method for calculating the
derived displacement when users opt to measure performance at multiple speeds. This
revision will reduce the potential for speed-dependent errors in the determination of
derived displacement.

Keywords: Hydraulic Components, Efficiency, Test methods.
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1 Introduction

Hydraulic fluid power is used in a wide range of industries including transportation, construction, mining,
agriculture, the production of basic metals, and manufacturing. In a typical fluid power system, the mechanical
energy of an electric motor or internal combustion engine is transferred to the fluid medium by a positive
displacement pump and the controlled motion of the fluid is used to actuate valves, cylinders, and hydraulic motors.
Flow and pressure losses due to internal leakage, fluid compressibility, and friction can compromise the efficiency
and productivity of fluid power systems. In a 2012 publication the US Department of Energy (DOE) estimated
that an average of 21% of the input power from prime movers is converted to work by a typical fluid power system
[1]. These findings have spurred improvements in hydraulic pump and motor efficiency. A thorough analysis of
the current understanding of the efficiency of pumps and motors was carried out by Achten et at. [2] where the
effect of the changes in the internal energy of the fluid due to the compressibility effect, was found to be a
significant contributor to discrepancies found while estimating the hydromechanical and overall losses of a pump
or a motor. These differences where demonstrated experimentally to be higher than 10% when compared to the
traditional method proposed in ISO 4409. Likewise, Williams [3] devised a methodology for estimating the
volumetric efficiency based on a hydraulic resistance model, such model lumped specific performance
characteristics of the pump into a hydraulic parameter that could be used to evaluate the efficiency of the machine
at various operating conditions.

Hydraulic motor efficiency is a critical factor in the design of off-highway machines because it affects the
maximum vehicle payload and the top propulsion speed. Since motor output shaft speed and output torque are
proportional to motor displacement, an accurate estimate of the amount of fluid displaced per machine revolution
is necessary to model hydraulic system performance and assess component efficiency and dynamic performance.
Conceptually, hydraulic pumps and motors are positive displacement machines and the volume of fluid transferred
from component inlet to the outlet per revolution is assumed to be constant, unlike for instance a centrifugal pump
or torque converter. In practice however, the displacement volume of positive displacement machines can be
affected by pressure, speed, and fluid viscosity. While these changes may be relatively small, they introduce
complexity into the determination of displacement volumes. In the following, several methods for sample selection
and determination of derived displacement are experimentally investigated. This exploration is unique, insofar as
it focuses on motors and the effect of temperature on motor displacement.

2 Description of methods for determining displacement

2.1 Geometric displacement

The most basic method for determining the volume displacement of a machine is to measure the volume of fluid
it takes to fill cylinders using a burette or calculating it based upon dimensional drawings. The resulting geometric
displacement Vg is limited in accuracy because it does not account for changes in tolerances, clearances, and
deformation that occur when the unit is operating [7]. In many cases this technique is impractical because it
requires disassembly of the component. Determination of displacement without disassembly may be accomplished
by measuring the volumetric flow per shaft revolution. Various methods for determining the volumetric flow per
revolution have been discussed in earlier publications [8]-[10]. These methods define derived displacement as the
volume displaced per revolution at zero differential pressure (4p=0). Based upon Newtonian physics, flow or
displacement of fluid is not possible at Ap=0. Hence derived (/) is conceptual and not a physical property of a
component.

2.2 1ISO 8426:2008 method

In the ISO 8426:2008 standard test method, the motor inlet flow rate is measured as a function of pressure at
constant speed, temperature, and commanded displacement [11]. The derived displacement, V;, is found by
calculating the ratio of the actual flow ¢,. and the shaft speed N at each measured pressure. The flow volume per
revolution is plotted as a function of pressure and the zero intercept, that is, when 4p is equal to zero, and it is
determined via linear regression. The value of V; is defined to be the zero-pressure intercept of the line as shown
in fig. 1. The key parameter that is measured in the determination of derived displacement is the flow rate. Since
flow depends upon speed in a positive displacement machine, limiting the data set to a single speed produces a
very narrow range of flow measurements. The narrow range of the sample set amplifies small errors in the flow
measurements and neglects the effects of speed-dependent forces and cross-port leakage on displacement. Thus
the use of ISO 8426:2008 displacements in ISO 4409:2019 performance tests occasionally produces efficiency
values that exceed 100% [4]-[6]. Alternative methods for determining the derived displacement are presented
below.
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50 100 200 300 X
Key
X pump outlet or motor inlet differential pressure, Ap
Y flow rate, g
1 measured flow rate at Ap, i
2 extrapolated flow rate when Ap = 0

Figure 1: Graphical representation of the 1SO 8426 method for deriving the displacement of a
hydraulic pump [11].

2.3 Toet two-step graphical method

The Toet method was first introduced in 1970 [9], and it investigated the effects of shaft speed on the delivery of
a pump at various pressures. In an ideal positive displacement machine, inlet and outlet flow rates are unaffected
by pressure. However, gaps are required between moving surfaces within the pressure envelope to create a wear-
and friction-reducing lubrication film. These gaps provide a path for pressure-driven leakage flow within a pump
or motor. Due to pressure-driven and compressibility flow losses, the delivery of a positive displacement machine
is not exactly coincident with its geometrical displacement. Furthermore, Toet explicitly discussed how the
delivery of a positive displacement machine is affected by changes in pressure and temperature. The Toet method,
which was produced after studying the behavior of 200 pumps, postulated that because the relationship between
the effective volumetric flow rate and the shaft speed are highly linear, the derivative of flow with respect shaft
speed should be constant. Thus, the Toet method calls for the measurement of effective flow rate at a minimum of
five different shafts speeds. These measurements are to be repeated at different pressure levels under constant
temperature conditions. For each pressure case a fitted line between effective flow and shaft speed is graphically
determined and the slope of the line is obtained. The second step of the method calls for a fit of a line through the
data relating the previously obtained slopes to the measured pressure. The zero-intercept of this second line
corresponds to the derived displacement of the positive displacement machine according to Toet.

2.4 Wilson method

The Wilson method [8] resembles the Toet method but differs in the definition of the procedure to estimate the
derived capacity of a positive displacement machine. In the first step of the Wilson method, linear relationships
between the effective flow rate versus pressure are established at various shaft speeds. The intercepts of the various
lines at zero pressure are then used in the second step to produce a linear relationship between the effective flow
rate and the shaft speed. The slope of the resulting line from the second step corresponds to the derived capacity.
According to Post [10] the two methods, Toet and Wilson, produce comparable results. Post also concluded that
the displacement of pumps and motors is not a constant value because it varies with pressure, temperature, and
shaft speed.

2.5 One-step Toet method

Because the above-mentioned methods are based on experimental data, one can use a statistical procedure to fit
said data to predict the flow output or input of a pump or motor. In the One-Step Toet method, all of the data is
fitted to a line and one of the linear coefficients is used for determination of the derived displacement. The
presented method is based on the original Toet procedure [9] and synthetized into a single analytical method that
uses multiple linear regression to determine the displacement [12].
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The One-step Toet method can be derived by recognizing that the flow model for a pump or motor can be described
by a linear relationship between the pump or motor flow g,,, and the shaft speed N (eq.1).

Qv = Vi-N (1

Other variables of less influence may be considered as part of this relationship, as seen in [12] , these may include
temperature, viscosity, modulus of elasticity, bulk modulus of the fluid, etc. The constant of proportionality in the
linear relationship accompanying the rotational speed of the pump or motor corresponds to the derived capacity V;
of the hydrostatic machine.

Taking the partial derivative of the flow equation, eq.1 above with respect to the shaft speed and assuming a
different line at various pressures yield the expression shown in eq. 2 below:

(O, /ONYys =i @)

Where m; is the slope of the line. A family of lines can be generated to represent the slope of the flow versus shaft
speed relationship shown in eq.1. This is known as the first step of the Toet method [9]. The second step of the
method requires the calculation of the slope of the values generated from the first step with respect to the pressure
values. Hence, a second partial derivative expression can be developed to represent the second step shown in eq.
3 below. Where 5 corresponds to the slope of the line made from the various m; values obtained in step one. The
expression for determining the flow may be obtained by integrating twice the partial derivative from eq.3.
Assuming that the correspondence of the variables in the two previous partial derivatives is linear, one may say
that the result from the derivative of a line is a constant value £;.

(99, G)
(a?oN ). &

Rearranging eq.3 and integrating with respect to pressure, p; produces the expression:

09y, (4)
aN = Bsp; + B

Where f; is an integration constant. Rearranging terms in eq. 4 and integrating a second time with respect to the
shaft speed produces a linear flow equation as presented in eq.5.

Gv, = B3piN + BN + Bip; + Bo (%)

The goal of the One-step Toet method is to fit the experimental data to a target function for the flow exiting or
entering the pump or motor in the form presented in eq. 5. With the One-step Toet method, the experimental data
used for fitting the flow model of eq. 5 is the same required for the two step Toet method, that is, the effective
flow rate at various shaft speeds and at different pressure levels. The shaft speed coefficient, 5, corresponds to
the derived displacement of the component and has shown to yield the same value produced by the Toet graphical
method as presented in section 4 below.

2.6 Latin Hypercube Sampling (LHS)

The ISO 8426:2008, Toet and Wilson methods for determining the derived displacement are based upon
orthogonal sample plans. That is, each sample point is either in-line (ISO 8426:2008) or at a right angle (Toet and
Wilson) to each other. Latin Hyperspace sampling (LHS) is a pseudo-randomized methodology for selecting
experimental test points. It has been found to produce higher fidelity results than orthogonal methods in terms of
identifying test points to populate empirical flow and torque models [13]. The scheme requires the test data to be
acquired using an algorithm where the probability distribution of the variables to be measured is used to obtain the
data points in a randomized way. In order to maximize sampling efficiency, none of the data points are orthogonal,
in other words only one data point is collected for any given pressure or speed. Once the pseudo-randomized data
points are captured, these values are fit using a multivariate linear regression algorithm like the one used for the
One-step Toet method presented above. Similarly, the regression coefficient accompanying the shaft speed
corresponds to the derived displacement.
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3 Methods and materials

The displacements of the three motors listed in tab.1 below were evaluated in this study. These specific units were
selected because they are representative of motors used in a variety of off-highway vehicle applications. Each
motor was run-in according to manufacturer-specified conditions prior to testing in order to stabilize tribological
conditions and efficiency. The radial piston motor is designed for low-speed high-torque duty and incorporates
8620 and 52100 steel elements to withstand high surface contact pressures. The fixed and variable displacement
axial motors are designed for higher speed applications. The pistons are constructed of steel while piston slippers,
valve plates and cylinder blocks incorporate alloys of copper to enhance lubrication and heat transfer.

Table 1: Test motor specifications

Radial  Axial Variable
Motor type . . .
piston  piston axial piston
Nominal displacement, cc/rev 213 100 45.2/135.6
Rated speed, RPM max 570 3300 3200
Rated pressure, Bar max 400 420 450

The displacement measurements of all three motors were collected using a dynamometer consisting of a pressure-
compensated axial piston pump, twin Variable Frequency Drives (VFD), pressure, temperature, and torque
transducers, and an 18-channel data acquisition system. The VFD controllers were programmed for semi-
automatic testing. A simplified hydraulic circuit diagram is shown in fig. 2. A 93 kW electric load motor that was
rated for a maximum speed of 1800 rpm provided the resistive load. The axial and variable motors were not
evaluated at their full rated speeds due to this limitation. Fifteen seconds of data were collected for each set point
at a sampling rate of 100 Hz. The input flow rate for each motor was measured at various speeds and pressures
according to requirements for each derived displacement method. The results were compared using the two-
sample ¢ test at a 95% confidence interval (a=0.05) as described in Eq. 6.

100 + (1=0)CI = V; + (tu-ge-y2,) * SEqwy (6)
The null hypothesis is that different methods produce the same derived displacement results (H,: V;=Vi). When
95% confidence intervals for the derived displacement methods overlap, the ¢ test fails to reject the null hypothesis
and the difference between the derived displacement results is said to be not statistically significant. The
alternative hypothesis is the methods are not equal (H,: Vj;# Vir). When the ¢ test rejects the null hypothesis, H, is
accepted and the difference between the derived displacement results is said to be statistically significant.
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Figure 2: Hydraulic circuit schematic for motor derived displacement determinations.
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4 Results and discussion

According to ISO 4409:2019, “tests shall be carried out at a stated test fluid temperature. The test-fluid temperature
shall be measured at the inlet port of the unit under test and be within the range recommended by the manufacturer.
It is recommended that measurements are made at two temperature levels, 50°C and 80°C.” [15] The dynamometer
testing below was conducted with the pump inlet temperature at 50+1°C and 80+£1°C. As in a normal hydraulic
system, motor inlet temperatures tend to be several degrees higher due to the fluid temperature rise caused by the
pump. As shown in fig. 3, the inlet mean temperature of the three motors was 1°C to 3°C higher than the pump
inlet temperature. ISO 8426 specifies that the temperature at the inlet of the test article be reported. In the
discussion below, the pump inlet temperature is used to nominally describe the motor inlet temperature. The
results reported in section 4.6 show that a 1°C to 3°C variation in temperatures is unlikely to produce a statistically
significant change in the derived displacement.

0.9 Temp Pump/n, °C 50
49.87°C T [ i
] E=--] TempMotorin, °C 50
} ——~-] Temp MotorIn, °C 80
0.7 Il
n
0.6 1
Ty o
E 0.5 52.92°€C
8 04 a 81.14°C
0.3 h 7
0.2 (il
0.1
0.0 A

50 55 60 65 70 75 80 85
Temperature, °C

Figure 3: Histogram of the pump and motor inlet temperature measurements for the 3 test motors

4.1 Axial piston motor

The test plan for the axial piston motor is shown in fig. 4. The pressure ranged from 6.89 to 27.58 MPa and the
shaft speed ranged from 50 to 1285 RPM. The lower limit of the rotational frequency for the motor was established
to ensure that the flow meter was operating well above the lower detection limit of the sensor. The ISO 8426:2008
method specifies that data for 10 or more test pressures must be collected in equal increments to achieve
measurement accuracy class “A.” Eleven measurements were collected between 6.89 and 27.58 MPa at 1000
RPM. Forty-five non-orthogonal data points were collected for the One-step Latin Hypercube method. Thirty-two
orthogonal data points were collected for the Toet and Wilson methods (4 pressures and 8 speeds). Hence, a total
of 89 data points was collected for the axial piston motor.
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Figure 4: Test points for evaluating the derived displacement of the axial piston motor via ISO 8426, Toet,
Wilson, and Latin Hypercube methods.
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The results for the estimation of the derived displacement using the graphical Toet method are shown in fig. 5 and
fig. 6 below. The flow rate versus speed plot in fig. 5 shows that the results overlap at the 4 test pressures. As can
be seen from the regression equations in the figure, the slope is highest for the 6.89 MPa (1000 psi) results. Hence
the effective displacement per revolution was highest at the lowest pressure, as expected.
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Figure 5: Step 1 of the Toet method; plot of axial piston motor inlet flow rate versus speed at four different
pressures.

The second step in the Toet analysis is to plot slope versus pressure. When displayed this way, the slope of the
line is in units of liters/MPa while the zero intercept is the derived displacement in liters/revolution. The derived
displacement was 99.74 cc/rev. The data exhibited good linearity with an R? value of 0.994. An R? value of 0.994
means that 99.4% variation in the regression equation derived from the data can be accounted for by motor

displacement and the incremental leakage flow per MPa. The pressure driven leakage flow rate was less than 0.2
cc/MPa.
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Figure 6: Step 2 of the Toet method; plot of the slope of flow with respect to speed versus pressure
measurements for the axial piston motor.

The results of the derived displacement determination for the axial piston motor via the Wilson method are shown
in fig. 7 and fig. 8. In fig. 7, plots of the motor inlet flow rate versus pressure are shown for eight different rotational
frequencies.
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Flow vs. Pressure
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Figure 7: Step 1 of the Wilson method, plot of inlet flow rate versus pressure at four different pressures for the
axial piston motor.

As can be seen from the regression equations, the pressure-driven leakage flow rate coefficient increased linearly
as the speed was stepped up. The zero intercept values were a distinct function of the rotational frequency as
expected.
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Figure 8: Step 2 of the Wilson method; plot of the flow versus speed measurements for the axial piston motor.

The second step in the Wilson method is to plot the intercept versus shaft speed as shown in fig. 8. The slope of
the regression line is the displacement per revolution. As with the Toet method, the motor displacement was 99.74
cc per revolution. Since the Toet and Wilson methods used the same data, equal values for derived displacement
were expected.

The orthogonal data that was used in the Toet and Wilson determinations was evaluated using multiple linear
regression, (hereafter referred to as the One-step Toet method). The use of multiple linear regression to model
experimental data assumes that there is a linear relationship between the independent and dependent variables, that
the residuals are normally distributed, and that multicollinearity is absent. Equation 5 was used in the regression
analysis.

The resulting ANOVA analysis for the One-step Toet method is shown in tab. 2. The motor inlet effective flow
rate (q,,) was the dependent variable in the equation. Thus, the constant term f, was determined to have units of
cubic centimeters per minute (cc/min). The estimated value of f, was 75.1 cc/min with a standard error of 55.3
cc/min and a p-value of 0.186. Since the p-value is greater than 0.05, the relationship between S, and the motor
inlet flow rate is not statistically significant at a 95% confidence level. Essentially this means that the constant
term could be omitted from the regression equation without negatively affecting the model integrity. In order to
maintain mathematical equivalence to the graphical Toet method, it was necessary to include the constant term.
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With respect to determining derived displacement, the coefficient £; is the key value. f; is in units of volume per
revolution and as can be seen in tab. 2, the estimated derived displacement of the motor was found to be 99.74
cc/rev. Hence the determination of the derived displacement using this method yielded the same results as the
graphical Toet and Wilson methods up to four significant figures. The standard error of the derived displacement
Vi, which is equivalent to the standard error of the £, coefficient, was 0.11 cc/rev. To put this in perspective, the
average volume of one droplet of hydraulic fluid at 50°C is 0.03 cubic centimeters. 0.11 cc/rev is less than 4
droplets of oil per revolution. The coefficient 5; corresponds to a pressure dependent leakage flow coefficient.
Hence the pressure-driven leakage flow rate was found to be 36.7 cc/MPa per minute. Unlike in a hydraulic pump,
this leakage term is positive because the internal flow losses of a motor increase the inlet flow rate. The constant
[ is in units of displacement over pressure. While the (Variance Inflator Factor) VIF for the N*p term was high,
the physics and mathematics of determining derived displacement demand inclusion of this term in the flow model.
The correlation coefficient (R?) of the regression equation was >99.99% with a Standard Error (SE) 43.3 cc/min.
Using linear regression to determine the derived displacement from the orthogonal data yielded the same results
as the two-step graphical Toet and Wilson methods, with the advantage of generating an analysis of variance
(ANOVA) for estimating the uncertainty of the derived displacement values.

Table 2: ANOVA analysis for the axial piston motor displacement determination base on linear regression of
orthogonal test data (One-Step Toet Method).

Term Symbol Coeff. SE Coeff. p-Value VIF
Constant B, 75.1 553 0.186

Derived displacement, cc/rev )77 99.74 0.11 0.000 10.78
Leakage flow coefficient bi 36.7 4.37 0.000 4.86
N*p coefficient B3 0.078 0.009 0.000 14.64
Coefficient of Determination R?2 >99.99%

Standard Error SE 43.3 cc/min

Latin Hypercube sampling

In a previous investigation we found that the Latin Hypercube sampling method yielded higher fidelity torque and
flow models than orthogonal sampling [13]. Test points were selected using the Latin Hypercube Sampling (LHS)
procedure. The LHS data set covered a higher range of operating speeds and pressures. (This data was collected
to develop motor flow and torque models for system simulation.) Non-orthogonal LHS data sets were evaluated
using multiple linear regression per eq. 5. The ANOVA results are shown in tab. 3. Unlike the preceding
orthogonal data, the p-value for the constant term S, was less than 0.05 and there is a statistically significant
association between the S, and the motor inlet flow rate at a 95% confidence level. The derived displacement £
obtained from the LHS data was 99.73 cc/rev. This value was 0.01 cc/rev lower than that obtained from the
orthogonal data. The standard error was also 0.01 cc/rev lower (0.10 cc/rev vs. 0.11 cc/rev). Since the sum of the
products of the coefficient standard error (SEco,) and critical ¢ value (#*) for each method is greater than the
difference between the LHS and One-step Toet derived displacements, the null hypothesis is not rejected. The
relationship SE, t* and CI is shown in eqn. 7 and eqn. 8 below. Thus, the difference between the results produced
by the two methods (LHS and One-step Toet) was not statistically significant.

[(SEtoet)(t*Toet) + (SELns)(t*Lus)] > |ViToet- ViLns] (7)
Cltoet + ClLus > |Vitoet- ViLgs| ®)
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Table 3: ANOVA analysis for the axial piston motor displacement determination base on linear regression of
Latin Hypercube data over a wider range of pressures and speeds.

Term Symbol Coef. SE Coef. p-Value VIF
Constant o 240.7 728.2 0.004

Speed motor, RPM i3 99.73 0.10 0.000 9.91
Leakage flow coefficient Bi 34.52 4.56 0.000 4.55
N*p coefficient B 0.078 0.006 0.000 14.42
Coefficient of Determination R? >99.99%

Standard Error SE 84.6 cc/min

The above analysis of the LHS data included a wider range of speeds and pressures than was used to collect the
orthogonal data as indicated by the red squares in fig. 4. The question arises, would LHS data from the same
hyperspace as the orthogonal data yield the same results? In a previous investigation, Johnson reported that it is
advantageous to include the hyperspace vertices when analyzing LHS data [14]. The hyperspace vertices for the
axial piston motor corresponded to 50 and 800 RPM, and 6.895 and 17.24 MPa. The ANOVA for the LHS
hyperspace data with vertices is shown in Table 4. The results indicate that the displacement (99.82 cc/rev) differs
from the One-step Toet results by 0.08 cc/rev. Since the difference between the LHS hyperspace and One-step
Toet derived displacements was less than the sum of the products of (SEc.) and (#*) for each method, the null
hypothesis is not rejected. In other words, the difference between the results produced by the two methods (LHS
hyperspace and One-step Toet) was not statistically significant.

Table 4: ANOVA analysis for the axial piston motor displacement determination base on linear regression of
Latin Hypercube data in the same hyperspace as the orthogonal data, including vertices.

Term Symbol Coef. SE Coef. p-Value VIF
Constant o 205.0 156.0 0.214

Speed motor, RPM B 99.82 0.29 0.000 10.04
Leakage flow coefficient b1 31.1 12.1 0.025 3.52
N*p coefficient B3 0.075 0.023 0.006 11.91
Coefficient of Determination R? >99.99%

Standard Error SE 120.7 cc/min

For the ISO 8426:2008 standard test method, the motor inlet flow rate was measured as a function of pressure at
constant speed, temperature, and commanded displacement. Eleven measurements were collected using this
method and the motor displacement value was calculated to be 98.72 cc/rev as shown in fig. 9. The results indicate
that the displacement differs from the orthogonal results by 1.02 cc/rev. The SE.o.r for the ISO 8426:2008 method
was smaller than the SEc.s for the One-step Toet method. (0.01 cc/rev versus 0.11 cc/rev). The ¢* for the ISO
8426:2008 method was 2.262. The ¢* for the One-step Toet method was 2.048. Since the sum of the products of
SEcoer and t* for each method was less than the difference between the One-step Toet and ISO 8426:2008
displacement determinations, the null hypothesis was rejected. In other words, the difference between the One-
step Toet and the ISO 8426:2008 method was statistically significant in the axial piston motor.
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Flow per Revolution vs. Pressure
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Figure 9: Plot of the flow per revolution versus pressure for the axial piston motor as specified in the ISO
8426:2008 method.

A comparison of the results for the different methods for determining the derived displacement is shown in fig.
10. Error bars illustrate the 95% confidence intervals for each data set from the axial piston motor. The graphical
Toet and Wilson methods are not included because they yield the same results as the One-step Toet method but do
not provide an error estimate. The differences in the derived displacement were not statistically significant in three
out of four methods. The only method that generated a different derived displacement was ISO 8426:2008. The
ISO 8426:2008 was 1% lower, which means that based upon the ISO 8426:2008 displacement, the theoretical
torque output of the motor would also be 1% lower. As has been noted elsewhere, this can lead to efficiency
determinations greater than 100% [5]. It has been hypothesized that discrepancies in ISO 8426:2008 results are
due to speed-dependent cross-port leakage effects [16]. It should be noted that the 95% confidence interval for the
ISO 8426:2008 method was narrower than that of the other methods. This is an artifact of measuring flow at a
single speed; the resulting measurement yielded a narrow range of flow rates which obscured variations in the flow
meter precision and motor speed control. Hence, collection of data points at multiple speeds is advantageous when
determining the derived displacement.
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Figure 10: Results of the derived displacement of axial piston motor for the various methods tested.

As mentioned above, ISO 8426 displacement was 1% lower, and the difference was statistically significant at a
95% confidence level. More importantly than quantifying how different these methods are, it seems appropriate
to determine which method yields a more accurate result. As mentioned earlier, it is not possible to directly
measure derived displacement. However, the examination of the efficiency results for the motor can provide
insights regarding the accuracy of the method for determining the derived displacement. Fig. 11 below shows a
plot of mechanical efficiency versus volumetric efficiency for the ISO 8426:2008 derived displacement results
(left), and the Toet method (right). Note that the ISO method yielded mechanical efficiency results above 100%
for low values of volumetric efficiency. This is a consequence of underestimating the derived displacement of a
motor where volumetric efficiency, which has V; in the denominator, is underestimated, and mechanical
efficiency,
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which has V; in the numerator, is overestimated. Efficiency results greater than 100% contradict first physics
principles yet, have been reported in the literature by previous authors [4]-[6]. Hence the reader is invited to value
the importance of accurately evaluating the derived displacement of pumps and motors so that accurate estimates
of power loss and energy consumption may be reported.
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Figure 11: Mechanical and volumetric efficiencies of the axial piston motor based upon derived displacement
via the ISO 8426:2008 method (left) and Tout method (right). Note that mechanical efficiency exceeded 100%
when using the ISO 8426:2008 method.

4.2 Radial piston motor

The test plan for the radial piston motor is shown in fig. 12. The pressure ranged from 6.89 to 27.58 MPa and
speed ranged from 50 to 564 RPM. Eleven measurements were collected between 6.89 to 27.58 MPa at 500 RPM.
Forty-six semi-randomized data points were collected for the Latin Hypercube Sampling method. Thirty-two
orthogonal data points were collected for the Toet and Wilson methods (4 pressures and 8 speeds). Hence 89 data
points were collected for the radial piston motor.
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Figure 12: Test points for evaluating the derived displacement of the radial piston motor via ISO 8426:2008,
Toet and Latin Hypercube methods.

The derived displacement for the radial piston motor was determined using the methods described in section 2. A
summary of the results is shown in fig. 13. The Wilson and Toet methods yielded a derived displacement of 211.82
cc/rev. Likewise, the One-step Toet method yielded 211.82 cc/rev. The standard error for the displacement
coefficient (82) was 0.20 cc/rev. The (¢¥) for a two-tailed 0=0.05 was 2.05. Hence the 95% CI for the One-step
Toet method was +0.40 cc/rev. The ISO 8426:2008 method produced a derived displacement of 211.49 cc/rev
with a 95% CI of £0.17 cc/rev. The net difference between the ISO 8426:2008 and Toet method was 0.33 cc/rev.
The sum of the confidence intervals was 0.47 cc/rev. Since the difference between the displacement values was
less than the CI, the disparity between the One-step Toet and ISO 8426:2008 methods was not statistically
significant. The LHS hyperspace plus vertices data yielded similar results to the One-step Toet and ISO 8426:2008
methods. The LHS data from a wider range of pressures and speeds yielded a derived displacement that was
0.94
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cc/rev higher than that of the ISO 8426:2008 method. The sum of the confidence intervals for the two methods
was 0.97 cc/rev. Therefore, the null hypothesis was not rejected and the difference in the derived displacement
measurements was not significant in the radial piston motor.
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Figure 13: Results of the derived displacement of radial piston motor for the various methods tested.

4.3 Variable displacement axial piston motor

The test plan for the variable displacement motor is shown in fig. 14. The pressure ranged from 6.89 to 27.58 MPa
and speed ranged from 50 to 1285 RPM. Eleven measurements were collected between 6.89 to 27.58 MPa at 400
RPM and 1000 RPM to determine the derived displacement at the minimum and maximum swashplate angle.
Forty-five non-orthogonal data points were collected for the One-step Latin Hypercube method. Twenty-four
orthogonal data points were collected for the Toet and Wilson methods (4 pressures and 6 speeds). Hence 91 data
points were collected for the variable displacement motor.

In the following analysis, full and partial displacements were determined from a single data set. The LHS
hyperspace with vertices data set had only 6 degrees of freedom at partial displacement and 5 degrees of freedom
at full displacement. Consequently, the coefficient SE and ¢* values were high, resulting in confidence intervals
of £5 cc/rev and £10 cc/rev at minimum and maximum displacement respectively. LHS hyperspace results are not
included below because the required scaling would obscure meaningful differences in the other derived
displacement methods.
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Figure 14: Test points for evaluating the derived displacement of the variable displacement motor via ISO
8426:2008, Toet and Latin Hypercube methods.
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4.3.1 Variable motor partial displacement (high speed)

The derived displacement of the variable displacement motor was evaluated using the methods described in Section
2. A summary of the partial- and full-displacement results is shown in fig. 15. The high-speed One-step Toet and
ISO 8426:2008 displacements were 38.49 and 38.56 cc/rev respectively. The difference was 0.07 cc/rev while the
CI for the methods was + 0.29 cc/rev. Since the One-step Toet results differed from the ISO 8426:2008 results by
less than the CI, the two methods did not yield a statistically significant difference. Likewise, the LHS data from
a wider range of pressures did not show a statistically significant difference in derived displacement values at high
speeds.

4.3.2 Variable motor full displacement (low speed)

The One-step Toet and ISO 8426:2008 derived displacements ranged from 138.6 to 138.9 cc/rev. Since the 95%
CI for the One-step Toet included the ISO 8426:2008 result, these two methods cannot be said to produce a
statistically significant difference in derived displacement. The LHS data at a higher range of pressures yielded a
displacement of 137.9 cc/rev with a CI of + 0.38 cc/rev. The difference between the LHS and the ISO 8426:2008
derived displacement appears to be statistically significant. Non-linear changes in gap flow at high pressures may
be a factor in the lower derived displacement value produced by the LHS data set. Alternatively, the narrow CI of
the 8426:2008 method may be an underestimate of SE.... When one considers that the ISO 8426:2008 confidence
interval represents less than 0.06% of the derived displacement, the possibility that this method underestimates
SE oo seems plausible.
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Figure 15: Results of the derived displacement of variable axial piston motor for the various methods tested.

4.4 Temperature Effects

The ISO 8426:2008 method was only investigated for pump inlet temperatures of 50°C. The ISO 8426:2008
method was not evaluated at other temperatures. However, the effects of temperature and viscosity on derived
displacement were investigated using LHS data from a wide range of pressures and speeds at 50°C and 80°C. The
two ISO VG 46 fluids described in tab 5 were compared. (Up to this point all of the derived displacement tests
have been based upon Fluid “A” at 50°C.) Fluids “A” and “B” had a viscosity index above 140 and therefore are
categorized as ISO HV46 oils in the ISO 6743-4 classification system. Fluid “A” was on the low range of this
standard, both in terms of kinematic viscosity at 40°C and viscosity index. Fluid “B” had a midrange viscosity at
40°C and a relatively high viscosity index. As shown in tab. 5, the fluids differed in density as well. This is due
to a difference in base oil composition. From the perspective of an oil formulator, these fluids would be
substantially different in cost and quality. However, it should be noted that the dynamic viscosities of the fluids
at 50°C and 80°C (shown in bold type) are quite similar.
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Table 5: Properties of hydraulic fluids

Hydraulic Fluid B
Kinematic Viscosity at 40°C, ¢St 41.8 46.0
Kinematic Viscosity at 100°C, ¢St 7.23 8.70
Viscosity Index 142 170
Density at 15°C, g/cc 0.867 0.832
Coefficient of Thermal Expansion, /°C 0.000687 0.000728
Dynamic Viscosity at 50°C, cP (calc.) 23.9 25.9
Dynamic Viscosity at 80°C, cP (calc.) 9.4 10.6

In the analysis below, data from the axial and radial piston motors was used to probe for the effects of temperature
and fluid selection on derived displacement. The variable displacement motor was not evaluated in this stage
because it was evaluated at two displacements, which effectively reduced the number of LHS data points to draw
from by half.

The axial and radial piston motor LHS data from a wider range of pressures and speeds (red symbols in fig. 4 and
fig. 12) was evaluated using eq. 5. As shown in fig. 16a, displacement of the axial piston motor ranged from 99.78
cc/rev to 100.06 cc/rev. Fluid “A” at 50°C produced the lowest derived displacement and Fluid “B” at 80°C
produced the highest derived displacement result. The difference between these measurements was 0.28 cc/rev or
less than 0.3%. The sum of the 95% confidence intervals was 0.27 cc/rev. Since the data spread and confidence
intervals are nearly equal, the authors are hesitant to draw conclusions about the statistical significance of the
difference between the derived displacement of Fluid “A” at 50°C and the derived displacement of Fluid “B” at
80°C in the axial piston motor. However it is clear that for a given fluid, the differences between the 50°C and
80°C results were not statistically significant.

Likewise, LHS data for the radial piston motor was evaluated via eq. 5. As shown in fig. 16b, the derived
displacement of the radial piston motor ranged from 211.87 cc/rev to 212.30 cc/rev. The difference was 0.43 cc/rev
or roughly 0.2%. The sum of the 95% confidence intervals for the top and bottom derived displacement values
was 0.77 cc/rev. Since the span of the confidence interval was greater than the spread in the results, the null
hypothesis is not rejected. In other words, varying the fluid temperature and composition did not produce a
statistically significant change in the estimated derived displacement for the radial piston motor. These results
show that the One-step Toet method provides a robust method for determining the derived displacement even
when the fluid temperatures differ by 30°C.
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Figure 16: Comparison of derived displacement results for two fluids at 50°C and 80°C in the axial and radial
piston motors.

4.5 Viscosity Effects

Gap flow or internal leakage in positive displacement machines is proportional to pressure and inversely
proportional to viscosity [14]. Hence, it has been proposed that a viscosity term be used in the One-step Toet
equation to account for this effect. In the analysis below, the dynamic viscosities of the fluids were used to
determine if modifying the One-step Toet equation to include a viscosity term improves the fidelity of the
derived
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displacement determination. The kinematic viscosities of the oils at the motor inlet temperature were calculated
using the Walther equation. The density of the fluid at the motor inlet temperature was calculated using the
coefficient of thermal expansion listed in the fluid property table. (The density was not pressure corrected.) The
product of kinematic viscosity and density was used to convert to dynamic viscosity () of the fluid. Finally, the
term p/u was used in place of p; in the modified One-step Toet equation as shown in eq. 9.

Av, = BsPiN + BN + B P/ + Bo ©)

A comparison of the results in fig. 16a and 17a reveals that inclusion of the pressure/viscosity ratio had a minimal
effect on the derived displacement in the axial piston motor (<0.02 cc/rev). The standard error was nearly
unchanged as well. Likewise inclusion of the pressure/viscosity ratio had a minor impact on the derived
displacement of the radial motor as shown in fig. 16b and 17b. These results indicate that the inclusion of a
viscosity term did not enhance the integrity of the derived displacement determination when individual fluid and
temperature combinations are evaluated independently.
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Figure 17: Derived displacement for axial piston (A) and radial piston motor (B) as a function of the
viscosity/pressure ratio

5 Summary and conclusions

This paper examines alternative methods for determining hydraulic motor displacement and compares the results
with the current ISO 8426:2008 procedure. Fixed axial piston, variable axial piston, and radial piston motors were
evaluated at 50°C and 80°C in dynamometer tests. Linear, orthogonal, and semi-randomized data sets were
collected. The linear (single speed) data was used to determine displacement via ISO 8426:2008. The orthogonal
data (a matrix of pressures and speeds) was used to determine displacement using the Toet and Wilson methods.
Displacement was determined from the Latin-Hypercube Semi-randomized (LHS) data by way of an analytical
form of the Toet method. The analytical Toet method was derived to facilitate the estimation of uncertainty in the
displacement using statistical software in a single step (One-step Toet). The One-stet Toet method was shown to
produce results that are identical to the graphical Wilson and Toet methods.

In general, the differences between the various derived displacement methods were not statistically significant,
except in the instance of the axial piston motor. In the axial piston motor, the ISO 8426:2008 derived displacement
was approximately 1% lower than the other methods. Use of the lower ISO 8426:2008 displacement value in
mechanical efficiency calculations produced values exceeding 100%. This phenomena has been reported in
previous publications [4]-[6]. Underestimating the derived displacement of a motor skews mechanical efficiency
high because V; is used to calculate theoretical torque, which is in the denominator of the mechanical efficiency
equation. This did not occur using the other methods where displacement was determined at multiple speeds. The
error in the ISO 8426:2008 derived displacement determination was attributed to difficulties in detecting speed-
dependent factors that affect displacement when testing is conducted at a single speed. The ISO 8426:2008 method
does not prohibit testing at multiple speeds, nor does it provide instructions for calculating derived displacement
when data is collected at more than one speed. The One-step Toet method produced consistent results for various
combinations of pressures, speeds, fluids, and temperatures. It is proposed that the One-Step Toet method be
incorporated into a revised version of ISO 8426 as the means for calculating the derived displacement when users
opt to measure performance at multiple speeds. This modification will help reduce the potential for speed-
dependent errors in the determination of derived displacement.
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6 Nomenclature

Property Symbol Units
Shaft speed N rpm
Pressure p MPa
Differential pressure Ap MPa
Derived Displacement Vi cc/rev
Geometric Displacement Ve cc/rev
Volumetric Flow Rate v, L/min
Dynamic Viscosity u Centipoise (cP)
Analysis of Variance ANOVA
Linear Regression Coefficient Bo.B1, B2, Bs
Confidence Interval CI
Latin Hypercube Sampling LHS
Correlation Coefficient R’
Standard Error of the Regression Coefficient SE coer
Critical t statistic t*
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Abstract

In this paper a model of the pneumatic cylinder with an integrated pneumatic end
cushioning is presented. This model is needed to simulate and analyze the
thermodynamical possesses in the pneumatic end cushioning and to elaborate a novel
design strategy for damping systems with a higher capability on kinetic energy
absorption and robust performance even with fluctuating operational conditions, such
as supply pressure, inertial load or travel speed. To validate this model, the results of
the experimentally based parametrization of the friction force in the cylinder sealings
are compared for a Stribeck friction model and its modifications. A new approach
suitable for an accurate approximation of the measured friction data within a wide
range of pressure (2...8 bary) and piston speed (0...0.8 m/s) is proposed. In the next
step a flow rate characteristic of the integrated end cushioning throttle is
experimentally obtained and analyzed. These data are used to parametrize the lumped
parameters model of the cylinder with an end cushioning. Pressure and temperature
in the cushioning volume and piston displacement are measured for different openings
of the cushioning throttle to prove the validity of the model. The model will be used
further for sensitivity analysis and robust optimization of the cushioning system
design.

Keywords: pneumatic cylinder, end cushioning, thermocouple, friction, pneumatics,
Stribeck curve, throttle

1 Introduction

Pneumatic drives find a widespread application in the modern industry. They are used as a cheap and reliable
alternative to electric drives and as a front runner in some special industrial sectors. Pneumatic applications are
essential in food, medical and diverse explosion-hazardous technologies, where they have gained a reputation of
hygienic, safe, and reliable systems.

Within the last decades an integration of electronic control systems has made pneumatics smarter, safer, and
simpler in both operation and design. However, time-costly manual works are still needed when setting up or
adjusting some basic pneumatic components, as throttles or damping devises. Especially pneumatic end-position
cylinder cushioning is very sensitive to any changes in operational conditions, setup and environment. Whenever
one of those parameters has been changed, manual readjustment is usually needed. The latter has usually a trial-
and-error nature. In parallel, a maximum quantity of energy, absorbed by the end-cushioning, often appears as a
limitation factor when sizing the pneumatic cylinder designed to handle heavy objects. An engineer would rather
prefer a larger-scaled cylinder with a proportionally higher damping capability to bring the moving mass softly
and safely to the end position, even if a smaller cylinder is enough to perform the task. Large-scaling results
directly in an increase in energy consumption whilst performing the same net work. For instance, the large-scaling
is typical for nearly 80 % of all applications and avoiding the can contribute to reduction in energy consumption
up to 40 % [1].
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Having said that, the classical concept of pneumatic end-position cushioning needs to be investigated and revised
to decrease its sensitivity against the operational conditions and enhance the energy absorption without enlarging
the system or pushing up the costs. The first step towards this global goal is a development and validation of an
accurate mathematical model of a pneumatic cylinder with a pneumatic end-position cushioning, which is
discussed within this paper.

This accurate model is further needed to perform the sensitivity analysis and figure out the parameters with a
highest impact on the damping capability of the end cushioning. These parameters, such as cushioning length,
cushioning volume in a cylinder head, cushioning throttle conductivity as a function of the throttle opening, are
accessible for the engineers on the design phase of a pneumatic cylinder. Hence, the global goal of the investigation
of pneumatic end cushioning system is to find the optimal values of these design parameters corresponding to the
maximum damping capability and simultaneously to guarantee a high robustness against the fluctuating
operational environment, i. e. volatile supply pressure, alternating mass load or friction force.

This paper focuses only on the development, parameterization and validation of a simulation model of pneumatic
cushioning device.

2 State of the art

In general, there are different ways to decelerate a moving mass within some limited stroke. The highest damping
capability usually possess hydraulic shock absorbers that are also widely applied beyond pneumatic and hydraulic
applications. They are reliable in operation and simple in modelling due to only a viscous term and spring force
must be considered [2]. Hydraulic shock absorbers are very costly and need to be installed out of the cylinder. This
increases the axial dimensions of the drive. A further approach of an external non-pneumatic cushioning is an
elastic mechanical shock absorber. Such absorbers may have a good damping performance due to a sophisticated
geometry and materials. That guaranties a constant deceleration within a short stroke [3]. However, mechanical
dampers usually have a lower damping capability and durability when compared to hydraulic devices and can be
applied only within a limited pressure range. External pneumatic damping devices that are free from the drawbacks
of the integrated pneumatic cushioning are also present in the market, as for example [4]. As in case of the hydraulic
shock absorbers they have high acquisition costs and need installation space out of the cylinder.

Having said that, is obvious, why the integrated pneumatic end cushioning is so widely used in the pneumatic
cylinders. The main advantages are low costs, full integration into the cylinder head, reliability and ease of use.
Several studies are devoted to the problematic of their simulation, adjustment and applicability. Wang et al. have
developed a mathematical model of pneumatic end cushioning under assumption of an isentropic compression
prosses in the end cushioning volume. The simulation of the piston speed, deceleration and pressure have shown
good correlation with experiments. The inertial load was varied, and the other parameters were kept constant. The
authors stated further potentials of model improvement with regards to consideration of the friction, fluid damping,
leakage and discharge coefficients of pneumatic ports [5]. Beater has comprehensively studied the damping
processes in the pneumatic cushioning as well. For this purpose, a Modelica-based simulation environment
PneuLib was used. In this paper, damping capability as a function of the meter-out throttle and cushioning throttle
conductance is studied. The author underlined a drawback of pneumatic cushioning in terms of its limited ability
to absorb the kinetic energy at the end of the stroke. Especially crucial is a cylinder operation at a high speed.
Besides this, the cushioning must be readjusted manually if the inertial mass is changed. The author also concludes
a strategy for manual adjustment of the cushioning throttle [6].

Summing up, there are already some mathematical models of the pneumatic end cushioning existing, as well as
some experimental studies are present. Nevertheless, none of them considers a thermal interrelation between the
gas and the cylinder body in detail. Friction force model is also simplified or missing. In contrast, the present study
aims for a more detailed consideration of the physical phenomena that may have a sufficient impact on the
thermodynamical and mechanical parameters, relevant for the investigation and further optimization of the
pneumatic cushioning system performance.

3 Mathematical model

Simulation of the physical processes, involved into deceleration of a cylinder piston, is essential for understanding
the interrelations between the domains mechanics, tribology, fluid mechanics and thermodynamics. The mostly
used approach for studying and designing pneumatic systems is a lumped parameter modelling, also known as a
one-dimensional modelling. The simulation of one-dimensional models is commonly used to investigate the
behavior of components, groups of components and complex pneumatic systems. This approach is used in this
study as well. The model is implemented in the software SimulationX by ESI ITI GmbH. In the following
paragraphs the implemented mathematical model of pneumatic cylinder is presented and discussed.
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3.1 Force balance in a pneumatic cylinder

A typical example of a pneumatic cylinder with an integrated end cushioning is shown in the fig. 1. The
functionality of the cushioning device is the same for the head and for the rod end. Due to a simpler geometry only
the head end and therefore only the pull-in stroke is considered here. The speed of the piston (travel speed) is
assumed to be controlled with a meter-out throttle, which is a very common industrial solution.

d »
PaT, x 3

Figure 1: Simplified scheme of the pneumatic cushioning unit and its properties: 1 — cushioning plug,
2 — cylinder head, 3 — main outflow channel, 4 — end cushioning throttle (bypass channel), 5 — meter-out throttle.

The force balance is different for the main stroke (/rc <x < Xuax — l£c), cushioning zone (lgc > X O X = Xmax — lec)
and the end position (x =0 or x = X4 ). For the main stroke eq. (1) applies:

My X =pa-Ag+ Do Ag — g - Ag — F, — sign(Fg,) (1)

Gravity force is not considered in eq. (1). If cylinder is mounted non-horizontally, the gravity force term can be
considered implicitly as a part of for the load force F;. After passing the main part of the stroke, cushioning plug
overlaps the main outflow channel in the cylinder head. The air, constrained between the piston and cylinder head,
shapes the cushioning volume with pressure prc, acting on the piston surface 43— Acp. The force balance for the
cushioning region (/ec > X 0Or X > Xuax — lgc) therefore differs from that for the main stroke:

My X =ps-Ag+ D Ag —Dp " Aep — Pec - (Ap —Acp) — F, — sign(Fg,) 2

In the end position (/gc = x = Xmax — Iec) the resulting pressure force is balanced by so-called end force Fl.,q acting
on the cylinder head:

0=p4-As+Dq Ar —Dp " Acp — Drc - (Ap —Acp) — F, — sign(Fpy) — Feng (3)

The value of the friction force in equations (1)-(3) can be defined using different approaches. Mostly used in
pneumatic applications are dynamic LuGre and Dahl models [7, 8] and static Stribeck model [9, 10], polynomial
speed-dependent function [11] and tangent function [2]. In this study the Stribeck model was used due to its
simplicity and possibility to take into account the pressure and piston velocity dependence of the friction.
According to [9] Stribeck friction model can be determined as:

Fpp = Frc + (Fps — Fp) - eCR/YS) 4 kw12 + kp - Dap-- 4)
Hereinafter differential pressure will be often mentioned in the text and therefore referred as a variable pz-:

Pag- = |Pa — p5l Q)

Jianfeng applies a modified version of eq. (4) where Frc, Frs and k, are linearly dependent on supply pressure and
differential pressure in the cylinder chambers [12]. The function has three independent variables and 12
approximation coefficients and was verified by [13]. Depending on particular friction problem, available measured
data and relevant range of operational pressures, speeds and forces, Stribeck model can be simplified, and the
pressure-dependent term can be neglected [10, 14, 15]. For a wide variety of pneumatic applications, e. g. point-
to-point tasks, the friction model can be reduced to a static and Coulomb friction forces or even assumed as a
constant value, without significant decrease in the model quality. In such case parametrization turns out to be
simple. Some cylinder producers provide values of static or Coulomb friction forces for their products.
Alternatively friction can be evaluated with empirical studies.

For more elaborated problems, for example servo-pneumatic systems, where piston position and speed must be
computed precisely, the eq. (4) cannot be further simplified and often advanced dynamic friction models, e. g.
LuGre-model are applied.
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3.1.1 Approximation of the friction force within the main piston stroke with a Stribeck function

For the studied problem of pneumatic end cushioning a friction model plays an important role for two reasons.
Firstly, it impacts the dynamical behaviour of the piston according to eq. (1)-(3) and thus influences the quantity
of kinetic energy that is absorbed by the cushioning device when decelerating the moving mass. Secondly, friction
force, especially its viscous component, performs a dissipative work itself, that is it “helps” to decelerate the mass.
All in all, the friction model for the stated problem must cover a wide variety of pressures and speeds that are
peculiar for pneumatic applications. When talking about the relevant speed range, should be considered that over
90 % of all industrially applied cylinders have a stroke under 200 mm and thus have a short acceleration phase.
Thus, they are unlikely to be operated at speed, sufficiently exceeding 1 m/s [16, 17]. With regards to the pressure,
most of the pneumatic components are usually designed to operate at the maximum pressure of 10 bar. In terms
of energy efficiency, it also makes sense to decrease the supply pressure and use a larger cylinder, if high force is
required [1]. Usually, pressure range up to 8 bar and speed range up to 0.5 m/s are addressed in the literature
[18].

The coefficients vs, kp, kv and a in the eq. (4) are onerous to calculate analytically and keep under control during
the experiment. They are impacted by such factors as cylinder temperature, properties of the sealing lubrication
and sealing materials, sealing wear and quality of the frictional surfaces [19]. For this reason, these coefficients
are usually determined experimentally to parametrize the friction function for the simulation model.

There are different concepts of test rigs for friction measurement existing. Many of them are comprehensively
discussed in [17, 19]. For the given problem, a test rig according to the circuit in the fig. 2, A, was assembled. A
cylinder Festo DSBF with diameter of 332 mm and stroke of 100 mm was studied. Pressure in cylinder chambers
A and B, rod coordinate and acceleration were measured at various supply pressures po € [2, ...,8] bar and 28
values of piston speed for each pressure. The horizontally moved mass amounted 3.7 kg. Additionally, pressure
pec and temperature Tgc in the by-pass channel of the cushioning throttle were measured to obtain the friction
force in the cushioning region and to have a reference for validation of the thermal part of the cylinder model
respectively (fig. 2, B).

Figure 2: Circuit of the rig with tested cylinder with diameter of @32 mm and stroke of 100 mm (A, left)
and adapter for the temperature and pressure sensors and their sensing point in the channel (B, right)

The maximum pressure was limited by 8 bar due to the design of a directional valve (pressure limitation for
internal supply of a pilot stage). Friction force of all friction pairs (i. e. piston and rod sealings and the rail housing)
was estimated from eq. (1) on the part of the main stroke after reaching the quasistatic condition, i. e. constant
travel speed, but before the piston enters a cushioning zone [19]. It must be noticed that the frictional phenomena
and flow resistances between the pressure regulator and cylinder chambers result in a discrepancy of pressures p4
and pp at various speed values. Besides, pressure drop between the po and p4 sensing points is sufficient at high
speed. Therefore, actual chamber pressures p4 and pg must be used when fitting the model to the experimental
data, and not the supply pressure po. Moreover, p, and pp fluctuate slightly even at the above-mentioned quasistatic
condition. Figure 3 shows the effect of the pressure drop in the cylinder chamber when opening the meter-out
throttle (i. e. setting the speed) as well as their variance for each speed value. Further in the study the median values
of p4 and pp were used to calculate the experimental friction force.

The experimental data were merged into a 28x7-matrix (number of throttle openings X supply pressures) and fitted
to a Stribeck function (eq. (4)) with a nonlinear least square algorithm and plotted in the fig. 4, A, as a function of
speed and pressure difference in cylinder chambers p4s.. The obtained approximation coefficients are attached in
Annex A.
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It is obvious that eq. (4) has a constant gradient k, along the pressure axis. The measured friction values tend to
have a convex form along the pressure direction, whereas eq. (4) results in a stiff surface that does not cover the
data, measured at a high pressure difference. Significant differences in the pressure slope by piston speed of 0.1,
0.3 and 0.5 m/s were also measured by [18] and [19]. The constancy of the pressure gradient k, affects considerably
the total performance of the approximation, measured as a residual sum of squared estimates of errors RSS and as
a coefficient of determination R? (Annex A). The low-speed region is covered unsatisfactory as well. Stribeck
speed vg that determines a transition area between the dry and viscous friction, tends to be decreased by the
nonlinear least-squares algorithm and meets the lower constraint at 0.001 m/s. The Coulomb friction is also
restricted by the lower constraint at 2 N. Decreasing these bounds can result in a slightly better approximation
performance but contradicts the engineering experience about the typical values of Frc and vs.

Further discussion of the eq. (4) leads to an unobviousness of the pressure difference |p4 — pg| in the last term. It
implies that friction forces are equal when the piston is sliding with the same speed but different pressures p4 and
ps while the differential pressure is kept the same. For example, if in one case p4 =7 bar and pp =5 bar, and in
another case p4 =3 bar and pp = 1 bar, friction force would be the same at equal travel speed according to (4).
However, the higher the pressure is, the tighter sealing lips are pressed to the frictional surfaces and the higher the
frictional force is [19]. Hence, in the next step the pressure-dependent term in eq. (4) was modified to ky, p4p+,
where p4p+ is a summarized chamber pressure:

Pap+ = |Pa + P5l. (6)
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Figure 4: Experimental data (dots o) fitted with approximation function (4)

using differential p,p_ (A, top) and summarized p 5. (B, bottom) pressures in the cylinder chambers.

Although the results of this substitution (fig. 4, B) may look slightly better in the low-speed area, the function is
still linear in the pressure direction and cannot be applied for an accurate simulation of pneumatic end cushioning
due to its low accuracy. The approximation coefficients for eq. (4) with &, p4p+ term are grouped in the Annex A.

3.1.2 Approximation of the friction force within the main piston stroke with a modified Stribeck function

To elaborate a handy and accurate function for a wide range of slide speeds and cylinder pressures, a simple
approach is proposed here. In the first step, the measured data are fitted separately for each supply pressure po with
eq. (7). The real cylinder pressures p4 and pp are not taken into account in this step.

Fer = b + (Fps — Fpe) - eIxl/vs) 4 k, - [x]® (7)

In contrast to the eq. (4) a bias b appears in the first term instead of the Coulomb friction Frc. Uncoupling the bias
from the Coulomb friction significantly improves the quality of an approximation. The results are shown in the

fig. 5 (pressure po = 7 bary is skipped). The estimated coefficients and approximation performance are attached in
the Annex B.

It is noticeable that the form of the curves in the viscous region (X > vg) may be not convex as in the given case,
but also concave for some larger cylinders, as for example, the cylinders with diameters of 340, @50 and @80 mm
measured by [18]. Basically, this form depends on the sealing material, their form, the rheological properties of
the lubrication and the testing methodology [19]. All in all, the eq. (7) approximates the measurements very
accurately.
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Figure 5: Friction force for supply pressure po € [2,3,4,5,6,8] barre..

In the second step, the correlation between the coefficients b, Frs, Frc, vs, kv, a and supply pressure po must be
analysed. For vs, Frc and a no obvious correlation can be derived, whereas for the other coefficients a descending
or ascending trend is observed with an increase of py. It is important to repeat that chamber pressures p4 with pp
and not py are relevant for the real frictional behaviour of the cylinder. However, at high slide speed and constant
Po, chamber pressures vary noticeably, as was shown in the fig. 3. Nevertheless, p4 and pz do correlate with po. An
increase of po results inevitable in an increase of p4 and pp. Thus, po can be treated as a variable that correlates
implicitly with the friction force, provided that the test circuit and is not changed and no new forces appear in the
system.

Considering this, the pressure-dependent coefficients b, Frs, and k, are linearised with a function ip + p - i1, where
i corresponds to each of these three coefficients and p is some pressure value, used to estimate the friction. In the
following, differential pressure p4z— and summarized pressures p4s+ are used as this pressure value in the friction
function. Here again, poshould not be applied as a variable p, because it does not reflect any changes in the external
load force F; or inertial force my, - X (see eq. (1)) that affect p4 and pp and thus real pressure-dependent frictional
forces. In the given case, load force and inertial mass remained constant during the friction measurements, but they
will be varied in the further steps and thus po is not considered for friction calculation. Applying the pressure-
linearized coefficients to eq. (7) following two-dimensional function is obtained:

Fer = bg + by - pag— + (Frso + Frs1 - Pap— — Fre) - €T/ 4 (kyo + kyy - Dap-) - 1%]° (8)

The results of approximation with eq. (8) are plotted in the fig. 6, A. Figure 6, B, corresponds to the same function,
but with p4p:+ applied instead of p4s—. Both versions perform greatly in the whole range of pressures and piston
speeds with coefficients of determination R? of 0.9975 and 0.9969 respectively (see Annex C).
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One of the advantages of the proposed method and function (8) is that the terms i + p - 7 preserve their physical
meaning. This is handy when seeking out an error or setting the constraints and initial values for the least-square
algorithm. In the following study the model with summarized pressures p.s-+ is used.

3.1.3 Approximation of the friction force in the end cushioning zone with a modified Stribeck function

For the end cushioning region friction force must be obtained separately. Friction force in the end cushioning
differs from the friction within the main stroke because of the additional tribological pair between the damping
plug and the damping sealing as shown in the fig. 1. When the cushioning length is reached, cylinder piston starts
to decelerate, and its speed is not constant anymore. Therefore, to derive the p-v-dependence of the friction there,
speed values as differentials dx/dt between each neighbour points were divided into some groups, which are
defined by speed levels. All the calculated speed values that are laying between some two following levels are
asserted to the group. Then, the speed values and friction forces, calculated for them from eq. (2) using the
measured pressure in the cushioning volume pec, are statistically evaluated to estimate the median value of the
friction and its variation for each speed group. An example for 13 levels and 12 groups of speed at pg = 4 bary is
shown in the fig. 7, A. On the boxplot each speed group corresponds to the mean value of its levels. As to be seen,
the median values of the friction force tend to form some kind of Stribeck curve. For this reason, all the points
measured in the end cushioning region were fitted with eq. (8) for various pressures pgc in the cushioning volume.
The results are plotted in the fig. 7, B, and the estimated coefficients are attached in the Annex C.
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Summing up the results of this paragraph, the proposed mechanical model is used for simulation of the piston
movement subject to the presence of the end cushioning. The piston coordinate appears as a switch between the
values of the coefficients for the main stroke and for the end cushioning zone. It is important to use separate models
for the main stroke and for the end cushioning zone because of the different pressure forces acting on the piston
and the different tribological pairs due to the presence of the end cushioning sealing.

3.2 Thermodynamic model of the air flow

To model the air flow and the transient pressure changes, following equations (9)-(12) for a one-dimensional
control volume are numerically solved in the simulation environment. Variables with the low-case “1” correspond
to the inlet parameters of the volume, with low-case “2” to the outlet, and without index to the volume itself.

As mentioned before, most pneumatic applications are limited by pressure of 10 bary, in some rare cases of
16...20 bary. Air temperature in pneumatic systems may oscillate in a range of £20...60 °C around the ambient
conditions, and usually for a very short time, i. e. for few milliseconds or seconds. Within this temperature and
pressure range, a dry compressed air may be treated as an ideal gas because of only a slight variation of specific
heats (less than 3.5 % for ¢, and less than 1 % for c¢y) [20]. When talking about the applications of a high-pressure-
pneumatics, or systems exposed to extreme temperature amplitudes, this simplification may result in a high error.
However, when talking about the vast majority of industrial pneumatic systems, ideal gas law is applicable:

p-V=m-R-T ©)
Conservation of momentum:
d ) )
EF=E(p-v-V)+m2-v2—m1-v1 (10)
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Conservation of mass:

. d
m1:P1'V1'A1:a(P'V)‘FPz‘Vz‘Az (11)
Conservation of energy with neglected leakages and potential energy of the air:
o v,?2 , v, 2
Q+W=U+m2- h2+7 —mqy - h1+7 (12)
Heat transfer equation:
Q=a-A-(Ty—T) (13)

From the eq. (9)-(13) equations for the transient pressure and temperature changes in the considered volume can
be derived [2]. Another important relation concluded from the (9) and (12) is an isentropic flow rate equation:

=T [ () ) 0

It can be approximated with an elliptic function (15), which is widely used in pneumatics to calculate subsonic
mass flow rate streaming out of the volume with constant pressure p through a pneumatic resistance with back-
pressure p>. When the air flow reaches the sonic speed in the smallest cross-section of the resistance, the mass flow
rate remains constant (chocked) even if p, is reduced further. For this part of the flow diagram eq. (16) applies

[21]:
L ,Ta p2/p — b\’ P,
m—Cpap T—l\/1—<ﬁ> fOTga (15)

. D2
=C- . |2 -~ <bp 16
m Pa' P T, for . (16)

Air density p, and temperature T, correspond to the atmospheric conditions according to the ISO 6358.

3.2.1 Parametrization of the meter-out throttle

Sonic conductance C and critical back-pressure ratio b from eq. (15)-(16) are properties of some particular
pneumatic resistance. Usually, they are given explicitly or implicitly (i. e. can be derived from the flow diagrams)
in the datasheets of throttles and valves. They also can be estimated experimentally on a test rig with standardized
dimensions as stated in the ISO 6358. Because the meter-out and end-cushioning throttles are settled manually it
is worth to assess the value of the random error caused by inaccurate throttle adjustment. In the fig. 8 a polynomial
approximation of the meter-out throttle sonic conductance Cupo is plotted versus the number of the knob revolutions
zmo. The experiment was repeated 8 times, the inlet pressure was kept constant at p = 7 baraps.
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Figure 8: Sonic conductance of the meter-out throttle as a function of the number of throttle revolutions:
8 measurements and their polynomial approximation.
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Generally, the absolute difference between the measured median conductance and its approximation is very low.
But at small openings (under 6 revolutions) approximation error and random error can cause considerable relative
error. This results in speed deviation between experiment and simulation. However, the low-speed range at zy0 < 6,
which corresponds to ca. 2.5 cm/s at po = 8 bary, is less relevant for the end cushioning problem because kinetic
energy is proportional to the speed squared. In this context more important is an impact of the deviations in Cyo
at a higher opening range over 16 revolutions.

Applying the estimated characteristic Cuo (zmo) and critical pressure ratio of by = 0.45 (measured for a fully
opened throttle with two 90°-angle pneumatic fittings) to equations (15)-(16) the mass flow rate through the throttle
can be calculated. The pressure p before the throttle is estimated from the force balance equations (1)-(8) and the
back-pressure p, depends on the conductance of the pneumatic hose and the directional valve. For the simulation
of pneumatic hoses, the model by Bala validated by Hepke was used [9, 22]. The directional valve can be
considered using the same C-b-model. This step as well as the parametrization of the circuit segment “air source
— cylinder chamber A” is analogous and therefore skipped here.

3.2.2 Investigation and parametrization of the end cushioning throttle

In the contrary to throttles, directional and servo-valves, the data about the conductance of the end cushioning
throttles are not given in any of the catalogues known to the authors. By this reason the flow characteristic of the
end cushioning throttle was measured experimentally in this study. For this measurement the piston of the tested
cylinder was fixed at the position x = Xyua — lec — 4 mm. In this position the cushioning volume V¢ is connected
with the cylinder outflow channel only through the end cushioning throttle. The air supply to the Vgc was carried
out through the bore in the cylinder wall at the coordinate x = Xua — le/2 (half the cushioning length from the
cylinder head). The static pressure p = pgc in the cushioning volume was controlled with a sensor through another
bore and kept constant at 7 baras. The air temperature before the studied throttle was controlled with a
thermocouple shown in the fig. 2, B. Back-pressure p» was adjusted with another throttle and measured in the
outlet of the cylinder head. Figure 9 shows the measured and approximated characteristic Cgc (zzc) and the flow
rate characteristics for Cgc =24, 16 and 8 NI/min/bar.

The approximated conductance function (fig. 9, A) slightly deviates from the measurements at throttle openings
under 1.5 rev. The curvature is characterized with three different gradients: low gradient within the first 1.5 rev.,
high gradient between 1.5 and 3.5 rev. and a less sloping part above 3.5 rev. The use of a low and high conductance
gradients is convenient to enable the fine throttle adjustment for low and high piston speeds.

A particular feature of the measured flow rate diagram in the fig. 9, B, is a high value of the critical ratio b at the
full opening. For two-atomic gases and above-mentioned pressure and temperature boundaries of pneumatic
applications this value is limited by b = 0.528, if the pneumatic resistance is treated closely to an ideal nozzle.
However, the geometry of the cushioning throttle differs from that of the ideal nozzle. In the most pneumatic
cylinders, the cushioning throttle is implemented as a needle throttle, and not as a common throttle with an axial
gap. At a small opening the length of the gap in the needle throttle is sufficient compared to its height [20].
Therefore, the friction losses along this gap length are not negligible anymore, and the equation (14) cannot be
derived from the energy conservation (12) in this case. Regardless of that fact, according to ISO 6358-1:2013 the
equations (15) and (16) are applied as approximation functions to characterize various pneumatic components with
non-negligible friction losses, such as pneumatic tubes, that may also have high critical ratio b.
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Figure 9: Measured and approximated conductance characteristic Cec(zec) (left, A) and the flow rate
characteristics for different openings of the end cushioning throttle at constant inlet pressure pgc = 7 baraps.
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In case of the studied end cushioning throttle, parameter bgzc was specified in the model as a linear function of the
pneumatic conductance Cgc. As discussed above for the meter-out throttle, the approximated measured data for
Crc (zec) and m(p, /pgc) describe an interrelation between the pressure in the cushioning volume and the mass
flow rate through the cushioning throttle and hence the speed of the piston in cushioning region.

3.3 Heat transfer model

Heat transfer between the compressed air, cylinder wall and environment is not negligible in pneumatic systems
and must be considered to achieve the results comparable with reality. Temperature changes in a pneumatic
cylinder are usually caused by pressurizing or discharging the cylinder chambers. For instance, Hassan et al. has
measured the temperature fluctuations between 0 and 60 °C in a @50 mm cylinder with a stroke of 200 mm [23].
Hepke has compared experimentally the temperature response of three air reservoirs made of polyvinylchloride
(PVC), aluminium alloy and stainless steel when charging them from 1 to 7 bara,s. He figured out that the
temperature rises in the PVC-reservoir up to 120 °C and drops down within several seconds. In case of aluminium
and steel, which are more relevant materials for pneumatic cylinders and reservoirs, the temperature increases up
to 55 and 75 °C respectively. Carneiro and Almeida have proposed a new method for the calculation of the heat
transfer coefficient based on the measurements of the pressure response when charging different cylinders [24].
The authors concluded that the cylinder material, whether it is a stainless steel or an aluminium alloy, is not relevant
for modelling of the thermal processes in such an extent as the inner cylinder geometry, i. e. the area exposed to
the heat transfer, is. Further, De Giorgi et al. proposes an accurate method for comprehensive modelling of the
thermal domain in pneumatic systems and underline an inapplicability of often used polytropic, adiabatic, or
isothermal models for accurate calculations [25].

Consideration of thermal interrelations in pneumatic cylinder is very important when talking about the calculation
of energy consumption. Usually, energy consumption is calculated for cylinder as an isothermal system, and gas
temperature in the chambers is assumed to be equal to the environmental temperature. However, when a cylinder
with a small stroke is operated at a high frequency, the air may not cool down completely and fills the cylinder
chamber at higher temperature and thus at a lower density at the same pressure. This results in a lower air
consumption compared to an isothermal system. In terms of pneumatic end cushioning, an ability of a cylinder
body to carry the heat away during the damping phase has an impact on a total energy absorption capability of the
cushioning system.

To estimate the heat transfer coefficients in a one-dimensional model of pneumatic cylinder, the approach used by
Michel for modelling the thermal behaviour of compact electrohydraulic drives [26] was transferred to the
pneumatic systems. According to this approach, a cylinder body can be decomposed into heat capacities with a
simple geometry, such as the cylinders, rods or plates, which are streamed with an air flow longitudinally or
orthogonally. These capacities are connected with each other and with pneumatic part of the model via thermal
resistances, each characterized by heat conductance or heat transfer coefficient for free or forced convection. For
simple geometries heat transfer coefficients can be easily estimated with low computation costs.

4 Results and discussions

To validate the simulation model of pneumatic end cushioning, static pressure pgc and temperature 7gc in the
cushioning volume as well as cylinder rod coordinate were measured. The sensing point for both temperature and
pressure is shown in the fig. 2, B. For temperature measurements a thin K-type thermocouple Omega CHAL-0005
was used. It has a bare sensor head, and with diameter of 12.5 pum its cross-sectional area is about 25 times smaller
than that of a human’s hair. Low thickness results in a low heat capacity of the sensor head and consequently in a
short response time. Unfortunately, no exact data about the response time of this model can be obtained from the
datasheets. Besides, the heat transfer from the gas to a sensor head via convection depends on air density and flow
speed. Thus, the time constant may be defined only for one operational point, whereas the measured air parameters
in the cushioning channel vary significantly. To estimate at least a rough value of the time constant, the sensor
head was exposed to a temperature change with an amplitude of 40 °C within under 2 ms at upstream velocity of
5 m/s. From the exponential response plots the time constant of about 15 ms was determined. That means, the
sensors head is expected to take the temperature of the air within about 75 ms. The reaction time of the signal
amplifier of 0.5 ms is therefore negligibly small when considering the entire measuring circuit. Using this time
constant in the model, a signal from the thermocouple can be simulated as a PT1-element and its output is expected
to be comparable with the measured temperature. The data were acquired with an oscilloscope. Time constant of
the sensor Omega STC-TT-KI-40-1M used by [9] with diameter of @75 um was measured by 90 ms and thus has
reaction time of ca. 450 ms. Sensors used by [23] have the same diameter and thus are expected to have the similar
dynamic properties.
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A significant drawback of the @12.5-um-thermocouples is their fragility. The thermocouples were glued into a
G20 syringe needle, and the needle was sealed with an industrial feedthrough. For pressure measurement small
sensor SMC PSE540 with response time of 1 ms and M3-connection was used. The aim was to minimize the
infliction of an additional dead volume brought about by the sensors, bore in the cylinder head and an adapter. The
results of the measurements for supply pressures po = 5 baras and po = 7 baraps for 16 meter-out throttle revolutions
(almost full throttle opening) and three openings zzc of the end-cushioning throttle are shown in the fig. 10-11.
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Figure 10: Piston stroke x (green), cushioning temperature Tgc (red) and pressure pec (blue) measured for
different openings of the end cushioning throttle at p) = 5 bar.s and moving mass my = 3.7 kg.
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different openings of the end cushioning throttle at py = 7 bar.s and moving mass my = 3.7 kg.
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Each of the three subplots in the fig. 10-11 depicts distinctive cushioning possesses that typically occur in industrial
applications. At very small cushioning throttle opening zzc = 0.1 rev. (top subplots), the pressure rises significantly
as soon as the cushioning region is reached by the piston. The piston springs back, but without touching the cylinder
head. Because the most part of its kinetic energy is already absorbed and the throttle conductance is very low, the
piston travels to the end position slowly. This is an example of a cushioning process with an overdamping. If there
is no strict limitation on travel time, this setting is rather harmless because no shock, noise or vibration occur. It is
worth mentioning that an increase of the moving mass above 10 kg leads to a situation, when inertia pushes the
piston through the damping volume, and it reaches the cylinder head in the first oscillation phase whilst not being
completely decelerated. That means that kinetic energy exceeds the maximum damping capability of the integrated
cushioning for a given cylinder because no further closing of the cushioning throttle is possible. Either mass or
speed must be reduced.

Another important issue must be noted, when comparing travel time in both top subplots of the fig. 10-11. In both
cases the cushioning throttle was adjusted manually and was supposed to be the same. However, even a small error
in the manual adjustment results in considerably different travel time. In one case the piston passes the cushioning
zone within 0.48 s, in another case within this time doubled. This phenomenon illustrates well the sensitivity of
the pneumatic end cushioning on the manual adjustment.

Discussing the plots for further throttle openings, is important to emphasize that in the most pneumatic applications
travel time plays a major role and must be reduced to a minimum to enhance the output machine productiveness.
Having said that, an optimal adjustment of the cushioning throttle is usually sought to keep the cushioning time as
short as possible. A relative example is shown in the left subplots of the fig. 10-11 for cushioning throttle opening
zec = 1.5 rev. Damping pressure increases not as significant as in the first case, piston does not rebound, but the
pressure is sufficient to slow down the mass before it reaches the end position. A small amount of the rest energy
may be buffered by an elastic shock absorber installed in the cylinder. No harmful vibration appears, but a quiet,
soft knock may be heard. Travel time in the cushioning zone decreases to 0.08...0.09 s. Further opening of the
cushioning throttle, e. g. up to 2 revolutions leads to an increase of the piston speed at the very last part of the
stroke of ca. 5-8 mm: being once decelerated, piston accelerates again and hits the cylinder head. Stacking the
mass up to total maximum of 10 kg is not crucial at zgc = 1.5 revolutions and only changes the form of the stroke-
time-profile closer to a monotonous sine-like deceleration.

The example of an underdamped cushioning setting is shown in the right subplots of the fig. 10-11. The
conductance of the throttle is so high that the air flow out of the cushioning volume meets almost no resistance
and no braking pressure is built up. As a result, piston reaches the cylinder head at almost full speed, rebounds
slightly from the elastic shock absorber and stops. A long operation in this mode is fraught with a high vibration
and may result in a machine damage. A noise emission level becomes uncomfortable.

S5 Summary and outlook

The conductance of the end cushioning throttle is usually the once parameter that a user can adjust to reach the
desirable damping quality and travel time, when taking a pneumatic drive into operation or maintaining it. The
quality of the cushioning process can be quantified using an integral criterion of cushioning time, peak
deceleration, and the maximum capability on energy absorption. The damping quality is not equal for the same
throttle opening when operating the cylinder drive under various supply pressures, travel speeds and inertial loads.
Hence, the global aim of the analysis of integrated pneumatic end cushioning systems is to figure out, how the
geometry of the cushioning throttle and cylinder can be designed to guarantee a fast and repeatable deceleration
and to minimize the sensitivity against fluctuating operation parameters, such as pressure, moving mass, friction
and load forces. This problem can be solved by the multiparametric robust optimization of the end cushioning.

For this purpose, a one-dimensional simulation model of the pneumatic cylinder with an integrated pneumatic
cushioning system was developed and is presented in this paper. Different aspects, mainly the parameterization of
the friction model and the end cushioning throttle of a real cylinder are discussed in detail. A more accurate
alternative to the classical Stribeck-function is proposed to calculate the friction force over a wide range of
pressures and speeds.

The simulated piston stroke, pressure and temperature in the end cushioning volume are experimentally validated.
The comparison plots, presented in the fig. 10-11, show consistency of the stroke and pressure profiles. In the
positive region (above 0 °C) temperatures match good as well. However, the amplitude of simulated temperature
in the negative range appears to be higher (up to -20...-30 °C) than it was really measured. That can be caused by
a little-known transient behaviour of the temperature sensor under varying flow conditions. Another reason can be
a simplification of the cylinder geometry and its thermal model that hides the complex thermal interrelations
between the cylinder body and the gas flow. Hence, this approach is a compromise between the high detail degree,
which can be enhanced by coupling the present one-dimensional model with a two- or three-dimensional model
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solved with finite element and finite volumes methods, and the simulation time. Simulation time is essentially
important for sensitivity analysis and robust optimization within the further steps because it may require up to
100,000 number of model runs. Thus, the designed one-dimensional model with simulation time varying between
some tenths of the second up to few seconds is considered to be proper for both sensitivity analysis and robust
optimization whilst having an acceptable level of representativeness of the real matter.

Funding sources

This research is funded by the European Social Fund and co-financed by tax funds based on the budget approved
by the members of the Saxon State Parliament.

Diese Maflnahme wird mit Mitteln aus dem Europdischen Sozialfonds gefordert und mitfinanziert durch
Steuermittel auf Grundlage des von den Abgeordneten des Sdchsischen Landtags beschlossenen Haushaltes.

Annex

Annex A: Results of a two-dimensional approximation of measured friction force with eq. (4).

related Fre, Frs, Vs, kv, a, kp, RSS R
pressure N N m/s kg/s - N/baryer
2 0.001 .
DaB— (constraint) 12.32 (constraint) 111.5 0.8914 12.56 4.29-10 0.9797
2 103
PaB+ (constraing) 14.45 0.00151 133.5 0.8497 0.994 5.99-10 0.9716

Annex B: Results of a one-dimensional approximation of measured friction force with eq. (7).

b, FFs, Frc, Vs, kv, a, 2

Po, bari N N N m/s kg/s - RSS R
2.07 5.447 20.46 5.94 0.00367 102.5 0.6796 9.85 0.9993
3.127 2.824 22.59 5.273 0.004483 106.1 0.7018 9.28 0.9995
4.115 1.468 25.78 6.407 0.004925 123.7 0.6513 17.08 0.9993
5.14 2.776 25.05 4.31 0.004033 128.7 0.6843 7.07 0.9998
6.13 2.509 25.51 3.855 0.003434 140.8 0.662 23.72 0.9993
7.085 1.274 32.95 7.864 0.005579 147.6 0.6468 28.9 0.9992
8.075 -1.17 31.08 5.856 0.005311 158.8 0.6317 26.59 0.9994

Annex C: Results of a two-dimensional approximation of measured friction force with eq. (8)
for the main stroke and the end cushioning zone

related bo, b1, Frso, FFrs, Fre, Vs, kv.o, k. 1, a, RSS R2
pressure | N | Nbarja| N | Nbarra | N m/s kg/s | kg/s/baryer -
PaB— -0.67 -4.4 21.64 11.78 5.08 | 4.16:103 | 49.9 4341 0.429 526 0.9974
P4+ 5.63 -0.1 17.06 0.714 5.4 | 3.98-10° | 87.46 6.1 0.746 654 0.9969
PEC 9.66 0.26 8.8 2.197 8.8 | 2.96-103 121 19.61 1 1.73-10° | 0.9292
Nomenclature
Designation  Denotation Unit
K Isentropic exponent -
p Density kg/m?
a Speed exponent -
A Cross-section area m?
b Friction force bias N
C Sonic conductance s'm*/kg
F Force N
h Specific enthalpy J/kg
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m Mass kg
Mass flow rate kg/s

/ Length m

S o v

b ietion coetfcint ks

P Pressure bar

0 Heat flow W

t Time s

R Specific gas constant J/kg/K

T Temperature °C,K

U Inner energy change W

v Speed m/s

Vv Volume m?

w Power W

x Coordinate m

X Speed m/s

X Acceleration m/s?

z Number of throttle revolutions -

Index

Designation  Relation to

1 Inlet conditions

2 Outer conditions

a Atmospheric conditions acc. to ISO 6358

A Cylinder chamber A

AB— (Pressure) difference in A and B

AB+ Sum (of pressures) in A and B

B Cylinder chamber B

CP Cushioning plug

EC End cushioning

FC Coulomb friction

Fr Friction

FS Static friction

L Load

M Moving (mass)

MO Meter-out (throttle)

R Rod
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Abstract

This paper outlines how multi-chamber actuators can improve the efficiency of valve-
controlled systems. Resistive control is a major source of energy losses in valve-
controlled systems that share the same pump to drive multiple loads. In the proposed
concept, by selecting different chambers, the load on the multi-chamber actuator can
be transformed into different pressure and flow rate levels, allowing the adaptation of
its load to the loads on other actuators. This can lead to a reduction of resistive control
energy losses that occur between pump and actuators when driven simultaneously.
Such systems are seen as an intermediate solution between resistive conventional
hydraulics and throttle-less digital hydraulics. As a case study to highlight the possible
efficiency improvement, a concept of a load sensing system with a conventional and
a multi-chamber actuator is analysed. To determine its efficiency, the equations that
describe its static behaviour are presented. Evaluating them for a set of load forces
and speeds demonstrates how the load transformation occurs and how it can improve
efficiency.

Keywords: Digital fluid power, multi-chamber actuators, throttling losses

1 Introduction

The study presented in this paper is motivated by the fact that the introduction of throttle-less digital hydraulics
into a valve-controlled hydraulic system architecture might result in increased system efficiency without requiring
a significant redesign. Although the full potential of throttle-less digital hydraulics to increase efficiency might not
be achieved, it could still result in a considerable reduction of the system energy losses.

So far, most of the concepts for linear actuation in hydraulics have been designed with either a conventional
resistive approach in mind or with a digital hydraulics approach in mind. One of the most common approaches of
digital hydraulics for linear actuation was presented by Linjama et al. in [1], where the concept of a secondary
controlled multi-chamber actuator is proposed. By using a parallel configuration of on/off valves, different
connections between pressure sources and actuator chambers are obtained, resulting in discrete force levels. When
the authors compare this concept to a conventional load sensing system, a 60% reduction in power losses is
achieved. The authors also mention that because the typical load sensing system has several actuators, the supply
pressure is optimized for one actuator only, resulting in significant throttling losses on the valves controlling other
actuators. This is not the case for the secondary controlled actuator, since the loads are decoupled.

In [2] the energy efficiency of a three-chamber actuator controlled by on/off valves is evaluated. At each control
edge there is a set of on/off valves with different flow areas. At each control mode (combination of actuator areas
to pressures sources) the pressure of one of the chambers is controlled resistively through the selection of different
valves, resulting in a different total flow area. The control objective is to find the mode that can drive the load but
also reduce the pressure drop on the controlling valves, therefore reducing the losses due to the resistive control.
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A similar concept as the one present in [1] is presented in [3] for the control of an excavator arm. The main
difference is the additional pressure source, which results in a higher number of available force levels to be chosen.
The same concept is investigated in Belan et al. [4], but applied to the control of flight control surfaces of aircrafts.
In [4] the authors presented a detailed investigation of how the areas of the actuator chambers can be determined
together with efficiency analysis. For the same load cases, the digital hydraulic actuator would result in an 80%
reduction in energy losses in comparison to traditional servo-proportional control.

It is observed that the switching nature of these systems imposes a major challenge on the development of
controllers and is also a significant source of losses due to the compressibility of the fluid. As mentioned in [1]
compressibility losses are caused by the fact that the energy stored in hydraulic capacitance is lost when the
chambers switch between pressure levels. Other researchers proposed alternative architectures that contain means
of throttling control to improve mainly the control performance in detriment of a reduction in system efficiency.

In [5] the authors mention about the limited finite number of discrete force levels that can be generated by pure
digital hydraulic configurations with parallel valves. To improve the force resolution, aiming to achieve an accurate
control of the actuator, the authors propose that a proportional valve should be connected to one of the chambers.
Results show that controllability can be improved while still maintaining high energy efficiency.

In [6] the authors present a model predictive control strategy for a four-chamber actuator connected to a common
pressure rail through proportional valves, a Variable Displacement Linear Actuator (VDLA). It is similar to the
concept presented in [1] except for the use of proportional valves which allow throttling control between the
different force levels, resulting in smoother control while still maintaining high efficiency. In a simulation study
presented in [7] the effectiveness of the VDLA is also shown at a system level for a hydromechanical hybrid
motion system for a wheel loader. In [8] results show a 34-50% fuel efficiency reduction for an excavator with a
hydraulic system architecture based on the VDLA. Although the high efficiency results motivate a change to the
architecture of hydraulic systems in mobile machines, it is noted that a significant redesign is required.

Aiming to be an intermediate solution between valve-controlled architectures and architectures based on digital
control, the goal of this paper is to show that the use of multi-chamber actuators in a valve-controlled system can
result in an increase in system efficiency. The main purpose of the multi-chamber actuator is to adapt its required
pressure and flow rate to reduce throttling losses that arise when multiple loads are driven simultaneously. During
the literature review, the authors did not find any similar approach to the combination of valve-controlled and
digital hydraulics. In this sense, another contribution of this paper to the research area is a different way of using
the principles of digital hydraulics.

This paper is organized as follows: Section 2 presents a description of the proposed combination of multi-chamber
actuator and valve-controlled systems; Section 3 provides a discussion on how a controller could be designed for
this system; In Section 4 the concept selected for the case study is described in more detail. Section 5 presents the
equations used for the efficiency analysis; Section 6 presents the analysis and efficiency results; Section 7 presents
a discussion about the main points extracted from the results; and Section 8 contains the conclusions.

2 Concept Description

Figure la is a diagram of a secondary controlled actuation system, where the actuators are controlled by the
switching of the on/off valves to establish different connections between pressure sources and actuator chambers.
The combination of pressures and chamber areas results in different force levels, which can be used to perform the
control action against the load. Since the valves operate either closed or fully open, the throttling losses are
significantly reduced. It can be assumed that the pressures of the pressure sources remain constant and, therefore,
such a system does not suffer from load interference, which means that the control of one actuator does not interfere
with the control of the other actuators.

Figure 1b is a diagram of a valve-controlled load sensing actuation system with a single pump driving two loads.
It is known that a major efficiency drawback in such systems arises from the throttling losses that occur between
pump output and the actuators. Since the pump pressure is governed by the highest load pressure, the pressure
losses on the valves controlling the other actuator are significant. In order to reduce the losses due to throttling,
this paper proposes to change a conventional actuator for a multi-chamber actuator.
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Figure 1 - a) Secondary controlled actuation system; b) Valve-controlled load sensing system.
Figure 2a is an example of the application of a multi-chamber actuator to a valve-controlled open-centre

architecture. Figure 2b is an example of the application of a multi-chamber actuator to a valve-controlled load
sensing architecture.
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Figure 2 - a) Open-centre actuation system, b) Load sensing closed-centre actuation system.

The load on the multi-chamber actuator can be transformed into different pressure and flow rate levels through the
combination of different chambers area. By selecting a combination that results in a match of load pressures
between the two actuators, the throttling losses on the control valves can be reduced.

One interesting aspect of such concepts is that they do not require significant changes to the existing valve-
controlled architectures. The third line that is connected between the on/off valves and the reservoir is seen as
necessary to prevent the flow for expanding chambers that are not connected to the pressure supply from going
through the proportional valves.
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3 System Control

With the large number of possibilities to connect the proportional valve to the actuator comes the challenge of
which combination to select for the different loads on the actuators and how to perform the switching between
them. This is not the main topic of discussion of this paper, but some comments are made on how to select a
combination to be implemented.

In a usual application of a multi-chamber actuator in a secondary controlled system, the main objective is for the
actuator to achieve the desired control goal, and that would be position, speed or force. For the current concept,
the objective is not just to achieve the control goal, but also to select a combination that minimizes system energy
losses. In this sense, the selection of a combination is also driven by the current force and speed states on other
loads. The proportional valves are still responsible for controlling position, speed or force.

It is not a trivial task to map all possible system states to the best combination. It could be found through the
development and implementation of an intelligent and optimization-based controller. This would be treated as a
multi-objective optimization, where a trade-off between control accuracy of the multi-chamber actuator and system
efficiency should be made. As part of the study carried out by the research group, a controller based on
reinforcement learning is being studied and will be presented in future publications. In this paper the focus is on
the advantage of having combinations to select from, and so establishing which combination is the best for a certain
system state is a topic for further research, as mentioned.

It is also important to add that each combination represents a different actuator, so the dynamic characteristic of
the system is also changed. This will impact on the controller of the proportional valve, since it is controlling
different actuators. Such changes should be considered when designing the controller.

4 Selected Concept for the Case Study

The architecture proposed in fig. 2b was selected to perform an analysis of its efficiency and describe in more
detail how it could be increased. A schematic diagram of the selected architecture with the main variables used in
the analysis is presented in fig. 3.

The configuration of multi-chamber actuator and on/off valves is the same as for the concept presented in [3].
However, the difference lies in the power supply which, for the current concept, is a load sensing architecture
rather than constant pressure sources. Therefore, for this current study no sizing of components is carried out. This
does not affect the analysis presented, since the principle of how the efficiency can be improved can also be
demonstrated.

The connection between the multi-chamber actuator and reservoir is considered to be necessary to avoid a high
imbalance of flow rates in the ports of the proportional valve and also for when a flow from the reservoir is needed
to fill the expanding chambers that are not connected to the proportional valve. Although this is not considered in
this paper, it would be necessary to have a pressurized reservoir.

The original system as presented in [3] was designed to be operated as a secondary controlled system, which would
result in 81 force steps. For the current application not all combinations that would be available for a secondary-
controlled actuator are feasible. Most of the possible combinations are excluded due to at least one of the reasons
listed in the sequence:

e No flow through the proportional valve

Certain combinations would result in no flow at one of the ports of the proportional valve and, therefore, they have
been removed. Table 1 shows an example of such a situation, where no chamber is connected to the B port of the
proportional valve. Depending on the position of the proportional valve, either the supply or the return port would
experience a no-flow situation.

Table 1 - Example of infeasible connection due to no flow at one of the proportional valve ports.

Ports A B T
Connected chambers AC - BD
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Figure 3 - Selected architecture for case study.

¢ Flow with same direction in both ports of the proportional valve

Certain combinations would result in flow in the same direction in both ports of the proportional valve, and so they
have also been removed. In simple terms it means, for example, that it would result in suction of flow from
reservoir through the proportional valve. One example of such a situation is presented in tab. 2.

Table 2 - Example of infeasible connection due to same flow direction in the ports of the proportional valve.

Ports A B T
Connected chambers A C BD

Chambers A and C are always expanding or contracting at the same time. For the given example, if the pump was
supplying flow rate to chamber A then chamber C would require flow from the reservoir through port B. It is the
areas of the actuator that determine which combinations are excluded for this reason, which motivates an additional
study on how the selection of areas would impact the number of feasible combinations.

¢ Redundant combinations when defining the actuator movement direction

The manifold of on/off valves allows each of its input ports (A/B/T) to be connected to any of the chambers, while
the proportional valve can switch direction. This results in two possibilities of operating the proportional valve
and digital manifold to achieve the same actuator motion.

For example, to make the actuator retract or extend, one possibility would be to maintain the proportional valve in
one side, e.g. P—A and B—T and let the on/off valves change combination to achieve the different movement
direction. This situation is presented in tab. 3.
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Table 3 - Example of redundant combination when operating the proportional valve in one direction.

Ports A B T Proportional valve Actuator movement
Connected chambers 1 A B CD | P—A and B—T (+ position) Extend
Connected chambers 2 B A CD | P—A and BT (+ position) Retract

An advantage of this approach is that a 4/2 instead of a 4/3 proportional valve could be used. However, another
possibility is to work with a smaller number of combinations and allow the proportional valve to operate to both
sides. It would also result in retraction or extension of the actuator, but for the same combination of the on/off
valves. This second case would involve a number of combinations that are redundant and, therefore, can also be
excluded. One example of such a situation is shown in tab. 4.

Table 4 - Example of redundant combination when operating the proportional valve in both directions.

Port A B T Proportional valve Actuator movement
A B CD | P—A and B—T (+ position) Extend
Connected chambers I\ g | p_,B and A>T (- Position) Retract
B A CD | P—B and A—T (- Position) Extend
Connected chambers 2 B A CD | P—>A and BoT (+ position) Retract

For this example, combinations 1 and 2 are redundant, since it is the proportional valve that changes the actuator’s
direction of movement. This approach seems to be a more natural one to adopt because fewer combinations are
needed, which facilitates the process of selection of combinations when designing a controller. Another positive
point is that the proportional valve does not need to be changed or its control structure significantly modified.

In terms of selecting which of the redundant combinations to use, the decision was taken to select the ones that,
for a given load in one of the four quadrants of force and speed direction of the actuator, make the proportional
valve always operate to the same side for all combinations. This avoids a need for the proportional valve to change
the operating side if the load changes in magnitude but not the operating quadrant. In the end, sixteen combinations
are thought to be feasible for this system configuration. They are presented in tab. 5.

Table 5 — Selected combinations of chambers.

Combination A B T Combination A B T
1 A B CD 9 ABC D -
2 A BD C 10 ACD B -
3 A D BC 11 BC D A
4 AB D c 12 C B AD
5 AC B D 13 C BD A
6 AC BD - 14 C D AB
7 AC D B 15 CD B A
8 AD B C 16 - - -

As will be shown in the results section, even though all these combinations are available to be chosen, not all of
them are feasible for all load conditions. For certain load speed and force, some would result in too high pump
pressure and/or might result in a requested flow rate above the maximum capacity of the pump. In this way, such
considerations would be required when making the selection of a combination by a controller.

5 System Model

For the selected system, the pressure losses on the on/off valves are considered negligible. The subscript MC refers
to multi-chamber actuator and Conv to conventional actuator. The flow rate at the port of each chamber of the
multi-chamber actuator is given by

The 17th Scandinavian International Conference on Fluid Power 229
SICFP’21, June 1-2, 2021, Linkoping, Sweden



QMC,A AMC,A

Qucs — —Aucp 0
QMC,C AMC,C
Qucp ~Awmco

where v is the actuator speed and the negative sign tells that it is an contracting chamber for a positive speed. The
flow rates at the input ports of the digital valve manifold are

0
Q] [Paa Das Dac Daolq
QB — ] MC,B ,
o [2uco)

Dpy Dpp Dpc Dpp
Dry Drg Drc Drp

where D; are binary variables that determine whether the valve that connects input port i to the j chamber of the

multi-chamber actuator is closed or open. The sum of the chambers area connected to A, B and T are given by

@

QMC,C
Q

MC,D

Anca
Ay Dyy Duyg Dyc Dyp —Ayep
Ag| =||Psa Dss Dsc Dgp A ' 3
Ap Drp Drg Dy¢c Dpp l X’C'CJ

—Apycp

Whether port A or B of the digital manifold is connected to supply or return of the proportional valve depends on
its position. In this way, the flow rate from the supply port (,,. ») and to the return port (Q,,. ) of the proportional

valve is given by

Qpifv<o

Quep = {QA ifv>0 4)
Qifv<o

Quecr = {QB ifv>0 (&)

The next step is to calculate the pressures on the proportional valve ports connected to supply (p,,. ) and to return

(P z)- As for the flow rate, they are dependent on the proportional valve position and are calculated as
Z—:ifFL>0andv>0 SL l:fFL>0andv>0
_ 0 ifF,>0andv <0 _ ZlfFL>0andv<0 ©
Pucp Z—;ifFL<0andv<0‘ Pucr 2 if F,<0andv <0’
0 ifF, <0andv>0 iifFL<0andv>0

where F| is the load force. The pressure on the reservoir port of the digital valve manifold is considered to be zero.
To simplify the analysis, the load on the conventional actuator is considered to result in a pressure (p,. . ,) and

flow rate (Q,,,,, p) at the supply port of the proportional valve. With this information one can determine the pump
pressure (p Pump) and flow rate (Q Pump) as

QPump = QMC,P + QConv,P’ (7)
Ppoymp = max(pMC,P’ pConv,P) +4p,gs ®)

where Ap, s is the additional pressure difference for the load sensing system. The hydraulic power required by each
load is calculated as

Pyc = QucpPucp ©)
_ 10
PCme - QConV,PpConv,P' (10)
The hydraulic power supplied by the pump is calculated as
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PPump,hyd = QPump ppump . (11)

The power to drive the pump is calculated as

Ppump,hyd
PPump i — (12)

>
MvotTmech

where the mechanical and volumetric efficiencies are considered to be functions of pressure and flow rate only,
since a constant pump speed is adopted for this analysis. Knowing the power to each load and the power supplied
by the pump, the throttling losses in the control valves between pump and actuators (P¢yyq 105s) are calculated as

PCtrl,Loss = PPump,hyd - PMC - PConv' (13)

By applying eq. (9) to (11) into eq. (13) and by evaluating eq. (8) for the two possible cases, the analysis can be
further extended to

if Prump = Pucp + Abws Petritoss = (Qmer + Qconvp)APLs + Qconv,e (Pucp — Peonv,p): (14)

if Ppump = Pconv,p +AD1Ls Petritoss = (Qmer + Qconvp)APLs + Que,r Peonv,p — Pucp)- (15)

From eq. (14) and (15) it is straightforward to evaluate how the selection of different chambers can affect the system
efficiency. The first term of both equations indicates that the flow rate of the multi-chamber actuator should be
small to obtain a reduction of those terms, which means selecting a combination with smaller areas connected to
supply. The second term of both equations indicates that having similar pressure levels would also result in a
reduction of those terms, which means selecting a combination that results in as close a pressure as possible to the
pressure on the conventional actuator.

It must be noticed that each combination of areas affects the flow rate and pressure, so both terms of eq. (14) and
(15) are affected, which means a reduction in the first term might result in an increase in the second term. In this
sense, for every different force and speed on the actuators eq. (13) should be re-evaluated. However, the
combination will also affect the efficiency of the pump, for which the power 108s (Ppymyp,1.055) 1S calculated as

PPump,Loss = PPump - PPump,hyd' (16)
The total efficiency of the hydraulic system is then calculated as

PPump,Loss+PCtrl,Lass

Moy = - a7

These equations allow the pressure and flow diagrams for the two loads to be plotted, where for the multi-chamber
actuator there will be different flow rates and pressures for the different combinations of areas that are connected
to the ports of the proportional valve, as defined in eq. (4) to (6).

6 Results

As show in eq. 1 and 2, flow rates at the proportional valve ports are calculated directly from the actuator speed
and combination of chambers. Results for a positive and negative actuator speed are presented in fig. 4. The
opening position of the proportional valve is also shown in fig. 4, where -1 means P—B and A—T, and +1 means
P—A and B—T.
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Figure 4 - Flow rate at supply and return ports of the proportional valve; a) v = —0.2 m/s; b) v = 0.2 m/s.

For most of the combinations there is a noticeable difference in flow rate between the two ports, which is caused
by the asymmetry in the chamber areas. Further consideration of this difference is provided in the discussion
section.

By considering a load on each actuator, it is possible to analyse in which conditions the selected concept could
result in lower throttling losses. To show representative examples, two cases of actuator loads and speeds are
presented that result in a regular load where the load is driven by the power supply, and an overrunning load where
the actuator is driven by the load instead.

To establish a comparison with a conventional system, the same calculations are performed for a conventional
actuator instead of a multi-chamber actuator driving Load 2 (fig. 3). The conventional actuator areas are A,.ony =
Ay + A and Agoony = Ap + Ap which is equivalent to combination 6 in tab. 5. In this configuration it would be
capable of exerting the same force as the multi-chamber actuator. The results for this conventional actuator are
always shown in the right-most position on the x-axis of the plots with the name ConvL2. The left-most position
on the x-axis of the plots presents the conventional actuator driving Load 1, named ConvL1.

Figure 5 shows the resultant pressure and flow diagrams calculated with eq. (1) to (6) for each of the combinations.
In both plots the load force on the multi-chamber actuator is 35 kN, speed is -0.2 m/s for the overrunning load and
0.2 m/s for the regular load, flow rate and pressure of the conventional actuator are 4.2x10* m?/s (25 L/min) and
15 MPa. The width of the bars for each combination is the flow rate required from the pump and the height is the
load pressure. The dash-dotted line represents the pump pressure calculated with eq. (8). In these plots, the
throttling losses can be visualized as the area between the pump pressure curve and the loads.
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Figure 5 - Proportional valve supply port flow rate vs pressure: a) Overrunning load; b) Regular load.

Figure 5a shows the results for the overrunning load, where the pressure in the chambers connected to supply
would be very small. In the calculations they were considered to be zero but to enable the visualization, in the plot
they were assigned a small value. Independent of the pressure, the pump must supply the flow rate to fill up the
chambers. In such situations the combination could be chosen to minimize the flow rate required from the pump
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to reduce the throttling losses. For example, combination A/D/BC has lower throttling losses than combination
A/B/CD.

Figure 5b shows the results for a regular load, where it is seen that certain combinations have the potential to
reduce the throttling losses. For this load situation, the combination that would result in a higher pressure and
lower flow rate, like combination CD/B/A, would have an advantage over a low pressure and high flow
combination like 4/B/CD. This will become clear when the efficiency plots are shown. For loads higher than the
one evaluated, it is likely that certain combinations would result in too high pressure, rendering them infeasible.
This is because the chambers connected to supply result in a small combined area. Figure 6 presents the pressure

and flow diagrams for the return port of the proportional valve.
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Figure 6 - Proportional valve return port flow rate vs pressure: a) Overrunning load; b) Regular load.

Figure 6a presents the return flow and pressure diagrams for the overrunning load, where the movement is
controlled by the meter-out edge of the proportional valve. This diagram shows that, if one would like to recover
this available energy and has the means for that in terms of installed components, it would be possible to also
modulate the pressure and flow rate to the energy recuperation and storage system as well.

Figure 6b highlights the flow rate on the return port for a regular load. In the calculations the pressure is assumed

to be zero since it would be connected to a reservoir, but in the plot a small value is assigned to it to enable the
visualization.

Figure 7 presents the results for the calculation of pump and throttling power losses and the required hydraulic
power according to eq. (9) to (16).
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Figure 7 - Power supply and power loss: a) Overrunning load; b) Regular load,

Figure 7a shows the power supplied to and lost by the system for the case of an overrunning load. The load on the
multi-chamber actuator is lost when throttling the flow back to the reservoir, since in the presented architecture it
is not possible to recover this energy. Although it is an overrunning load, the throttling losses can be affected by
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which combination is selected. This is because the combination affects the flow rate supplied to the unpressurized
chamber of the overrunning actuator, which still result in throttling losses over the control valves. By selecting a
combination with smaller chambers connected to supply, the throttling losses are minimized. Although it is an
overrunning load, the compensation valve must control the same pressure drop upon the proportional valve.

Figure 7b shows the power supplied to and lost by the system for the case of a regular load. It is clear that some
combinations would result in less power supplied by the system to perform the movement. Although the pump
losses are not constant for all combinations, the largest difference is caused by the reduction in throttling losses.

Figure 8 shows the system efficiency for both conventional and multi-chamber actuators calculated by eq. (17). It
is notable that most of the combinations of chambers would result in a higher efficiency than if the same load was

driven by a conventional actuator with equivalent areas. The increased efficiency is very clear for both cases of
regular and overrunning load.
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Figure 8 - System efficiency: a) Overrunning load, v=-0.2m/s; b) Regular load, v=0.2m/s.

7 Discussion

Figure 4 shows a considerable difference between the magnitudes of flow rates at the ports of the proportional
valve. This flow rate disparity is an issue since the pressure drops in the control edges of the proportional valve
would be significantly different. However, when selecting combinations from the redundant ones, the larger flow
rates for the different chambers can be assigned to the same ports, where the opposite is also true. In this sense,
the asymmetry of the proportional valve could be designed/selected with the aim of having as close a match as
possible to the asymmetry of the chamber areas. A study on matching the area ratio of actuators and areas of
control edges of proportional valves is presented in [9].

The ratio between the chamber areas has a significant effect on the available combinations to be chosen from — on
the one hand because more combinations can be made feasible with respect to flow direction in the proportional
valve, as discussed in Section 4. On the other hand, they could be chosen to not result in many infeasible pressures
or flow rates, e.g. when subjected to loads with high speed and/or force. The choice of areas would also affect the
overall efficiency of the system, where a wider choice of combinations would be available depending on the load.
This is a topic for further research, possibly by defining an optimization problem for the system parameters.

An argument against such concept is that it requires more hydraulic lines to establish the connections between
actuator, digital manifold, proportional valve and reservoir. Another argument against it is that the return line, port
T, would need to be pressurised to avoid cavitation in the actuator.

As mentioned in [10], an important feature of the parallel connected systems is that no switching is needed in order
to maintain any of the combinations. Switching the valves is needed only when a different output is desired. In
this sense, the current system can operate according to the load expected for a particular operation, for example a
grading operation of an excavator. For the whole duration of that operation, it could maintain the same actuator
set-up since no major load variations would exist. If another operation has larger load variations then switching
can be executed more frequently as well.

Although in this study a multi-chamber actuator with four chambers was studied, the same concept could be
applied to a three-chamber actuator. This would result in a smaller number of available combinations, but likely
also reduced component costs, as a consequence of having fewer on/off valves and simpler cylinder construction.
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8 Conclusions

This paper presented a possible solution to reduce throttling losses of valve-controlled hydraulic systems with the
use of multi-chamber actuators. A case study was presented for a load sensing system used to drive two loads with
the same pump. It was shown that the different combinations of areas of the multi-chamber actuator can be used
to adapt the resultant pressure and flow rate from its load to the pressure and flow rate resultant from the load on
the other actuator. In this way, throttling losses that occur due to resistive control can be reduced significantly. It
was also suggested that a smart selection of the available combinations can lead to a simpler controller, since the
number of combinations is reduced and possibly fewer changes to the control of the proportional valve are
required. Further research should be directed towards the evaluation of design parameters and design of the
controller.
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Nomenclature
Designation ~ Denotation Value Unit
v Multi-chamber actuator speed - m/s
Fioad Multi-chamber actuator load - N
Pconv,p Conventional actuator prop. valve load pressure - Pa
Qconv,p Conventional actuator prop. valve flow rate - m3/s
Ppump Pump pressure - Pa
Qpump Pump flow rate - m3/s
Ap;s Load sensing pressure differential 1.5¢6 Pa
Qucp Multi-chamber actuator prop. valve supply flow rate - m3/s
Puc.p Multi-chamber actuator prop. valve pressure of the port connected to supply - Pa
Qucr Multi-chamber actuator prop. valve return flow rate - m3/s
Puc,r Multi-chamber actuator prop. valve pressure of the port connected to return - Pa
Quca Multi-chamber actuator prop. valve port A flow rate - m3/s
Puc.a Multi-chamber actuator prop. valve port A pressure - Pa
Qucs Multi-chamber actuator prop. valve port B flow rate - m3/s
Puc,s Multi-chamber actuator prop. valve port B pressure - Pa
Qucr Multi-chamber actuator port T flow rate - m3/s
Pumcr Multi-chamber actuator port T pressure 0 Pa
Qmca Multi-chamber actuator port A flow rate - m3/s
Qucs Multi-chamber actuator port B flow rate - m3/s
Qumcc Multi-chamber actuator port C flow rate - m3/s
Quc,p Multi-chamber actuator port D flow rate - m3/s
[A4 Ag Ac Ap] Multi-chamber actuator chambers areas [27391]A4)p m?
Ap Multi-chamber actuator chamber D areas 2.097e-4 m?
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Abstract

The load-sensing system has for a long time been the most energy efficient hydraulic
system widely used for mobile machines. When replacing the combustion engine
drive with an electric drive with a battery as energy source an incentive for using
more energy efficient systems arise. Some promising examples of more energy effi-
cient systems are independent metering systems, pump controlled systems and open
flow control systems. Before getting to deeply involved in a specific design, an in-
vestigation of the intended application is of importance. The objective of this study
is to present a large number of energy efficient designs for the hydraulic system of
an electrified loader crane by the means of a loss analysis and a high level concept
comparison. To be able to cover a large design space all systems are modeled based
on static pressure-flow relations for their components.

Based on measurements, the losses from simultaneous operation, backpressure losses
and load holding valve losses are found to be the largest loss contributors in the hy-
draulic system. If an electrical supply system is added to the reference load sensing
system, the overall efficiency is found to be 23 %. The hydraulic system it is found to
account for 62 % of the losses and the drive system for 38 %.

The concept comparison shows that a two or four pump system with recuperation pos-
sibilities can decrease the energy consumption of the complete system on the studied
working pattern by about 50 %.

Keywords: loss analysis, energy study,concept development, electrified mobile hy-
draulics

1 Introduction

Conventional mobile hydraulic systems are known to suffer from large losses [1] and with the ongoing electri-
fication the losses become more evident as they directly affect the size of the heavy and costly battery. The load
sensing system, which will be used as reference in this study, is the most energy efficient system widely used but
still suffers from losses due to e.g. different pressure levels of active hydraulic functions. There are different ideas
on how to decrease the losses, see e.g. [2], [3], [4] and [5], but this study investigates which ideas are best suited
for the reference application. A loss analysis is performed on the reference system to sort out the largest loss con-
tributors. An energy analysis on different concept systems based on real life working patterns is then performed
to find the design changes that have the greatest impact on the power consumption. Static energy calculations are
used to cover a large number of systems.

All concepts in this study will be driven by electrical motors. The control possibilities of the electrical motor open
up for a number of concepts that are not motivated when a combustion engine is considered as the power source.

The reference system for this study is the hydraulic system of a loader crane with four hydraulic functions; slew,
1st boom, 2nd boom and extension. The slew function is driven by a symmetric cylinder and the other functions
by asymmetric cylinders. A figure of the crane with placing of the cylinders is displayed in fig. 1 and a simplified
view of the hydraulic system can be found in fig. 2. The hydraulic system consists of a pressure compensated
directional valve and pilot operated load holding valves connected to each cylinder for safety. The cylinder design
will not be investigated in this study and will consequently be left out of the analysis. The pump together with
an electric motor will be included in the analysis to show the relation between drive system and hydraulic system
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losses and to allow systems with different number of pumps and different capabilities of recuperation of energy to
be compared. In order to make the new concepts commercially interesting, the study aims at presenting concept
systems that reduce the energy consumption as much as possible with as little changes to the reference system as
possible.

Extension cylinder

2nd boom cylinder

Ist boom cylinder

slew cylinder inside base

Figure 1: Reference system crane with placement of four hydraulic cylinders.

2 Method

Loss analyses are good foundations to design new systems on and done on hydraulic machines e.g. by [5], [6]
and [7]. Some of the same ideas are applied to a loader crane in this study and load holding valves and components
of the electric drive are added to the analysis. This work aims at investigating a much larger design space of new
systems than what has been done in the above mentioned studies. The aim is not to propose one solution over
another but to provide the basis for deciding which systems to investigate further. In order to minimize the time
spent on each system before a first selection can be done, a method of modeling static pressure-flow relations for
each component in the hydraulic system that can be used both to build the reference system and new systems is
used. Dynamic properties of different systems will thus not be considered. The method can be summarized by the
following steps:

e Step 1: Data gathering of reference system to get data for modeling and energy analyses.
e Step 2: Modeling of components in reference system.

e Step 3: Loss analysis of reference system. Hydro-mechanical and volymetric losses are considered for the
pump but only pressure drop losses will be considered in the rest of the hydraulic system. Flow losses are
mainly the flows required for valve actuation and the load sensing control but left out of the analysis. No
frictional losses in the cylinders are included.

e Step 4: Concept screening.
e Step 5: Modeling of components for new concept systems.

e Step 6: Energy analysis of new concept systems. As in the loss analysis, only pressure drop losses will be
considered and power consumption for valve actuation and sensors will thus not be compared for different
systems.

3 Measurements and Reference System Mathematical Modeling

A model of the reference system based on pressure drop models for different components is needed for the loss
analysis. The component models are also needed for the energy analysis of new concept systems where some parts
of the reference system will be kept. All components in fig. 2 with arrows indicating the loss energy flow are
modeled and described more thoroughly in sec. 3.1 to 3.5.

The input to the analysis will be demanded cylinder pressures and flows and to get relevant data measurements
of cylinder pressures and spool positions of a crane in the field have been done during several months. The spool
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positions can be used to estimate flow since the directional spools are pressure compensated. A more detailed
description of this data gathering and a representative drive cycle can be found in [8]. Since the calculations in this
study are static the complete data set is used rather than the drive cycle for a greater variation in crane movements.

To establish the static relations between flow and pressure drops for the model of the reference system measurement
on a laboratory crane have been done. For these measurements, each function was equipped with pressure sensors
according to fig. 2 as well as spool position sensors. Each cylinder was operated at different static working points
and the pressure drops over the components connected to the cylinder were measured.
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Figure 2: Reference system with loss indicators for each component and placement of pressure sensors.

3.1 Mathematical Models and Definitions of Losses from Pumpline and Main Valve

For the load-sensing reference system the pump pressure margin is controlled to a constant value. This margin is
set to overcome the losses in the hoses and filters in the pumpline as well as the pressure drop over the directional
valve. The pressure drop over the spools in the directional valve is kept constant by pressure compensators but the
pressure drop in the pumpline is flow dependent.

For the reference system the pump pressure margin is assumed to be 28 bar which is the recommended lowest
value by the manufacturer. The actual pressure drop in the pumpline as a function of the flow is estimated using
measurement data of sensors of p,,mp and piye according to fig. 2. The actual pressure drop is set as one loss
component according to eq. 1 and the additional pressure that has to be built up due to the fixed pressure margin
as one component according to eq. 2. The pressure drop over the directional spools is assumed to be 8 bar when
the compensator is within its working range and this loss component is described by eq. 3.

Ploss,pumpline = fpumpline(‘]pump)qump (1)
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Ploss,pumpAp = (Appump - Apspool - fpumplirze (qlmmp))qlmmp (2)

Ploss,spoolAp = Apspool “qpump (3)

The relation between the actual pressure drop in the pumpline, fp,unpiine(qpump), and the constant pressure margins
for different flow levels is displayed in fig. 3.

307

25¢

W04 —F e m———— —

15¢

p [bar]

10 fpumpline(q)

0 20 40 60 80
q [lpm]
Figure 3: Actual pressure drop in pumpline and constant pressure margins for pump and spool. For high flows the

actual pressure drop in the pumpline plus the spool pressure margin almost matches the pump pressure margin but
for low flows the losses are much higher than needed. fpumpiine(q) is estimated using measurement data.

3.2 Definition of Losses from Simultaneous Operation

Since all functions share the same pressure source losses occur when two or more functions with different pressure
levels are active. These losses are defined according to eq. 4 where i denotes slew, 1st boom, 2nd boom or extension
and p; 1 and p; > are defined according to fig. 2.

4
Ploss.sim.ap. = Z(p]s _pi,v)%'
i=1
where “4)
Piy =max(pi1,pi2)
Pis = max(Piy, ..., Pay)

3.3 Mathematical Models and Definitions of Losses from Load Holding Valves and Cylinder Hoses

The function of the load holding valves (LHV) is to only allow motion of the cylinder when this is requested by the
operator. This is, somewhat simplified, achieved by a check valve on each side of the cylinder that can be piloted
open by the pressure on the opposite side. For the 1st and 2nd boom this pilot pressure is the only pressure required
to lower the cylinders. If one of these functions is the only active function and performing a lowering motion, all
the pressure that has to be built up by the pump is defined as a loss. During lifting motions the check valves give
rise to a pressure drop that is determined by the pressure required to open the valve and the flow passing through
the restriction. Models for this relation are produced for each of the four functions and can be found in fig. 4
together with models for the pressure drops in the hoses between the main valve and the load holding valves. Note
that no losses are assumed in the hoses between the main valve and load holding valves for the slew function since
the valves are closely connected in the crane base.

The losses from the load holding valves are divided in losses during lifting, Pyys, .rv i f:» and losses during lowering
of 1st and 2nd boom, Py 11V jower,» according to eq.5 and 6. The losses from the hoses, Py hoses, are defined
accoding to eq. 7. i = 1 denotes slew, i = 2 1st boom, i = 3 2nd boom and i = 4 extension.
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Figure 4: Models for flow-dependent pressure drop in LHV and hoses for each of the four functions. p denotes
piston side and r rod side. Note that the LHV is symmetrical for the slew and that the pressure drop over the LHV
on the rod side is constant for 1st and 2nd boom due to gravitation aided lowering and thus not displayed here.

4
Pross.Laviife = Y fLav,i(qi)gi
i=1

&)
where
frrv is from piston or rod side depending on cylinder movement direction
3
PIos&LHV,lower = Zpi,lossqi
i=2
where (6)
Diloss = Ppump,if i is the only active function
Diloss = Dij2,0therwise
4
Ploss,hoses = thoses,i(qi)qi
=2 (7)

where

Jhoses 18 from piston or rod side depending on cylinder movement direction

3.4 Definition of Losses from Backpressure

When performing a lifting motion with a cylinder the pressure in the opposite cylinder chamber would ideally be
equal to the tank pressure. The different valves and restrictors between the cylinder and the tank together with an
incorrect matching of in and out flow of the cylinder result however in that the pressure can be quite high. The
additional pressure in the active cylinder chamber that has to be built up to overcome this backpressure is defined,
multiplied with the input flow, as the backpressure 108ses, Plogs packpressures S€€ €q. 8 where Agerive and Apgey are the
cylinder areas on the active and back side respectively and p; 3 and p; 4 are defined according to fig. 2. i denotes
slew, 1st boom, 2nd boom or extension
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4 A
active
Plass,backpressure = Z (pi,hacki - ptank)%'
i=1 back

®)

where

Piback € [Pi3:Pi4l

3.5 Drive System Mathematical Models

The models for pump and motor used both for the reference system and new concept systems are based on the,
by the manufacturers supplied, efficiency maps in fig. 5. The torque axis of the motor maps is scaled based the
maximum torque required for different systems. To maximize the efficiency of the pump and motor the size of the
motor is chosen so that 60 % of the maximum torque is the torque required to get maximum pressure at 2000 rpm.
Fixed pumps are assumed and the displacement is set so that maximum flow is achieved at 2000 rpm. In cases the
electric motor is operated as a generator or the pump as a hydraulic motor the same efficiency maps are used. The
model for the efficiency of the inverter is displayed in fig. 6 and based on data for a typical inverter [9].The power
rating of the inverter is set to correspond to the maximum power rating of the motor.

pump motor
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Figure 5: Efficiency maps of pump and electric motor used for reference model and new concept models.
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Figure 6: Efficiency map of inverter used for reference model and new concept models.
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4 Reference System Energy Loss Analysis

In order to get a deeper knowledge of where the large energy losses in the system are a loss analysis is made based
on the model of the reference system. Calculations are done using the models from sec. 3 and the input is the
cylinder pressures and flows from the measurements of the field crane described in sec. 3. The required power
at different points in the system is calculated and the resulting distribution between losses in the drive system
(Pross,drive), l0sses in the hydraulic system (P, 4yq) and useful cylinder power (Fpy,) is presented in fig. 7 a. To get
an indication of the size and usage of the application the distribution of the calculated pump states are displayed
in fig. 8. The pump power is equal to the sum of the hydraulic system losses and the cylinder power. The concept
analysis will be focused only on improving the hydraulic system and the distribution of losses on its different
components is presented in fig. 7 b.

l)loss,hyd 48 %

P]oss,drive 30 %

0
Ploss,backpressure 26 % Ploss,sim. op. 29 %

loss, LHV,lift 0 P
loss,pumpAp 7.4 %

Ploss,LHV,lower 6.5 %

P loss,pumpline 8.6 %

Ploss,hoses 35% Ploss,spoolAp 8.9%

(a) (b)

Figure 7: Distribution of power on drive system losses, hydraulic system losses and output power (a) and distribu-
tion of losses in hydraulic system (b). The denominations are taken from fig. 2.
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Figure 8: Distribution of pump pressure, pump flow and pump power calculated from input cylinder data and
reference system model.

5 Concept Screening and Concept Mathematical Models

The energy efficiency of the hydraulic system can be improved by reducing the losses described in previous sections
or make use of lowering energy. Different basic concepts are presented in tab. 1 together with what losses they can
reduce. The concepts are described in sec. 5.1 to 5.5. Additionally, the concept of recuperating energy is described
in sec 5.6. It can be noted that none of the concepts reduce the losses in the hoses on the crane or the pumpline. The
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hoses on the armsystem can only be removed if the power pack is mounted directly onto the cylinders, a concept
known as electro-hydraulic actuator. This solution is not investigated since is not considered to be plausible to
mount large motors and pumps on the armsystem. The increase in energy consumption from lifting the additional
weight, which can be quite significant [10], is considered to be higher than the decrease from removing the hoses.
The losses in the pumpline could be reduced by a shorter line, different filter design etc., but will not be discussed
further in this study.

Table 1: Loss reduction capabilities of basic concepts.

Concept Ploss,sim—op Ploss,pumpAp Ploss.spoolAp Ploss,LHV Ploss,backpressure
Electric load holding valves X (x)
Flow control X
Open flow control X X
Independent metering X X
Multiple pumps X

The basic concepts can be seen as means that solve different requirements in the system design and that can be
combined into a complete system setup according to the function-means tree in fig. 9.

( Move crane, lift loads ]

Hydraulic system
Control system Control :
[ Supply power j[pressure and ﬂowj function speed ][ Load holding ]

Figure 9: Function-means tree describing the four main functions of the hydraulic system of the crane and different
means that can solve the functions. Every system design needs to be compiled by one of the means for each function.

The calculations of the energy consumption of the concepts is done using a combination of the models from the
reference system and models of new components described in sec. 5.1 to 5.6 . Since static calculations are used,
the input data can be the same working point data from the long-term log of operation from the field crane as in
the loss analysis.

5.1 Electrically Controlled Load Holding Valves (ELHV) Mathematical Model

The pilot pressure controlled load holding valves could be replaced with electrically controlled valves. There are
not yet any electrically controlled valves on the market designed specifically for load holding of mobile machines.
On-off valves are assumed in the calculations in this study but proportional poppet valves could also be considered.
These valves can be selected to have a quite low pressure drop across them when they are fully open, both on the
active and on the back side, and no pilot pressure will have to be built up by the pump to perform a lowering
motion. Characteristics of an on-off valve according to fig. 10 is used to calculate the pressure drop during lifting
motions and on the backside of the cylinder for systems with ELHV. Ideal switching of the valve is assumed in the
calculations but in a real system pressure equalizing before opening the valve might be needed [11] to prevent a
drop of the load when starting a lowering motion.
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Figure 10: Models of pressure drop for on-off valves used as ELHV (left) and fully open directional spool during
OFC (right). Models are taken from supplier data.

5.2 Flow Control (FC) Mathematical Model

With an electric drive, speed control is easy to implement and the flow demand of the system can be calculated
from the operator commands and fed forward to the controller that calculates the required motor speed. The control
aim is to keep the required velocity instead of keeping a constant pump pressure margin and the pump pressure
will not be higher than needed to overcome the losses in the pumpline according to eq. 1 and to keep the pressure
drop over the valve. The pressure drop over the valve is assumed to be Ap;,,,; plus an additional 2 bars over the
inlet section and compensator valve.

A small overestimation of the flow demand might be needed to make up for the electrical motor being slower
than a variable pump to alter the flow. The delivered flow could also be too high due to model errors and some
modification is needed for a valve designed for load sensing with conventional pressure compensators to avoid
high losses in these cases. Flow sharing compensators can be used [12], or a shunt valve that senses the highest
load pressure. Another possibility is to introduce more sensors to the system and either measure the position of the
conventional compensators and lower the flow if none of the compensators is close to fully opened [13] or measure
and compare the inlet pressure to the highest load pressure. However, the calculations in this study assume a
perfect match of the delivered flow.

Flow control software under the name of Flow on Demand is offered by Bucher [14] and the concept is marketed
by Bosch by the name Electrohydraulic Flow Matching [15].

With a pump with electronically controlled displacement flow control can also be achieved with a fixed speed
prime mover. Such a system with a comubstion engine has been developed [16] and the system solution is offered
by Weiss Mobiltechnik GmbH [17].

5.3 Open Flow Control (OFC) Mathematical Model

In addition to flow control of the total pump flow the flow to the heaviest load can be controlled directly by the
pump flow after lighter functions have taken their required flow controlled be the directional spools. The directional
spool for the heaviest function is kept fully open and thus the pressure drop over the valve is minimized instead
of controlled to a constant value. The pressure drop in that case is calculated using the characteristics of an off-on
valve according to fig. 10 since measurement of the spool on the reference crane was not possible. The spool is
assumed to be opened fully by an electric command as soon as a function becomes the heaviest one. In a real
system the spool might have to be ramped from partially closed to fully open [18] to avoid oscillations.

Open flow control could also be partially realized hydraulically with a three-way pressure compensator at the valve
inlet [19].
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5.4 Independent Metering (IM) Mathematical Models

As opposed to the conventional coupled metering (CM) independent metering system have independently con-
trolled spools for meter in and meter out of the cylinders. This type of system offers several possibilities of energy
consumption reduction and is further divided into three categories:

e IM 1: The backpressure in the cylinder can be controlled to be as low as possible. If combined with electric
load holding valves, it is assumed that the backpressure can be minimized to the pressure to overcome the
losses in the load holding valve, a fully opened directional spool and the hoses between these two valves. In
a real system, a higher backpressure might be needed to get acceptable dynamic properties. Especially the
slew function might suffer from heavy oscillations if not sufficiently braked.

e IM 2: A regeneration circuit that transforms the pressure up and flow down can be opened for asymmetrical
cylinders that are extending. This reduces the pressure difference between functions and thus lowers the
losses from simultaneous operation.

e IM 3: Circuits connecting cylinders and allowing for regeneration from a lowering cylinder to a lifting could
also be possible which lower the input energy needed.

Recuperation to an energy storage, further described in sec. 5.6, is facilitated since the meter out flow can be
throttled or controlled by the braking electric motor to get a safe lowering motion without the meter in flow
disturbing. There are many different valve architectures for independent metering systems. One example of a
setup that could lower the losses from all three categories is displayed for a circuit with two functions in fig. 11

(a).

A large number of valves is needed to get full regeneration capacity. Calculations with regeneration between
functions has only been made for the two-pump setups since the architecture and number of valves are considered
to be too complex in relation to the time the functionality might be possible to use for a single-pump setup.

The calculations assume ideal switches between different modes of operation. Smooth switching of modes with
different flow paths for a single cylinder seems to be possible to achieve [2], [20], but such control will always
come with some losses. Regeneration between functions introduces more switching and after ramps or other
modification to the switches have been applied there might not be so much more time left when functions are in
the states where regeneration is possible.

An independent metering valve, marketed as CMA, is available at the market by Eaton [21].
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Figure 11: Examples of new system designs. (a): IM system for one of the circuits in a two pump system with ELHV
and possibility to regenerate both on cylinders and between functions and recuperate energy back to the battery.
(b): Open circuit for one of the circuits in a four pump system. ELHV and IM are selected for this configuration

5.5 Multiple Pump Systems

Using a system with more than one pump reduces the losses from simultaneous operation and reduces the number
of mode switches required for open flow control, regeneration between functions and recuperation. A four and
a two pump system are investigated. The two-pump system uses the most energy efficient fixed configuration
calculated on a system with LS-CM-LHY, the slew and 1st boom connected to one pump and the 2nd boom and
extension connected to the other. In a four pump system, the flow to each function can be controlled directly from
its pump. In order to stay as close to the reference system as possible open circuits are assumed which means that
directional valves are required to direct the flow from the pump and tank, see fig. 11 (b). Ideal swithing of different
modes of operation is assumed in the calculations but in a real system, it should be considered that the rotational
direction of the pump in an open circuit will be dependent both on force and velocity direction of the cylinder
which can cause speed interruptions when a load goes over center [22].

5.6 Recuperation to Energy Storage

An electric drive offers the possibility of recuperating energy back to the battery. Since this does not require any
additional components this alternative will be investigated rather than one using another energy storage. In a system
with one pump per function the recuperation can be fully exploited. If functions are sharing a pump, recuperation
is only possible when no function is requiring power from the battery. It is only assumed that recuperation is
possible from the 1st and 2nd boom during lowering motions.
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6 Energy Analysis

Different system setups are created by combining one mean for each function according to fig. 9 and recuperation
possibilities are added to some systems. The new basic concepts are combined to clearly show the reduction in
energy consumption when moving from the reference system to more complex systems. The reduction is shown
both for the hydraulic system and for the hydraulic and drive system combined. Calculations are done using
combinations of the models from sec. 3 and 5. The cylinder power demand from the field measurements is used
as input and the results for 30 different systems are presented in tab .2.

Table 2: Energy consumption reduction for the hydraulic system (energy from pump) and for the complete system
(energy from battery) with regards to the reference system for different system setups.

Supply power Control system Control func- Load holding Recup. E pump red Epat red

pressure  and tion speed

flow
1 pump LS CM LHV - - -
1 pump LS M2 LHV - 4 % 3%
1 pump FC CM LHV - 6 % 6 %
1 pump OFC CM LHV - 9 % 9 %
1 pump LS CM ELHV - 8 % 11 %
1 pump OFC CM ELHV - 17 % 18 %
1 pump LS M1 ELHV - 20 % 20 %
1 pump LS IM1+2 ELHV - 24 % 23 %
1 pump FC IM1+2 ELHV - 29 % 28 %
1 pump OFC IM1+2 ELHV - 32 % 31 %
2 pumps LS CM LHV - 22 % 11 %
2 pumps LS M2 LHV - 22% 11 %
2 pumps FC M LHV - 29 % 18 %
2 pumps OFC CM LHV - 33 % 22 %
2 pumps LS CM ELHV - 33 % 26 %
2 pumps LS M1 ELHV - 39% 32 %
2 pumps LS IM1 +3 ELHV - 44 % 39 %
2 pumps OFC M1 ELHV - 48% 41 %
2 pumps OFC IM1+2 ELHV - 49 % 41 %
2 pumps OFC IM1+2 ELHV X - 45 %
2 pumps OFC IM1+2+3 ELHV - 53 % 47 %
2 pumps OFC IM1+3 ELHV X - 53 %
2 pumps OFC IM1+243 ELHV X - 54 %
4 pumps LS CM LHV - 26 % 10 %
4 pumps FC CM LHV - 34 % 19 %
4 pumps OFC CM LHV - 37% 23 %
4 pumps LS CM ELHV - 39 % 32 %
4 pumps LS M1 ELHV - 45% 37 %
4 pumps OFC M1 ELHV - 54 % 45 %
4 pumps OFC M1 ELHV X - 51 %

7 Discussion

The losses from the load holding valves are found to account for 11 % of the input energy to the hydraulic system,
the energy analysis of new single pump systems shows that a significant part of these losses can be removed by
electrically controlled valves that reduce the energy consumption of the hydraulic system by 8 %. A significant
part of the backpressure losses (18 % of the input energy to the hydraulic system) can be reduced by combining the
electrically controlled load holding valves with independent metering of the meter in and meter out spools which
gives an additional reduction of 12 percentage points. Implementing flow control reduces the energy consumption
by 6 % but the additional reduction in going from flow control to open flow control is only 3 percentage points
and open flow control is perhaps not worth the effort of implementing. To add regenerative valves on asymmetric
cylinders is also quetionable since they have a very small impact on the losses from simultaneous operation and
only reduce the energy consumption by 4 %. On a 2-pump system, there is no gain at all in adding regenerative
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valves.

The energy analysis shows that a 2-pump system could have a better energy performance than a 4-pump system
even though the losses from simultaneous operation can only be completely removed by the latter. This result
shows the impact of over dimensioned, with regards to mean power, components in the drive system. However,
in order for the most energy efficient 2-pump system to work a complex control scheme of regeneration between
functions must be implemented. The question then becomes whether to invest in developing such a complex
control or whether to optimize the hardware layout of a drive system with four pumps.

It is clear that a suitable component selection and control strategy for the drive system is important, a lot of the
energy gained in the hydraulic system of 2- and 4-pump systems is lost in the drive system due to poor part load
efficiencies. In a real life scenario it might be even worse when the available sizes of pumps and motors are limited.
One way to improve the efficiency of the drive system is to put power limits on functions and thus being able to
select smaller components that will be used more in the regions of high efficiency. For some applications the power
limitation might only affect a short portion of the operation time and it might be acceptable to get reduced speed
for heavy loads.

In addition, weight and volume of the components will be issues for a commercial product. It is also important to
keep in mind that while an electric drive to a hydraulic application on truck or other machine is an add-on today
this does not have to be the case in the future when the machine itself will be electrified. The possible interfaces to
the driveline will be important to consider, especially if developing a multi-pump system.

8 Conclusions

The loss analysis makes it clear that there are several large contributors to the energy losses in the reference system,
the losses due to simultaneous operation and backpressure in the cylinders being the two largest. The load holding
valves and constant pressure margins are also large loss contributors.

If only a minor reduction in energy consumption is required there are many different ways of reaching the target
reduction. The energy analysis of new concept systems shows that changing to electrically controlled load holding
valves has the single greatest impact on power consumption without adding any extra components. It can also be
noted that it is possible to reach up to 9 % reduction with one pump or 22 % with two pumps while keeping the
valve setup of the reference system. If the aim is to reduce the energy consumption as much as possible it can be
noted that a 2-pump system can achieve about the same energy performance as a 4-pump system, 54 % and 51 %
reduction respectively.
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Nomenclature

Designation Denotation Unit

Dij3» Di4 Cylinder pressures, function i Pa

Dis» Pi6 Pressures at LHV inlets, function i Pa

Di2, Di2 Pressures at valve outlets, function i Pa

Pinlet Pressure at valve inlet Pa

P pump Pressure at pump outlet Pa

Dis Load sensing pressure Pa

Div Pressure at active valve output, func- Pa
tion i

Diloss Pressure defining LHV lowering losses Pa

Diback Cylinder backside pressure, functioni  Pa

Drank Pressure in tank Pa

AP pump Pump pressure margin Pa

APspoot Spool pressure drop Pa

qpump Total flow from pump m’/s

qi Flow to function i m3/s

Agctive Area of active side of cylinder m?2

Apack Area of back side of cylinder m?

P Electric power at battery w

Pous Hydraulic power at cylinder w

Piogs drive. Power loss in drive system \%%

Pioss, pumpline Power loss in pumpline \%%

Piogs sim.op. Power loss due to simultaneous opera- W
tion of functions

Ploss, pumpap Power loss due to constant pump pres- W
sure margin

Piogs spooiap Power loss due to constant pressure W
drop over spool

Pioss hoses Power loss in hoses between main W
valve and load holding valve

Ploss, LHV Jift Power loss in load holding valve during W
lifting motions

Piogs Lav jower ~ Power loss in load holding valve during = W
lowering motions

Ploss backpressure  Power loss due to backpressure in cyl- W
inders

Epump,red Energy consumption reduction for hy- -
draulic system (energy taken from
pump)

Epat rea Energy consumption reduction for -
complete system (energy taken from
battery)
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Abstract

Modern oil-hydraulic systems for moving heavy payloads are designed for optimised
motion, but also for minimal energy loss. Individual metering technique, using separ-
ate control of the two actuator chambers, offers some advantages. A common strategy
when moving the load is to control the incoming oil flow to obtain a desired speed,
and the pressure at the downstream side for good efficiency. In this work analysis and
design of PI (proportional-integral) pressure control is done. The adjustment of the
control parameters of this loop is usually uncritical. In the worst case, the damping
of the mechanical system is the only contribution. It is shown in this work, that pres-
sure control can increase the damping of load oscillations. The influence of the P and
I parameters to the system properties is investigated using the poles of the transfer
function of the system. It is shown, that there is a point, where the damping factor
of the system has its maximum value, and a design method for this optimisation is
given. The problem ends up in a system of two equations of fourth order. A method is
shown how to reduce the problem to solving one third-order equation, which is done
numerically. Finally, the results are verified using simulation.

Keywords: hydraulic actuator; pressure control; individual metering

1 Introduction

Hydraulic actuators are often equipped with proportional valves. Oil flows for both chambers are controlled with
orifices located on a single valve spool. The distribution of pressures and flows is designed with the geometric
shape. Individual metering technique uses separate control for meter-in and meter-out. This gives an additional
degree of freedom and enables several strategies for control, especially for the increasing demand of energy effi-
ciency [1].

A standard method for individual metering is to control the oil flow to the first cylinder chamber in order to
maintain a defined velocity, and concurrently to control the pressure in the tank side chamber low enough for small
power loss, but high enough to have a margin to cavitation [1], [2]. Such strategies may be implemented in the
embedded controller of a valve [3]. It is important, but difficult to know the system parameters, in particular the
oil properties [4]. For example, additional sensors together with a model for the viscosity can help to improve the
control results [5].

Beside the energy efficiency the damping of vibrations and oscillations can be an important design goal [6] [7].
With electronic control, acceleration or pressure feedback are preferred method [8]. A thorough guide how to
design pressure feedback can be found in [9], an application example is shown in [10].

A completely different approach to reduce oscillations is to avoid those that are induced with command signals.
The basic working principle is to filter out frequencies that could excite resonances in the physical system. An
early work on this topic is found in [11]. These techniques are usually subsumed under the terms input shaping,
signal shaping or preshaping. Successful implementation was done in electrical servo drives and in hydraulic
systems as well [12]. A possible implementation in an individual metering system can be found in [13]. With
a few exceptions, such filters are not often implemented in industrial controllers. The reason could be, that the
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dimensioning needs the work of experts. Additionally, the design requires good knowledge about the physical
parameters. Furthermore, the performance is prone to changes of the parameters, like drift during operation or
non-linear behaviour.

The pressure information from the downstream chamber can be used for two purposes: For active damping and for
level control with respect to energy efficiency. The actual work takes a look on both aspects of pressure feedback.
In the following it is shown that a PI (proportional, integral) pressure feedback loop can have an essential damping
contribution to an oscillating load. A design procedure to optimise the controller is presented. Finally, it is shown
by simulation, that beside the damping effect, the controller still is doing well what it is originally intended for, to
keep a desired pressure level.

2 Modelling
2.1 Description of the System

Figure 1 shows a scheme for independent metering, where the oil flow into the upstream cylinder chamber is
regulated with the purpose to obtain a desired motion speed. The pressure difference over an orifice is measured to
calculate the flow. This flow model can be improved using oil temperature and viscosity data [5]. With the help of
a control loop, a desired value for the oil flow and further for the motion speed is obtained. For the second chamber
on the downstream side, a pressure controller is used to keep a constant pressure.

2.2 Dynamic Model

To model the dynamic behaviour, a linear system is used, fig. 2 shows the block diagram. The payload is modelled
with a mass and linear friction, the cylinder has two chambers with compliant oil, and the electronic pressure

The 17th Scandinavian International Conference on Fluid Power 253
SICFP’21, June 1-2, 2021, Linkoping, Sweden



feedback loop is a PI controller. Of course all elements in the model interact with each other, so does the flow
controller. The assumption of a constant input flow, which is not affected by system dynamics, must be justified
first.

The dominating elements are the mass and the compliance of the oil in the cylinders, acting as a spring. For heavy
machines, the resonant frequency will be quite low, maybe up to ten Hertz. With control system, the motion is
controlled up to this frequency. Usually, higher frequencies are not a goal for control, since this would require too
much hydraulic power, and would lead to wear of the mechanical components.

The pressures inside the cylinders are subjected to the dynamics of the mechanical system and hence cannot change
fast, even if the sensors can measure up to some kHz. Only the supply pressure can change fast according to the
pump dynamics, this property is important for the flow controller.

In the model, fig. 2, flow is regarded as a constant input without any dynamics. Pressure sensors are quite fast,
having upper border frequencies of several kHz. In the case of a valve with embedded electronic control the sensors
are mounted inside the valve close to the metering orifices [3]. Flow control, also integrated in the valve, is done
by measuring the pressure difference. The control loop finally actuates the valve spool to change the orifice. Since
the characteristic frequency of the spool motion is at least ten times higher than the resonant frequency of the
mechanical system, the dynamics of flow control can be neglected, and flow may be assumed to be constant at the
desired level. Under this conditions, the model in fig. 2 will be a good approximation of the actual system.

The results of this work are only valid in combination with an accurate and fast flow control, like provided by the
previously mentioned configuration. We did not consider other solutions like mechanical load balancing valves.

The block diagram fig. 2 contains also non-linear elements. Friction does not influence the results much, if load
forces are high. The oil flow g depending on the pressure pp is modelled with two factors: The feedback gain
ky, that is resulting from the design procedure and the factor kg, which models the flow change by the pressure
through the orifice of the valve. This contributes an additional damping. In order to find the factor kp for a linear
model, a linearisation about the working point has to be done first. Assuming a steady motion of vy, the oil flow
on the B-side will be

qpo = Ap - Vg. (D

With an opening factor 1 and the nominal data of the valve, denoted by the index N, the oil flow is

ar =1 %W)Bo- @)

The pressure ppy will be the setvalue of the pressure controller pg, then the required valve opening can be found
with

gn \V Po
For a small change of flow follows
0
0qp = aﬂ -0pB, “4)
PB | pg=p,
where 5 |
I o 5)
PB | pp—po /PN 2y/Po
For a linear model, the factor is found with
gv 1
B=N—— (6)
/PN 24/Po
Now the basic differential equations for the system in fig. 2 can be formulated,
) 1
Pat) = - (qa(t) —Axv (1)), (7)
A
Pl = (8)
k
& (Kppo— (ks +Kp) pa(0) + 2 [ (po — pa(0)) dt + Apr(1) )
and {
V(1) = P (F(1) = bprv(1) +Aapa(t) — Appy (1)) - €))
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2.3 Transfer Function

For the present work, a transfer function representation was chosen, where the input is the disturbing force F(r),
and the output the velocity v() of the cylinder piston. For this purpose, it is required to find the transfer function

v(s)
G(s) = =—=. 10
)= Fo (10
Applying Laplace transform to eq. (7), (8) and (9) yields
1
—A 11
PA= G (ga —Aav), 1D
Apvs+ ( S+ )
pp = (12)

s2Cp+s (kg +kp) + T—/
and
_ F +Aapa —Apps

13
ms—+b (13

The pressures in eq. (13) are substituted using eqs. (11) and (12). After setting the inputs of no interest, py and g4,
to zero, the transfer function for the motion speed reacting to a disturbing force input F' follows

k
v(s) 1 $Cp+s>(kp+kp) +s7

— . 14
F(s) mCg s*+sp+siq+sr+t (14
with the abbreviations
kBJrkp + é
P
— AB + AA + kp b . kb’+kp
mCpg mCy CBT1 m Cp (15)
= b kp + AA kB"v‘kp
m CBTI mCA CB
t= A¢ kl’
mCy  CpTy-°

The reaction of the system to a disturbing force, eq. (14), includes also the controller parameters and is of fourth
order. To study the behaviour, the poles of the transfer function are to be found. The algebraic solution leads to
very complex expressions, hence a numerical approach is used to find the roots of the transfer function.

3 Discussion of the Poles

At first the effect of pure proportional control without integrator is studied. Letting 7; go to infinity in eq. (14)
leads to the third order transfer function

v(s) _ Sch—l—S(kB—l-k )
F(s)  @BmCp+ s (m(kp +kp) +bCp) + s <A§+A2 B 4 bk +k )) +A/24kngp

(16)

with one pair of conjugate complex poles and one real pole. Figure 3 shows one complex pole, the others are not
of interest. It can be seen, that with small values of k, (weak control) the natural frequency is higher. Both cylinder
chambers contribute with their stiffness. With strong control (high values for k) the natural frequency goes down,
since a perfect constant pressure level in chamber B offers no stiffness.

At a certain value of k,, the real part has a minimum, this is the leftmost point of the graph displayed in fig. 3. This
point is the starting point for the next step, adding the I portion of control.

If PI control is applied, again eq. (14) is to be used, which has four poles. One complex conjugate pair is mainly
determined by k,. Introducing an I portion means starting with high values of 7;. The two poles that are introduced
with 7; are initially real. With decreasing values of 7;, the real poles walk along the real axis until they meet and
split up into conjugate complex poles, shown in fig. 4. The first pair of poles walk towards negative real parts and
meet the second pair at a certain point. This point is the goal of the design procedure, where the real part of any
pole has its minimum. This means, that all transients have a fast decay. Further decreasing 7; causes one pair going
to negative real values, the other pair into positive direction, which means, damping decreases again.

It can be seen that the the loop does not get unstable, but can lose the damping effect. Of course this is valid only
with the assumption, that the friction is linear [9]. This can be assumed, when friction force is low compared to
the dynamic load forces.

The minimal real part for all poles is obtained, when the pairs meet at the same point. Hence this point is a goal
for the design of the control parameters k, and 7;.
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4 Controller Design for Optimal Damping

The controller design problem is to find values for k, and T;, such that the real parts of the poles have minimal
values. From fig. 3 it can be seen that there exists a solution with two identical conjugate complex pairs of poles

S01 = So2 = a =L bj. a7
Then the denominator of a transfer function of fourth order will have the form
D(s) = s* —4as® + 5 (64> +2b%) — 4as (a®+b2) + (@ +5?)°, (18)

which can be used to compare coefficients with the denominator of eq. (14). The comparison yields two non-linear
equations for k,, and T;, one of them is of fourth order. An algebraic solution can be found with a proper tool, but
delivers an extremely complicated formula as result. In order to make the work easier, this problem can be solved
in two steps. Then the resulting terms are acceptable simple, and experimenting is easier.

By comparing the coefficient of 53, the real part of the poles can be found as a function of kp,

1 k3+kp bf,-
= —— _— —_ . 19
a4 4 ( CB + m ( )

Equation (19) shows, that the proportional gain contributes to the damping in the same way like friction bz.. Both
terms have the dimension !, they are time constants of a first order system, as it can be seen in the block diagram
(fig. 2). Equation (19) further shows, that even a frictionless system with b7, = 0 could be stabilised.

A control loop for the pressure is also a kind of pressure feedback, which is often used for damping of oscillations
[9]. Unfortunately eq. (19) is only a necessary condition for the optimum, but not sufficient. We cannot increase
the gain, and the damping associated with it, arbitrarily.

4.1 Integral Reset Time T; as a Function of Proportional Gain &,

Without algebraic solution for the poles, an additional condition for the integral reset time 7; can be found. Com-
paring the second order coefficient yields
q = 6a°>+2b%, (20)

the first order coefficient
r=—4a (a2+b2)- 21

Eliminating b? in eq. (21) using eq. (20) delivers
r=8a>—2aq. (22)
Substituting g with the physical parameters from eq. (15) gives a condition for the I part,

kp (Zam +bf,)
&8 (kp +ky) — 8admCy+2a (4G + A3 & + by (ki + k)

I =— (23)

With a given k,, a is known from eq. (19), and further, 7; can be found with eq. (23).

4.2 Numerical Approach for Gain &,

At this point, any value assumed for &, yields the real part a of a double pair of poles with eq. (19), then eq. (23)
finds the corresponding value for 7. It turns out, that only if k, with the minimal real part is chosen, the value for
T; is an optimal solution. A numerical solution for the poles of eq. (14) can be found easily with numerical tools,
e.g. Matlab™ or with the function solve from the Python package sympy. Given a value for k,, the value for 7; and
the poles are available now. This allows experiments for creating a map of poles, or to find a good pole placement.

To find the solution faster, an iterative approach can be used. The optimal solution are two pairs of poles with the
same real parts and imaginary parts. As criterion, the sum of the Manhattan distances of the poles from the point
with the mean real and mean imaginary parts of the poles is used,

~

o =Y (lai—al+|b;—b|) 24)

i=1
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Figure 6: Step response of transfer function

with . A
a=Y a, b= b (25)

In order to prove, that eq. (24) is a suitable measure, the values of ¢ over k, are displayed in fig. 5. The graph
shows clearly a minimum at zero, which means, that there is a point, where all poles meet, and that the Manhattan
distance can be used to find this optimum with a numerical procedure. This can be done in Python with the
minimize_scalar function of the scipy.optimize package in Scipy, or with Matlab"" .

5 Simulation Results

For the verification of the proposed design procedure an example hydraulic system was assumed. The mass m
is chosen with 100000kg, the cylinder areas are A4 = 0.03 m? and Ag = 0.02m?, the chamber capacitances are
Cy = Cp = 10719m3Pa~! and the friction is assumed to be viscous with b fr = 100kNsm~!. A steady speed v
was chosen with 41 mm/s, which causes as steady oil flow gp of 501/min. From this follows the factor kp with
8-10~""'m3*Pa—!s~!. A disturbing force step is applied with F = 100kN. For the optimal pressure control gain ky
a value of 1.3- 10" m3Pa—!s~! was found, and for the integrating part a 7; of 0.142s.

The first experiment is to simulate the linear model according to eq. (14). Figure 6 shows the optimal solution with
high damping, a result with proportional control only, and a detuned solution with very high controller gain k.
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Figure 7: Step response of the simulated non-linear system

A second experiment is done according to the system in fig. 2 in Matlab®/Simulink® with a non-linear system. A
constant oil flow is maintained with a fast proportional valve and a flow controller. For the downstream pressure
controller also such a valve is used. The set value pg is 50 bar, the power supply pressure is 200 bar. The force step
is delayed to allow the system to settle before the experiment. Figure 7 shows the speeds and the cylinder pressures
over time.

6 Summary and Conclusions

In this work pressure feedback control in hydraulic actuators for motion control is investigated. Such loops are
often used in individual metering systems to stabilise the pressure on the downstream side, while a flow controller
governs the motion speed. Another well-known technique is the use of a hydro-mechanical pressure relief valve.
This would be equivalent to an electronic P control with a very high gain and has a low damping contribution.
Alternatively, electronic pressure feedback with a high-pass filter maybe applied to bring additional damping into
the system. Since a control loop is also a kind of feedback, and the PI controller can be regarded as filter, the
configuration can expose damping behaviour too. It turns out that the parameters can be optimised with respect to
this property, and a design procedure for this is presented. A simulation experiment shows that this works, while
the pressure stabilising feature still is in function.

The design is strictly connected with the physical system parameters and therefore is sensible against changes, for
example drift during the operation. In comparison to this, the classical pressure feedback using a separate filter is
not so sensible to parameter errors and can provide higher damping ratios. But it is shown, that there is an essential
damping contribution by the PI controller, when the parameters are adjusted accordingly.
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Nomenclature

Designation Denotation Unit
qa Constant (controlled) input flow m3 /s
qB Downstream flow determined by pressure controller ~ m?/s
qBo Steady motion flow to chamber B m’ /s
qN Nominal oil flow of valve m?3 /s
DN Nominal pressure of valve Pa, bar
DA, DB Pressures in chamber A and B Pa, bar
Po Set value for pressure control Pa, bar
Ds Power supply pressure Pa, bar
Ap,Ap Piston areas m?
Cy,Cp Hydraulic capacitances m3/Pa
kp Proportional control gain m3/Pas
kp Flow change due to pressure change (linearised) m>/Pas
T; Integral reset time S
v Velocity of piston and load m/s
Vo Steady motion velocity of piston and load m/s
F Disturbing force applied to load N
Fu, Fp Force contributions of cylinder chambers N
m Mass of the load kg
by, Viscous friction coefficient Ns/m
n Valve opening ratio, 0..1
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Abstract

For the realization of compact and lightweight digital hydraulic cylinder drives for
exoskeleton actuation the hydraulic binary counter concept was proposed and
studied previously. This counter principle is based on hydraulically piloted
switching valves which feature a hysteretic response with respect to the pilot
pressure. In first prototypes of that counter bistable mechanical buckling beams
realized the hysteretic response. Their performance suffered from high friction in the
hinges and high local stresses. Furthermore, they require tight manufacturing
tolerances not only of themselves but also of their bearing structure. In this paper,
hydraulic feedback from the multi-chamber cylinders is proposed and investigated to
realize the reset of lower order valves when a higher order valve switches. To make
the hydraulic feedback independent from the system pressure feedback to the valve
is done via spring compression. This principle makes bi-stable elements obsolete.
The functioning of this principle for a small drive for exoskeleton use is proven by a
simple mathematical model and its numerical solution by a MATLAB program. An
exemplary embodiment design of the valves with the proposed feedback mechanism
shows the feasibility of its practical realization. The application of this concept is not
limited to small drives but can be applied for larger drives where multi-chamber
cylinders are advantageous, such as for excavators, to save cost and installation
space of the many solenoid valves required otherwise.

Keywords: Multi chamber cylinder, digital fluid power, hydraulic binary counter

1 Introduction

The use of a hydraulic counter principle for the control of a multi-chamber cylinder drive was first studied 2011
in [1] for the realization of a digital pendant of the analog linear hydraulic amplifier. This device transfers a low
force mechanical input motion x4 into a proportionate output motion x, against a high force F; see Figure 1. Xq is
input mechanically to the spool, x, to the housing of a proportional valve which leads to pilot flows Qx; and Qxp
into or out of the pilot line. The pilot flow and the resulting pilot pressure pc make the four 3-2 way valves
switching on or off in a consecutive, binary manner such that the number values of the binary states follow the
natural number series to raise or lower the resultant force according to the cylinder pressures and cylinder areas.
Qx leads to an integral behavior of the system, because it provides a stepping up or down of the resultant
hydraulic force as long as x4 is larger or smaller than x,. The proportional part of this feedback control
mechanism given by Qyp stabilizes the response behavior. Later, this concept was taken up to realize a hydraulic
piloting actuation of multi-chamber cylinder valves for exoskeleton use to save weight of the relatively heavy
solenoids [2, 3]. The counting principle studied in these papers was based on a hysteresis response of the four 3-
2 way switching valves for the four cylinder chambers. This response manages the reset of all lower order bits
when a certain bit performs the counting step. The snap through property of a buckling beam was selected as a
passive mechanical realization but turned out to suffer from a too high friction in the joints [4]. Furthermore, the
concept imposes narrow design rules for the valves of the different binary stages and tight tolerances, which
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means an additional complexity for system design. The use of repulsive permanent magnets [5], a passive
principle too, leads to a relatively complex and bulky design.

The binary counter principle can not only save weight and space but also cost of the solenoid valves, which is a
high burden for the economically feasible realization of multi-chamber cylinder drives. For instance, cost is a
major design criterion of small and mid-size range mobile working machines, for which these drives are seen a
promising way for substantial fuel savings [7-9]. For the valve sizes required fort such mobile machinery
applications passive concepts of binary counting are not feasible because of the high flow and friction forces.
Such valves may use an internal hydraulic feedback by additional metering edges, as already suggested in [1]
and sketched in the left side drawing of Figure 2. However, those edges would cause difficulties for very small
valves, as needed for hydraulic exoskeleton actuation.
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Figure 1: Linear digital hydraulic amplifier with a differential feed-back [1].
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Figure 2: Exemplary embodiment designs of two concepts to realize a hysteresis behavior of a switching valve
w.r.t. to a pilot pressure py; left: hydraulic feedback by additional metering edges; right: snap through spring.

In this paper the feedback from the pressure of the multi-chamber cylinders is studied instead. It saves extra
features of the valves and is applicable to any valve size. The concept is presented and its basic functioning and
behavior are analyzed by a simple mathematical model. An exemplary embodiment design is presented to
demonstrate the practicability.

2 Binary counting principle

The binary counter principle is given by a schematic in Figure 3. For a better comprehension of the functioning
Figure 5 and Figure 10 are helpful. The purpose of the circuitry is adjusting a hydraulic actuation force Fy which
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is a four bit equivalent of the pressure pc in the pilot line. Thus, the counter can be also seen as a hydraulic
analog-digital converter. For an equal force stepping the piston areas must follow a binary sequence. There are
two solutions; both are given in (1); the first one is used in this paper.
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A negative area is one that causes a negative hydraulic force. This convention eases the formulation of several

equations.
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Figure 3: Hydraulic binary counting for the control of a four-chamber cylinder.

The force levels which the counter should realize and the corresponding switching positions of the four valve
V...V, are depicted in Figure 4.
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If the pilot pressure is below the first threshold value (pc < 4pc) all four valves are in their initial states, as
sketched in Figure 3. Apc are the pilot pressure increments, see Figure 4. The threshold values for the valves can
be set hydraulically using the system pressure ps — as shown in Figure 3 — or by spring preload. In the first case,
the magnitude of these preload forces Fo;, i=1 . 4 is adjusted by the active hydraulic displacement areas Aq;, i=1 .. 4.
The values of Fo; are given in Table 1.

Table 1: Values of the threshold forces Fo;.

Valve V, V, V3 V,
Fy;
5 6 4 8
ApcAc
AppiDs
— 2 ~ 2 4 8
24pcAc

The pressures in the cylinder chambers py are fed back to the valve V; via areas Arg. Their sizes depend only on
the chamber number k and not on the valve number i. Thus, the corresponding piloting units of order k can be
realized in all valves identically. Valve V; needs feedback only from the higher order valves i+1 (2 .. 4). Valves
V; and V3 are controlling chambers with a hydraulic force in negative direction. Their initial values are 1, hence,
the pressures in the related chambers are ps. First switching of V; and V3 cause a pressure change from ps to pr
which is opposite to that of valves V, and V,. To handle this logic situation the feedback actuators of pressure ps
are placed on the opposite sides. The corresponding initial forces are compensated by an increased value of Fo,;
and Fo,. This additional offset is 44p. A, .Without this the values of Fo; and Fo, would follow the binary steps 1
and 2 as is the case for Fo3 and Fo4 since valves V3 and V, are not affected by pa.

In order to keep the feedback forces in a narrow tolerance range even when the chamber pressure have some
variation, a spring is placed between the feedback cylinders and the valve spools. The limited stroke of the
feedback cylinder defines the feedback force via the spring constant. The areas Aggy are such that these springs
are fully compressed with a fraction of the system pressure. For the values shown in this paper that fraction is
taken to be pk/ps=1/2. This explains the number 2 in the denominator of the expression in the second row of
Table 1.

When pc is raised and exceeds Apc V, starts to move from state 1 into state 0. The transition is continuous first,
due to the continuous force changes of the springs in the feedback units. The lower these spring constants Cegy,
the steeper the rise of the valve transition with rising pc, but the higher the compression stroke of the feedback
units. Valve V, starts switching if pc > 24pc. When it reaches state 1, the pressure p, rises and puts a feedback
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force Fo, on valve 1 which makes it switching back when it reaches ps/2. At pc = 34pc switching of V, starts
again. At pc = 44pc V5 goes from state 1 to 0 which finally causes V; andV, to switch back to their initial states
1 and 0, respectively. Valve V, begins its transition to state 1 when pc = 84pc. Counting down, i.e. lowering the
output force, happens in an analog way.

As will be demonstrated in Section 4 by simulation results, a monotonous rise of pc does not mean a
continuously positive pilot flow rate Qc. For instance, if V, is switched the lower order valves V, 3 switch back
and displace three times the fluid which V, takes back to the pressure control valve V. Thus, in sum that event
leads to a negative flow. That circumstance requires a control of pc as indicated in the schematic of Figure 3. It
shows as actual input a force F¢, which can be a manual or magnetic force. In the latter case V¢ represents a
proportional three way pressure control valve. Basically, it would be also possible to avoid flow reversal when a
higher order valve switches, if the displacement volume of the pilot pressure actuation cylinder of V; is larger
than that of all lower order valves. That means an exponential growth of these displacement volumes whereas in
the concept proposed here all valves V_, differ only with respect to Fo; or Ag;, respectively.

The metering edges geometry (overlap or underlap) of the sealing lands decide on the transition between the two
topologic different situations; to have an intermediate short circuiting from pressure to tank line or to happen
fully separately. To avoid an intermediate blocking of the cylinder chambers or cavitation in the latter case check
valves can be placed to both supply lines. These optional valves limit the pressures to the range [pr, ps] and are
shown in grey color in Figure 3. The problem of system transients due to switching and measures to avoid or
limit unwanted dynamical effects are not studied in this paper.

3 Mathematical model of the counter

The validity of the concept and the influence of the design parameters on the properties are investigated by a
simple mathematical model. It considers only effects relevant for the basic working principle and comprises the
four valves and the pressure build-up in the four cylinder chambers. The following effects are disregarded:

(1) inertias of the spools and pistons of the valve piloting pistons,

(2) flow and friction forces in valves V;,

(3) influence of motion of the driven system (s,,) for the pressure build-up dynamics in the cylinder
chambers.

Simplifications (1) and (3) are based on the assumption that there is a clear order of the dynamics of the motion
of the driven system sp(t), the pressure build up dynamics in the cylinder py(t), and the valve response dynamics
svi(t), with sufficient frequency gaps in between. Assumption (2) represents a requirement on valve design and
dimensioning, particularly of the control force steps Apc Ac. This force increment must dominate all parasitic
effects neglected according to this assumption.
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Figure 5: Model of valve Vy; other valves have lower number of feed-back actuators and different values A,;.

The most complex valve is V;. A sketch of the main functional components is given by Figure 5. The spool has a
maximum travel distance s, Which is identical for all valves. A perfect metering of the 3-2 way valves is
assumed, the relation between spool travel sy; and nondimensional valve position y; is
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y, =—1+ Zi, )

Smax

and for the flow rate Q; over the valve V; to the related cylinder chamber

sg(x) = max(0,min(x,); Vx = \/Nsign(x)
The equilibrium of the up to five actuation forces for the spool valve V; are
4
pCiAc - FOi + FCon,i - Z FFBkiSign(Ak ) =0. (4)
k=i+1

The factor sign(A) considers the feedback actuators’ individual force direction. The forces are related to
pressures and positions by the following rules.

Foi =AoiPs i Fraq = min[pkAFBk’(yik + ka)CFBk]Sign(Ak)

yik = O if pk AFBk < kaCFBk
Vi fork=2, 4
e {Smax =S for k =3 LY AFBk YkoCrak (5)
Feoni 201ifs,; =0
FCon,i <0if Syi = Simax
Si € [O'Smax]

The contact force Fcon; assures equilibrium if the spool is in one of its end positions sy;={0, Smax}. The pressure
build-up equation for chamber i reads:

E

=m(Qi -$.A) (6)

b
The pilot flow Qc and its integral Vc are related to the control valve (V¢) equation.

7 Ye ps B pc Ye pc B pT
Voe =Q =sg[ }Q A/——sg[——JQ /—
o ¢ yC max N pN yC max N pN

_Fe P

CCC

(7)
Ye

The pressure in the pilot line p¢ is related to the difference of the inflowing oil volume and displacement by the
valves V; due to fluid compressibility in the pilot system, given by the hydraulic capacitance Cyyy,.

1 4
Pc ZC_EVQC _AbZS\/ij (8)

Hp

The speeds of the spool motions are related to the pressures pc; 4 in the displacement chambers of the pilot
system by the following equation.

& — QNor pC B pCi .o
S = —La—=———= ; i=1.4 ©)]
A Py

The orifice between pilot line and the displacement chambers (specified by a nominal flow rate Qo) are inserted
to ease simulation. Otherwise pc and sy; are not directly related to each other but only by (4) and (8) which
involve the strongly nonlinear contact problems due to the contact forces Fconi. The solution of this set of
equations requires methods to solve multidimensional contact problems.
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The behavior of the system is studied for a ramp up and down of control input Fc. According to the
simplifications specified above, the process is considered being so fast that no substantial change of the position
s takes place in that time. Furthermore, the valves nominal flow rates Qy are considered being large enough to
keep the pressure losses small compared to system pressure ps, a condition to cancel the term s, in (6). The
reason for the simplifications is mainly to keep the analysis general and to keep the number of parameters which
influence the results small. Then the whole system has the following state vector x.

X= [ Pr4 'VQC 1Sv1.4 ]T (10)

It contains nonlinear constraint relations due to the contact forces Feon; in (4). In order to keep the simulation
model simple, these forces are modeled as elastic contact forces according to the following rule.

I:Con,i = CCon (Sgl(_svi ) - Sgl(SV| - Smax )) ; Sgl(X) = maX(O' X) (11)

The vector describing the flow of x is given by equations (6), (7) and (9) in combination with equations (4), (5),
(8) to compute pc; and pc. The model is implemented in a Matlab program. The differential equations system is
stiff, therefore, solutions are computed numerically using Matlab’s stiff ODE solver odel5s.

4 Simulation results

The counter’s behavior is studied for an exemplary four chamber cylinder drive for exoskeleton use. The used
system parameter values set are listed in Table 2.

Results are given by plots in the next figures. They show the working of the system. The response dynamics is
illustrated for the switching from stage 3 to 4, when 3 valves change position, by the diagram in Figure 8.
Despite the small nominal flow rate of the pressure control valve (see Quc in Table 2) valve V3 needs only 3
milliseconds for switching. The lower order valves Vi , need much less due to the strong effect of the feedback
mechanism.

The small changes of valve position at fully open or close positions, best to be seen for sy, results from the
modeling of the elastic end stop with the spring constant cc,, and the effect of pc. This is a modeling issue and
has no meaning for the functioning of the counter.

Table 2: System and Matlab ‘odel5s’ options parameter values for simulation study.

Parameter | Value Parameter | Value Parameter | Value

Ac 10 mm? Acc 2 mm* Ars.3 [1.6 3.2 6.4] mm’
Ackera [-125.25 -051] cm? | Crars [0.81.6 3.2] N/mm | ccc 5.33 N/mm

Ccon 1000 N/mm Chp 0.0643 mm?*/bar E 14 000 bar

Yko k=1.4 [10 10 10 10] mm Yemax 0.3 mm Foii=1.4 [20 24 16 32] N
Apc 4 bar PN 100 bar Ps 5 bar

pr 0 bar Qnc 1 lit/min oN 3 lit/min

Qnor 0.5 lit/min Sm 50 mm Smax 0.5 mm

Vioi=1.4 [1.50.56.0 2.0] cm® options = odeset('RelTol',1e-4,'AbsTol',1e-8)
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Figure 7: Results of a simulation of the digital cylinder drive controlled by a binary counter system; pressures in
cylinder chamber p; and valve positions sy;.
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Figure 8: Magnified view on the response diagrams of valves V, ; when the counter switches from stage 3 to 4.

The system with the parameters of Table 2 can also follow faster changes of the system input Fc. Figure 9 shows
the response in terms of valve position and chamber pressures for a ramp on and off time of 50 milliseconds. The
system is probably at its limits when counting down, even though the cylinder pressure p; follows the counting
sequence better than the spool of valve V.
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Figure 9: Results of a simulation of the digital cylinder drive controlled by a binary counter system for a ramp
time of 50 milliseconds; pressures in cylinder chamber p; and valve positions sy;.

5 Valve design
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Figure 10: Exemplary design of valve V.

The valve consists of a standard 3-2 way valve w.r.t. the main stage but needs an elaborate piloting system with
up to five separate inputs. To judge on the feasibility of a practical realization an exemplary embodiment design
is presented in this section.

Figure 10 shows such a design of valve V; which is the most complex one. Higher stage valves can be widely
identical. The piston areas Ac and all cylinder pressure feedback units are identical for all valves. Higher order
valves need fewer number of feedback units, V, from ps; and p,4, V3 only from p4, and V4 none. All valves could
be equipped with all feedback units and only the required ones are actually connected to the cylinder chambers
or unneeded units are skipped. The feedback units of each valve are only made of one feedback package,
consisting of bore, sleeve, lock washer and pusher. The higher forces of the higher order feedback units — they
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follow in value the power series of 2 — are realized by a higher number of feedback packages. p, has one unit, ps
two units, and p, four units.

For a fast response of a valve when the pilot pressure reaches the corresponding value, the springs in these units
should have a relatively large pretension. In the simulations a pretension yy k=1.4 0f 10 mm was set which is
twenty times the spool stroke sy = 0.5 mm. In order to save space the concept with the sleeves which holds the
pre-tensioned spring with the lock washer is recommended. Without this pretension sleeve the spring must be
given the full pretension stroke to avoid a force on the spool when the related feedback pressure is zero. That
increases the valve size unnecessarily. Furthermore, that would cost more fluid from the cylinder chamber when
the pressure switches from tank to system pressure. The only valve specific parameter is the threshold force F;
i=1.4- In the design concept of Figure 10 it is realized via a spring, actually two springs in order to balance that
force with respect to the centerline. The simplest way to realize the different force values ([20 24 16 32]) is by
different pretensions (yg,) Of relatively soft springs to guarantee Spax >> Yroi. Individual pretensions are best
realized by different washers placed between spring and end cap. This washer is not shown in Figure 10.

6 Summary and conclusion

A concept to control a binary staggered four chamber cylinder system by a hydraulic binary counter was
presented. It uses feedback of the pressures from the higher order chambers to accomplish the reset of the lower
order valves if a binary jump of a certain order is to be made. That concept needs piloted 3-2 way valves and a
pilot pressure control system, which transfers the desired force level into a corresponding pilot pressure. The
counter transfers this pressure into an appropriate force level out of the sixteen possible force levels available of
a four chamber cylinder system. The functioning of this concept was demonstrated by a numerical simulation of
a simple system model. A small hydraulic actuator for an exoskeleton served as an example.

The paper does not yet present a study of the control performance of certain motion control tasks, for instance, of
exoskeletons. This and a compact realization of the pilot pressure control valve will be tackled next.

The concept can be applied to larger hydraulic drives as well, for instance for the four chamber cylinders for
excavators, brought into discussion in the last years. In this case, the system needs to be augmented by means for
a continuous force control for certain operation modes, obviously by adding some throttling control. A hydro-
mechanical concept which can do both, combined digital and throttling control when inevitable, and pure digital
control whenever feasible, will be a topic of further research.

Nomenclature

Designation Denotation

ArBk k=2 4 Piston areas for pressure feedback to valve V; by pressure py
Ac Pilot piston area

Acc Pilot pressure feedback area of pressure control valve V¢
Ack=1.4 Four chamber piston areas

Ajii=1.4 Piston areas for hydraulic realization of offset forces Fo;
Chip Hydraulic capacitance of pilot line

E Compression modulus

Frakii=1.3 k=i+1.4
Fc

Feedback forces to spool of valve V; from pressure p;

Control input force to pressure control valve V¢

Fconii=1.4 Contact force to spool at end stop positions

Fy Hydraulic force of the four chamber cylinder

= Load force

Foiiz1.4 Force to realize switching threshold value for pilot pressure
Qc Flow rate from pressure control valve into pilot system

Qn Nominal flow rate of valve main stages

Qne Nominal flow rate of pressure control valve
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Qnor Nominal flow rate of orifice

Vigiz1.4 Dead volumes of cylinder chambers for s, =0
Vac Displacement volume of Q¢

Ccc Spring constant of pressure control valve

Ccon Spring constant of contact force modeling
CEBKk=1.3 Spring constant of pressure feedback units

i,k Indices of valve and cylinder chamber numbers
m Load inertia

Pc, 4pc Pilot pressure and its counting increment
Pcii=1.4 Pressure acting on pilot area A¢ of at valve V;
Prk=1..4 Pressure in cylinder chamber k

Pn Nominal pressure loss of valves or orifices

Ps, Pt System and tank pressure

Sm Cylinder travel

Smax Spool stroke of valves

Svii=1.4 Position of spool of valve V;

X State vector of dynamical model

Ye Position of pressure control valve

Yemax Stroke of pressure control valve

Yik Compression of feedback spring by pressure pg in valve V;
Yo Pre-compression of feedback spring
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Abstract

Piezo pumps provide an attractive alternative for driving small actuators (e.g. less
than 100W) compared to traditional valve controlled cylinders powered by a central
hydraulic supply. This provides the ability to distribute power electrically rather than
hydraulically, which can bring both weight and efficiency savings. Currently the use
of piezo pumps is severely limited by the maximum power and flows that can be
provided. This paper documents the simulation of a new pump which makes use of
disc type reed valves to rectify the flow generate by a single piezostack-driven piston.
The proposed valves have the potential to overcome frequency limitations of more
conventional poppet or ball type check valves. This enables the pump to operate at
higher frequencies and thereby produce larger flows. Simulation results suggest that
a pump capable of producing a no load flow in excess of 1L/min would be possible
using an off-the-shelf piezo stack.

Keywords: Piezopump, micro-hydraulics, piezoelectrics, reed valve

1 Introduction

The application of an electrical field to a piezoelectric ceramic results in a strain being induced in the material. The
magnitude of this strain depends on the specific piezoceramic strain coefficient and also the strength of the applied
field. In practical applications this is around 0.1 to 0.15% [1]. Piezoelectric stacks consist of multiple layers of
ceramic and electrodes and are commercially available with total lengths up to around 200mm giving strokes of
around 300um. The face area of the piezoceramic governs the force which it is capable of applying, and stacks
with diameters of over 50mm are commercially available giving maximum forces of up to 70kN. This combination
of high force and low stroke presents challenges in many applications which wish to take advantage of the small
size, high reliability and lack of magnetic influence of piezoceramic actuators.

To overcome the stroke limitations various means of motion accumulation have been proposed. There are a number
of commercially available mechanical accumulation methods including the PI walking drive (up to 125mm stroke
and 0.75W output) [2], Noliac amplified actuators (upto 0.95mm stroke and 0.8W output) [3] and other methods
currently being researched [4]. All these actuators generally have a maximum output power of less that SW
however meaning they are not competitive with even the smallest traditional hydraulic drives..

The piezoelectric pump concept (commonly contracted to “piezopump”), uses hydraulic motion accumulation
instead of mechanical and has been shown to be capable of delivering larger powers. There are a number of
different designs for piezopumps but all have a similar operating principle. A piezoelectric stack is used to drive a
piston (or diaphragm) and a pair of valves are used to control the flow into and out of the piston chamber. Cycling
the piston an high frequencies the small displacement can still result in appreciable amounts of flow. Figure 1
shows the operating cycle of a piezopump.

The operating cycle is made up of 4 stages. The first of these is the compression stage with the piezostack extending
and compressing the fluid in the pumping chamber. When the pressure in the chamber is equal to that at the pump
outlet the exhaustion stage begins as the outlet valve opens and any further extension of the piezostack is used to
push fluid from the pumping chamber providing flow. Once the stack has reached the end of its stroke and begins
retracting the expansion stage begins. As the stack retracts the pressure in the chamber drops towards the pressure
at the inlet valve. When these pressures are equal the intake stage begins with the inlet valve opening and allowing
fluid flow into the pumping chamber. As shown in Figure 1 there is often an accumulator on the pump inlet to both
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Figure 1: Operating principle of a piezopump

help with volume changes in the closed system (e.g. due to heating) and raise the net pressure of the circuit above
atmospheric pressure in order to avoid cavitation at the inlet.

Small, low flow piezopumps (in the order of mL/s) are commercially available for applications such as medical
dispensing [5] but currently only one commercially available unit with appreciable flow is know to exist [6].

An excellent review of piezopump technology was published by Chaudhuri and Wereley [7] in 2012. They suggest
that most designs have 4 key limitations:

1. Actuator mechanical stiffness - if stiffer actuators were available then it should be possible to reduce the
diameter of the actuators and still achieve the same blocking forces and thus reduce the size of piezopumps.

2. Fluid inertia and compressiblity - as the driving frequency increases the inertia of the fluid becomes more
important as it must be accelerated and decelerated each cycle. Given the small strokes associated with
piezoactuators the compressiblity of the working fluid also significantly limits pump performance as a con-
siderable portion of the actuator stroke can be used compressing the fluid.

3. Bandwidth of driving circuits - performance may be limited by the ability of power electronics to provide
full voltage at high frequencies.

4. Flow rectification using valves - Chaudhuri and Wereley argue that it is necessary to move towards active
valves in order to increase operating frequency and therefore performance.

Since 2012 there have been a number of significant research papers including [8—15] These papers suggest that
instead of a movement to active valves as predicted by [7] researchers are starting to investigate reed valves and
the possibility of using multiple discrete pumping units in order to achieve higher flows. The power electronics
often proved to be a limiting factor suggesting that co-development of the pump and driver is likely to be required
in order to significantly increase power.

This paper focuses on the simulation of a piezopump which features disc type check valves for both its inlet
and outlet, and an off-the-shelf piezostack The expected flow and pressure characteristics from such a device and
frequency behaviour are predicted.

2 Piezopump modelling
2.1 Piezostack modelling

A Kinetic Ceramics DO75080 stack is used in this simulation and its main parameters are given in Section 2.1.

The size was limited in order that commonly available amplifiers would be capable of driving the stack for future
experimental work. The existence of hysteresis in piezoactuators is well documented and is simulated using the
Bouc-Wen model [16] due to its tractability and ability to model a wide range of different hysteretic behaviours,
Equation (1) shows this model where @, 3 and ¥ are tuneable parameters and x and z are the input and output
respectively.

z=ax—Blx||z]" 'z — yilz]" (1)
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Table 1: DO75080 stack parameters

Cross-sectional area 0.0003 m?
Length 87mm
Maximum voltage 1000V

Free displacement (x,,4x) 804 m
Blocking force (Fpjocr) 10kN
Capacitance 1.77 u F
Natural Frequency 18kHz

A 10% effective voltage loss was assumed and the parameters set accordingly. The voltage available to drive the
stack is converted to a force via a simple gain of 10N /V, and the force acting on the stack from the piston (due
to pressure in the pump chamber) is subtracted from this force giving the total force available to extend the stack.
The stack is then treated as a mass spring damper system with stack stiffness calculated as:

Fyiock
Kpiezo = Xi 2

max

The stack is assumed to be critically damped (when fluid and seal damping are taken into account) and have an
effective mass equal to 40% of the stacks actual mass [17]. The piston mass is added to this effective mass

The general form of the piezostack model is shown in Figure 2

Pprassung :: |

D> O "D
F o i 1 1
RPNy H Ny B

raEni

Forge per V' Kass

(1 ) vatuga i Voitage out Spring
Voltage
Hyteresis

Figure 2: Piezoelectric actuator model

2.2 Pump chamber modelling

The displacement of this stack is assumed to be equal to the displacement of the piston. The sizing of the piston
in piezopump is a trade off between flow and pressure performance. In the first instance the piston diameter
will be assumed equal to the stack diameter but an exploration of its effect will be carried out. Multiplying the
displacement of the stack by the area of the piston gives a volume change in the pumping chamber. This is
combined with the volume change due to flow through the inlet (Q;,) and outlet (Q,,,) valves to give a chamber
volume change (AQ.;,) which can be multiplied by the pump stiffness (Kpump) to give a chamber pressure:

MV =x-Ap = [ Qo+ [ Qi 3)
Pch = Kpump ' AVch (4)

The pump stiffness is a combination of the fluid stiffness Ky,;q, piezostack stiffness Kp;.z, and pump body radial
K, and axial K, stiffness:
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where B is the bulk modulus of the working fluid and assumed to be 1.2GPa, V,;, is the initial volume of the
pumping chamber which is another design trade-off that must be considered. Small chambers result in stiffer
pumps (and therefore better performance) but they can also cause manufacturing or assembly difficulties and in the
case of extremely small chambers severe flow restrictions from to the inlet and outlet valves. A chamber height of
Smm is chosen to balance these competing requirements. E is the Youngs modulus of the chamber wall material
(assumed to be 207GPa for mild steel), 7 is the wall thickness (assumed to be 15mm)

2.3 Check Valve Modelling

The pressure in the pumping chamber dictates the opening on the passive disc reed valves whose flow rates are
referenced in Equation (3). Currently it is assumed that the inlet and outlet check valves are identical and they are
modelled to include the effects of valve and fluid inertia, valve bounce and context dependent opening times. The
models are based on previous work conducted at Bath [18] for poppet type valves. Although disc reed valves will
be used, experimentally derived coefficients are currently required in detailed reed valve models [19] making the
models unsuitable for early investigations. It is proposed that a single-degree of freedom model with lumped mass
and stiffness parameters is adequate, so that the disc reed valve can be treated in the same way as a poppet valve.
3 shows the diagram of the passive poppet type valve model.

kspring_{

Cfree

A VAN
v

Cend D,

k(:n(l \
B,

Figure 3: Check valve model [18]

The valve has a mass (1m,41,.) and is closed by a spring with linear stiffness (k;pring) and there is an associated
damping (cfree):

Cfree = 2C V kspringmvalve (10)

When the valve reaches the end stop it is subject to a high stiffness (kg,p) and damping (cs0p) also changes as
would be expected from Equation (10). The net force accelerating the the valve mass (F,y,.) is a combination of
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the spring and damper forces and the pressure difference across the valve face area.The net force can take one of
three forms dependent upon the poppets position:

Case 1 : valve fullyopen(x > xgop)
Fatve = AvalveCfAP - Cstopx - kstop ()C - xstop) - kspringx - Fpre (11

Case? : valve partially open(0 < x < Xgop)
Foatve = AvalveCfAP - cfreex - kspringx - Fpre (12)

Case3: valve fullyclosed (x < 0)
Foatve = AvalveCfAP - cstopx - kstopx - kspringx - Fpre (13)

where A, 4. is the valve face area, Cy is the valve force coefficient and is a function of valve design and is fixed at
0.4 and F,,, is the preload force on the valve. Using this force the position of the check valve can be found from
integrating:

= Fvalve (14)
Myalve + M fluid

where m 4 is the “added mass” due to the fluid displaced as the valve moves. The flow through the valve is:
0=0,+Auve % (15)
(16)

where Q, is the flow rate through the valve orifice, A, is the valve face area and x is the velocity of the valve. A
value for Q, can be found by integration from the pressure change due to fluid inertia:

78( 0o 2+&1on

), = 17
2 CymA, a dt 17

where AP, is the pressure difference across the valve and so for the inlet valve is the pressure in the piston chamber
minus the pressure at pump inlet, p is the fluid density (taken to be 850kg/m?), Cy is the valve discharge coefficient
which is a function of valve design and assumed to be 0.72, [ is the characteristic length of the fluid, and assumed
to be the thickness of the valve and a is the valve opening area. An opening area lower limit of 1mm? is set to
model leakage and aid mathematical stability.

2.4 Reed Valve modifications

The actual form of the valve is shown in Figure 4.

——— I

Figure 4: Disc type reed valve cross section

The valve opening area above with be calculated as:

a=T- dorifice * Xvalve (18)

where x4, 1s defined as the displacement of the disc at the outer edge of the annulus. The discs mass is a function
of its diameter:

1
Myalye = gAvalve(pvalve tyalve 1 Prluid 'xvalve) (19)
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It is assumed that the deformation of the disc results in a triangular cross section and so the effective mass of the
valve is a third of the valves mass plus the mass of fluid displaced by the valves motion. The stiffness of the disc
can also be related to the dimensions of the valve by using Timoshenko’s bending equation for a ring [20]. In order
to apply this equation simplifications are made. Firstly it is assumed that all the opening force is located at the
centre of the annulus. This is reasonable when the valve is closed. Secondly it is assumed that the centre of the
ring is clamped. The tip displacement can then be calculated from:

Pd>

orifice

Y2 B

valve

Xyalve = k

(20)

where k; is a coefficient dependent on the boundary conditions and ratio of valve diameter to hole diameter, E is
the Young’s modulus (assumed to be 207GPa). Using this displacement and the load force a stiffness can be found.

3 Sensitivity of pump performance to valve parameters

In order to investigate the effects of valve geometry it was initially assumed that an outer diameter equal to the
piston diameter (19.5mm) and inner diameter of 6mm to allow for fastening of the valve to a seat and a thickness of
100um. It was assumed that the disc valves would be manufactured by chemical etching and as such they diameter
of the disc could be easily adjusted but the thickness would be limited to standard sheet thicknesses.

Figure 5 shows the power delivered by the pump with different valve thicknesses. In order to measure this a small
volume is connected to the pump’s outlet and and the pressure and flow through a 5x10~>m? orifice connecting
this volume back to the pump inlet is then calculated. The piezostack is excited by a 1kV sine wave at 1kHz.

Mean Power (W)

17 -
0.04 0.06 0.08 0.1 0.12 0.14 0.16 0.18 02 022 024

Thickness (mm)

Figure 5: Effect of valve thickness on flow

A peak of 21W was found at 0.16mm with performance being reasonably consistent between 0.14mm and 0.22mm.
As mentioned previously the valve thickness changes both stiffness and mass of the valve meaning the optimal flow
conditions will be influenced by the operating frequency also. Operating the pump at 1kHz as this is sufficiently
below the undamped natural frequency of the valve whilst also being in advance of frequencies attainable using
traditional poppet style check valves. Looking at the effect of the valve outer diameter, Figure 6.

suggests that for a specific operating frequency there should exist an optimum set of valve dimensions and so a
constrained optimisation was conducted on the valve thickness, inner and out diameters. This was carried out using
the Matlab fmincon functions implementation of the interior-point algorithm [21]. The outer diameter was limited
to 19mm in order to ensure the chamber volume was not increased and the ratio of inner diameter to outer diameter
constrained to remain inside the range found in [20]. The minimum valve thickness was 0.1mm to ensure it could
be etched from a standard sheet of metal which from Figure 5 is expected to be in the optimum range. Figure 7
shows the iteration history of this optimisation procedure where the aim is it maximise the mean pump power over
its complete operating range from free flow to dead-headed.

The optimisation gave valve parameters of:

dyarve = 12.3mm
hyatve = 4. 1mm

tyaive = 1004m
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Figure 6: Effect of valve outer diameter on output power (100um thickness)
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Figure 7: Optimisation of disc valve parameters
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4 Performance of pump with optimised parameters

The simulated performance of the pump with these valve parameters at a range of driving frequencies and outlet
pressures is shown in Figure 8.

0.5 —

Flow(L/min

0.2

1200

e ——— = 1100
B o —— gy 1000

Pressure difference (bar) Frequency(Hz)

Figure 8: Simulated pressure flow behaviour of pump

As expected, the flow reduces with increasing pressure, due to reduction in stack displacement with increased force,
and the need to overcome higher compressibility flow and the increase in performance as frequency increases drops
off as the frequency itself increases. However, there is still some improvement in performance all the way up to
1500Hz suggesting that the valve bandwidth exceeds this.

5 Conclusions

The use of disc reed check valves offers a promising avenue to extend the operating frequency of piezo pumps,
allowing them to be considered for higher power applications than previously possible. As a simple model for this
style of valve does not exist, one is proposed based on previous work on poppet check valves and Timoshenko
ring bending. The results of pump simulations using this model are promising, however, the model hasn’t been
validated and simplifies the bending of the valve into a simple tip deflection with no allowance for the deformed
shape and so the exact numbers should be regarded with caution. However, it is clear that valve parameters
such as disc diameter and thickness have a significant effect on pump performance. The flexibility and ease of
prototyping given by chemical etching enables optimal disc valves to be manufactured for a particular size of
pump. Preliminary experimental results confirm that this type of valve enables piezo pump operation at 1kHz or
above; these results will be presented in a future publication.
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Abstract

This paper presents a new approach for solving an optimal control problem in a hy-
draulic system, using a variational calculus method. It uses a path tracking method
of two different states with different units and of different magnitude. To ensure the
uniqueness of the solution, two regularization terms were introduced, whose influence
is regulated by regularization parameters. The system of differential equations, ob-
tained from the Euler-Lagrange equations of the variational problem, was solved by a
mass matrix method and discretized with linear differential operators at the interstitial
points for numerical stability. This enabled the calculation of the control variables,
despite the stiffness of the numerical problem. The results obtained show an energy-
efficient performance and no oscillations. Finally, a Simulink model of the hydraulic
system was created in which the calculated control variables were inserted as feed-
forward inputs, to verify the results.

Keywords: Hydraulics, Optimal control, Independent metering, Euler-Lagrange.

1 Introduction

The theory of optimal control has existed for several centuries [1]. When applied to a hydraulic system, it dampens
all vibrations at the end of the motion and still achieves the desired values [2]. However, due to the extremely non-
linear dynamics its use in hydraulics is a challenge [3]. With the increasing demands for accuracy and performance
in mining, especially for tunnel boring machines, the demand for new methods is also increasing. In addition, these
new methods must deliver energy efficient control results and reduce the operating costs of the entire process. The
new state of the art independent metering valves, which are an essential part of these systems, offer very flexible
control strategies [4]. Since the valves move much faster than the natural frequency of the load system, the ODEs
to be solved become numerically very stiff [5]. For this reason these systems cannot be solved with conventional
solvers [6]. Rath in [5] shows that the use of exponential matrix results in unstable solutions for these type of
systems. In this paper, the mass matrix method and interstitial derivatives are used to compute a stable numerical
solution. Since tunnel boring machines have a given profile which has to be cut, optimal path tracking methods are
suitable for these types of systems. Compared to conventional methods, optimal path tracking is often used for the
navigation of mining equipment in mines. It increases efficiency and reduces working time, which in turn increases
the safety of the process [7] [8]. In most cases, there is a given path that the system must follow [9] [10]. One of
the methods that is frequently used is model predictive control (MPC) [11] [12] because it can take the constraints
of the system into account [13]. Wang in [14] improves the efficiency of the ant colony algorithm to find the
optimal path for barrier environments of varying complexity. Path tracking is also frequently used for control of
multi-dimensional hydraulic manipulators. In [15], the trajectory of a one-armed hydraulic manipulator is tracked
by a digital hydraulic system. Kalaiarassan also shows that the 5-bit digital flow control unit performs much better
than the 4-bit system. Rudolfsen [16] solves the kinematics of a crane for operation in the vertical plane. He
uses the inverse to compensate and identify the non-linearity of the static dead zone input signals. A global least
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squares method is used in [17] to determine the optimal control input for multi-dimensional path tracking of a
hydraulic crane driven by electric drives. In [18], a new control law based on the sliding perturbation observer
(SPO) is designed. Here the SPO is used to eliminate all disturbances that come from the environment, dynamic
uncertainties and modeling errors. Chin in [19] presents a new type of contour tracking control which uses the
force calculation for hydraulic parallel manipulators. Zhang in [20] uses the D-H (Denavit - Hartenberg) method
to set the coordinates for the path of a hydraulic excavator. On the other hand, Kang [21] uses a PD controller with
dead zone compensation to track the three-dimensional path. However, all of the above methods focus on tracking
one or more parameters which have the same unit and magnitude and, in most cases, the position of the given
system is tracked. Tunnel boring machines have very complex hydraulic circuits. In the case presented here, the
valve is equipped with pressure and flow controllers that actuate the system. Since the external forces are very high,
the set pressure value at the pressure controller is usually very high. This will increase the mechanical stiffness
of the hydraulic system which in turn increases the mechanical stiffness of the overall system. However, the PID
controllers normally used in these valves show a very oscillating behavior when the value of the pressure changes.
In [22] it is shown that different pressure values during a motion can lead to an improved energy performance of
these systems. The method proposed in this paper, which is based on the theory of optimal control, solves the
tracking problem as a boundary value problem by means of variational calculus. The method is then applied to a
simulated model of the actual system in order to show its potential.

The contributions of this paper are:

1. A novel linearized state space model for the system presented in fig. 1 is derived. For the first time the
embedded valve controllers (flow and pressure) and the position controller (responsible for the position of
the large mass) are included in the state space system.

2. A new method for multidimensional trajectory tracking of parameters with different units and magnitudes is
presented on the basis of calculus of variations.

3. The mass matrix method and interstitial derivatives are used to calculate a stable numerical solution for this
stiff numerical problem.

4. A simulation in Matlab Simulink is performed to verify the proposed control scheme.

@ L

P, Qi Qi | JILAUR

®

Figure 1: Simplified model of the hydraulic and mechanical system. The mechanical system is position controlled.
The hydraulic system consist of two independent metering valves which are flow controlled (piston side) and

pressure controlled (rod side). Auxiliary components, like pressure compensators and load sensing are not shown
in this figure.
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The results show that the system can always achieve the desired paths for position and pressure. Furthermore,
despite the pressure changes significantly, there are no oscillations present during the motion.

2 SYSTEM MODEL
2.1 Mechanical System

The mechanical system consists of a large mass rotating around a point O (fig. 1) with a lever of length L. The
hydraulic cylinder exerts the force F' on a smaller lever of length /. If we assume that the system makes small
movements around the fulcrum O, the effective mass of the system is

l 2
= (L> M. (1)

If the position of the mass m in fig. 1 is labeled as y;, the equation of motion will have the form

my| = P4As — PpAp — by1. )

2.2 Hydraulic System

The hydraulic part of the system consists of a hydraulic pump, two independent metering valves and a hydraulic
actuator. In this system the friction consists of several components. The oil flow through the valve orifice depends
on the pressure which can cause damping. In addition, the movement of the load and the steel structure also
contribute to the overall friction. The hydraulic cylinder has a highly non-linear friction behavior. A complete
mathematical model of friction includes the Stribeck and stiction effect as well as Coulomb and viscous friction
[23]. In the actual machine however, the greatest contribution comes from the rotating load that performs a cutting
operation. Therefore, in eq. (2) the friction is assumed to be viscous with coefficient b.

2.3 Dynamics of the system

The displacement of the mechanical system is controlled by a position controller which actuates the two independ-
ent metering valves. The valves offer different operating modes for different load scenarios [4]. In this case it is
assumed that the load on the system is passive when the movement is positive. This means that the actuating side
of the system is flow controlled and the rear side is pressure controlled. The flows supplied by the valves are a
function of the spool movement x, and the pressures Py, Pg [24],

Oa = quxv] *CmPAa Op= quxvz +Cp2PB 3)

where Cy1,Cy2,Cp1,C)2 are the valve linearization coefficients and x,, ,x,, are the valves’ spool positions. If eq. (3)
is combined with the equations for the flow through the cylinder [25] the pressure equations are obtained:
_ Cy %, —Apv Apy —Cy,xy,

Pp=———1— Pp=——"—, “4)
B5+Cp B3 +Cp,

where B is the bulk modulus of the oil, V4 and Vg the volumes and A4 and Ap the areas of the cylinder chambers.
After deriving the linearized equations for the valve actuator system eq. (4), the controllers of the system can be
applied. The independent metering valves presented in fig. 1 react much faster compared to the natural frequency
of the load system. For this reason, no flow controller is implemented into the system in fig. 2. Here k4 and kp are
the proportional parts of the PID controllers for both sides. The system shown in fig. 2 is governed in state space
form with mass matrix IT by the following equations

Ilx (1) = Ax(t) + Bu(t) 5)
where,
g 000 Py
0 L 0 0 P ,
= B X = B ’M:|:yset:| (6)
0 0 1 0 1 PBset
0 0 0 m v
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Figure 2: State of the art block diagram for the system presented in fig. 1. The system is controlled on both sides,
where ys and Pg,, are the desired position and pressure values. Here ks and kp are the proportion parts of the
PID controllers for both sides accordingly.
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In eq. (6, eq. (7) and eq. (8) the value of the bulk modulus 8 and the mass m are on both sides of the equations. Since
B and m have very high values, a fraction of these values was stored in the mass matrix to ensure a numerically
stable solution.

3 Solution of the problem

The path tracking problem can be formulated as determining the input vector u, so that a desired output of the
system is achieved. This problem can be formulated in terms of variational calculus, as finding the optimal input
vector # for which the cost function

1 f (

B - wrfas 2 [7 win-& o) ©

2 fo fo
is minimized. Note that because of the way the vector u is defined, x; tracks & and x3 tracks &;. The integrals
quantify the least-squares differences between the states x; (¢),x3 (¢) and the desired paths & (¢),&; (¢) respect-
ively. Since the states x, () ,x3 (f) are measured in different units of different magnitude, Pa and m respectively, a
normalization of the least squares differences is necessary. This is done with the parameters (U, ip. The previous
equation can be rewritten as

2 ot 2t
B[N @ 0-20) a2 [N @0-80) (10)

T T . . . .
wheree;=[0 1 0 0] ande3=[0 O 1 0] arecoordinate unit vectors. In order to get a unique solution,
a regularization parameter is also necessary [26], which in the case discussed here looks as follows:

2 iy 2 g
BT v @a@yaer B 17 d (i) d (1)
2 J1p 2 0
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Finally, the functional which needs to be minimized will have the following form:

2 " 2 t
[ et -g0) e g [ -5 0)

2 2 (12
+£ [Ofuw)u(t)m%/ﬂfﬂ(r)u(t)dt

In eq. (12) only the ratio u; : U : U3 : Uy is relevant, thus one of the parameters can be set arbitrarily. That is why
U is set to be 1. The Euler-Lagrange equations [27] for this variational problem are as follows:

ezeng - e2§2 + [,L2263€3Tx — [.1226351 —I—ATA, + HT).V =0.
B"A — pdii+ pu® =0 (13)
ITx (¢) +Ax(t) + Bu(t) = 0.

From these three equations the following system of differential equations is derived:

I"A = —Exsx+ex6r + pjeséy —ATA
() L oor [
My Ly

ITx (1) = Ax(t) + Bu(t)

where
Exy=erer’ +pieses’. (15)

These equations can be written compactly in matrix form as:

I y(t) = Vy(t) —W&(t) =0 (16)
where ) ) } )
IIT 0 0 0 0 O x(t)
0o 1" 00 0O A(t)
|0 0 1 000 | ou(r) &
=10 0 01 0 o "= ’5_[52}’
0O 0 OO0 1T O ii (1)
0 0 0 0 0 I] 1 (1) ]
[ A 0 B O 0 0 0 0 17
—E>; —AT 0 0 0 0 e [.L22€3
0 0 0O I1 0 0 0 0
V=1 o o o0 1 oY=y o
0 0 0O 0 0 I 0 0
2
o —-LBT 0 0 81 0 0 0
L Hy My i - -
3.1 Numerical Solution
Transposing eq. (16) one gets,
FOmT -y vt wT =0 (18)

Now, for this system, the input vector is known (because it consists of the desired output) and can be solved
numerically by discretizing with the methods described in [28]. The methods can be described as follows: note
first that any state can be discretized directly as a vector,

%= [%(s0) %w(s1) ... ?’k(Sf)}T (19)
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or, if the discretization is done at the interstitial points (the points #;, between the samples s;), one gets

Y (1) Y (s0)
% (12) % (s1)
) =Jo . (20)
% (1) % (s7)
5 15 -5 1 0 0 0 0 0
1 9 9 -1 0 0 0 0 0
L1019 e 0000 .
S T T S S S R @y
O 0 0 0 0 .. -1 9 9 —1
0 0 0 0 0 .. 1 -5 15 5

Using this, any vector of states ¥ can be discretized as a matrix in the following way

le n(so) nls)) o 7n(sy)
o Yz _ 7/2(:50) 72(.S1) % (.Sf) 5T )
Wl LwGso) wm(s) o w(sp)

Additionally, the derivative of a state can be discretized as

Y = DYk, (23)

where D is a differentiation matrix, with the following form

—23 21 3 -1 0 ... 0 0O 0 O]

1 27 27 -1 0 .. 0 0 0 0

1o 1 =27 27 -1 .. 0 0 0 0
D=5 . (24)

o 0 0 0 0 .. 1 —27 271 -1

o 0 o0 0 0 .. 1 -3 -—21 23]

where it is assumed that the discretization is done uniformly with step size 4. Hence, a vector of first derivatives
of states can be discretized as the following matrix

% Yi(so) n(s1) 7 (s7)
7 — 7’2 _ 72(:50) 7’2(.Sl) Yz(:sf) DT 25)
e Y(s0) Wls1) - %(sy)

Finally, the discretized form of eq. (18) is
DI, T — jorvt — Jo=wT = 0. (26)

where I" and E are the matrices derived from the discretization of 'y and & respectively. For more details, see [28,29].
Finally vectorizing the last equation, one gets

(I @ D—V @Jy) vec (T') = (W @Jp) vec (Z) 27)

which is a linear system of equations and can be solved using standard methods for linear systems of equations,
along with appropriate constraints (SVD, QR decomposition). In order to get a unique solution, an appropriate
number of initial and final conditions need to be defined. From the system of 16 differential equations eq. (18), a
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total of 16 initial and boundary conditions are given.

Yi(to) =0

Yilty) =0 Ya-s(to) =0 Yio(to) = &1 (to)

%(t0) = & (1) Ya-s(ty) =0 Yio(ty) = &i(tr) 28)
nltr) =&@r)  wlo) =&M)  MNi-16(te) =0

Blto) =&i(to)  wlty)=&(tr)  Mi-elty) =0

w(tr) = Ei(ty)

The values in eq. (28) represent the real physical values of the tracked paths.

4 COMPUTATION AND RESULTS
4.1 Computation

The results of the path tracking algorithm were computed for an effective mass of m = 4 - 10° kg, cylinder areas
Ap=Ap=6-10"2m?, friction parameter b =1.4- 107 % and a bulk modulus of § = 1.4- 10° Pa. The value for the
friction parameter b was identified during a cutting experiment. Furthermore, the values for the linearized terms
Cy1,C42.Cp1 and Cpp were calculated for the supply pressure of 300 - 10° Pa and it is assumed that the initial values
for the pressures on the both sides will be 10- 10° Pa. An oblique rectangular shape was chosen as the reference
path for the pressure. This increased the overall stiffness of the system during the motion. For the position we have
chosen a path that is followed by one of the cutting arms of the real machine. Due to the different dimensions and
magnitudes of the two tracked states, the values of the normalization parameter p, was assumed to be pp = 10%.
The values of u3 and p4 were experimentally determined to be 5- 107>, The path tracking algorithm was firstly
computed in MATLAB , where the control variables u; and u, were calculated. Then the system presented in fig.

Y actual

Figure 3: Implementation of the calculated control variables uy and u; into the simulation model of the system as
a feed-forward.

2 was simulated in MATLAB Simulink where the control variables were inserted as feed forward inputs to the
system (see fig. 3).

'Due to the fact that some of the conditions are on the Lagrangian multiplier A, only the conditions for the control variables need to be
defined.
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4.2 Results

The system presented in fig. 1 was simulated for two different time intervals, namely for ¢ € [0,4]s and for
t €10,8]s. In fig. 4 it can be seen that the system is following the given trajectories smoothly and precisely. The
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Figure 4: (Top and middle graph) - Results of the path tracking algorithm for time t € [0,4]s. The states x3 and x;
(position and pressure respectively) are being tracked. The followed values and the simulated values deviate only
slightly from the desired values. (Bottom graphs) - The behavior of the remaining two states of the system.

maximum value of the pressure on the rod side is set to 20 - 10° Pa. This increases the mechanical stiffness of
the hydraulic system which will increase the mechanical stiffness of the overall system. Although the pressure
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(a) Error curves for the followed and simulated positions in fig. 4 .

(b) Error curves for the followed and simulated pressures in fig. 4 .

Figure 5: Error curves for the followed and simulated positions (left graph) and pressures (right graph) in fig. 4
accordingly. The maximum offset for the path tracking method is smaller than 1 %.

changes frequently during the time interval, there are no oscillations in the solution. This is not the case when
using conventional controllers. The same applies for the position. The system reaches its maximum speed near the
middle point of the path, demonstrating the energy efficient performance of this method. To be able to observe the
accuracy of the new method, the error was observed for both the position and the pressure in fig. 5. It can be seen
that the maximum offset for the position and the pressure is smaller 0.01 % and 1 % accordingly. This shows that
the path tracking method has a very high accuracy. On the other hand in fig. 6, the system follows the same path
for position and pressure but in double the time. Accordingly, the pressure on the piston side and the velocity are
much smaller than in fig. 4. From fig. 7 it can be seen that the path tracking method shows even higher accuracy
for longer paths. The maximum errors are in the magnitude of 0.005 %.
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Figure 6: (Top and middle graph) - Results of the path tracking algorithm for time t € [0,8]s. The states x3 and x;
(position and pressure respectively) are being tracked. (Bottom graphs) - The system is tracking the same distance
over a longer period of time, which results in smaller pressure values on the piston side and a decreased velocity.
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(a) Error curves for the followed and simulated positions in fig. 6 (b) Error curves for the followed and simulated pressures in fig. 6

Figure 7: Error curves for the followed and simulated positions and pressures in fig. 6 accordingly. Here the path
tracking method shows maximum offset of 0.005 %.

S CONCLUSIONS AND FUTURE WORKS

5.1 Conclusions

From the results obtained it can be concluded that the path tracking method can be used successfully to track states
in different units and of different magnitudes. The calculated control variables, which were later used as feed
forward inputs for the simulated system, provided paths with very small offset from the desired and the followed

ones. Furthermore, the behavior of the other two states shows that the method is energy efficient for both tested
scenarios.

5.2 Future Works

In this paper we use the mass matrix method and the interstitial derivatives to find stable numerical solution to
a stiff numerical problem. Further we have implemented only P (proportional part of PID) controllers on the
pressure and flow controlled side. In practice however, the valves have also I (integral part of PID) controllers.
The numerical solution of the integro-differential equations for these systems could be a question of future work.
Additionally, the further implementation of this method on the real system is of great interest.
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Abstract

Extensive actuation forces and strokes are required for the actuation of large sized
valves normally implemented in high power hydraulic systems. A hydraulic piloted
operation is, as for now, the most suitable solution and the state of the art. However,
recent research has shown that the application of new electromechanical valve
actuation systems is possible in various cases. In this contribution a novel
electromechanical valve actuation system for large sized 4/3-way directional control
valves in a displacement controlled system is presented. The new actuation system is
characterized by a hydraulic relief of the centering springs. Therefore, the springs are
only active in safety-critical conditions, as in a power outage. Since the actuator is not
working against the spring force during every displacement, the necessary actuation
force is reduced drastically, so that common electromechanical actuators can be used.
In case of a power outage, the spring relief is deactivated causing the stored energy to
center the spool in neutral position. The performance of the novel actuation system is
examined based on measurements, which are conducted on a manufactured
demonstrator for valves of nominal size 25 with a flow rate of up to 600 1/min.

Keywords: Electromechanical actuation system, Large sized valves, Valve actuation
system, Pilot operation, Flow controlled system

1 Introduction

Directional control valves are used to open or close flow paths of hydraulic systems [1-3]. Valves can be
distinguished in their design (spool or seat valve), their adjustment (switching or proportional) and their actuation
system [2]. To ensure the interchangeability of different valves the International Organization for Standardization
has defined the dimensions and other specifics for mounting surfaces of four-port hydraulic directional control
valves in the ISO 4401 [4]. This standard specifies six different nominal sizes with corresponding mounting
surfaces which are distinguished by the position of the port holes and their maximum diameter. For industrial
valves it is common practice that valves are classified by their respective nominal size.

The mounting surface for valves of nominal sizes 4, 6, 10, 16, 25 and 32 correspond to the six surfaces defined in
ISO 4401. Valves of large nominal sizes possess higher possible port diameters and therefore allow for higher
flow rates to develop. This correlation can be seen in Figure 1. The maximum possible flow rate of a specific valve
series is displayed over the corresponding nominal size. Since the cross-section increases quadratically with the
increment of the port’s inner diameter there is, under assumption of a constant maximum flow velocity, an
approximately quadratic progression between the nominal size and the maximum flow rate.
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Figure 1: Maximum flow rate of a specific valve series over their nominal size. Data from [5]

Spool valves with a maximum flow rate larger than 80 1/min, which in practice are usually valves of nominal size
16 and larger, are normally actuated by a hydraulic pilot valve [1]. The performance of the whole actuation system
depends on the pilot valve’s hydraulic supply. Therefore, special attention must be paid to its design when using
pilot operated valves. The pilot circuit can be supplied internally or externally by a separate hydraulic circuit. An
external supply is essential for a faultless operation if pressure in the main line is able to drop below a critical
value. In the literature, reference is made of a necessary minimum pressure of around 4 to 5 bar [1, 6]. The simplest
external pilot supply consists of a fixed displacement pump supplying the pilot valve with a constant flow rate.
Even if an improvement in efficiency through more complex pilot circuits is possible a trade-off between efficiency
and expense must be made. Another way to potentially increase the efficiency is the application of
electromechanical actuators, which represent a cost-effective alternative to hydraulic pilot systems. However, the
necessary forces and large strokes which are required for larger valves to operate are challenging for common
electromechanical actuators, like solenoids. During the movement of the spool, the actuator has to overcome
various counter forces, as shown in Figure 2.

F F

Friction

Spring

Inertia

Figure 2: Applied forces on the spool according to. [7-11]

In the case of large valves, the most relevant forces acting during actuation are the flow and the spring forces. For
valves with nominal size 25, previous research has shown that flow forces can reach values up to 800 N. Under
operation in a flow-controlled system, a directional control valve faces considerably lower flow forces, when the
flow rate of the system is reduced before the valve is switched. The observed reduction in flow forces results from
a limited differential pressure and flow speed during valve switching. Due to the reduction of the occurring forces
it is precisely in these systems that the implementation of electromechanical actuators is feasible and therefore an
external pilot circuit would no longer be required.

The spring force represents the largest forces besides the flow forces. In 4/3-way directional control valves their
function is to center the valve in the middle position anytime. Actuation systems that are capable of actively assume
the center position could, in principle, leave out the spring centering. However, the springs fulfil a safety function,
and are therefore necessary in the event of a power outage.

Aiming to reduce the necessary forces and therefore make the application of common electromechanical actuators
possible an electromechanical actuation system is investigated in the following. It consists out of common
solenoids and a hydraulic spring relief system, which is used to compress the springs during normal operations.
Since the spring forces only act in case of failure, the driving electromechanical actuators only need to overcome
friction and inertia related forces. In the case of a power outage, the spring relief system is deactivated, causing
the springs to center the spool and fulfil the safety requirements.
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2 Design of novel hydraulically relieved electromechanical direct actuation system for
large scale switching valves

2.1 Principal design

Large forces can be easily applied with hydraulic linear actuators [3, 6, 12, 13]. Therefore, the pilot operation is
suitable for the actuation of linear movement tasks with high forces over large strokes as in the actuation of large
sized valves. In contrast to this, the functional structure of a common electromechanical valve actuation system of
direct operated valves is depicted in Figure 3. Used are the symbols of elementary functions according to Table 1.

Table 1: Symbols of elementary functions in accordance with

|~ separate/connect energy flow O store energy
convert energy flow —_— energy flow
_< divide energy flow :- - -- -- --: system border
LLsenal AT .

E
B ]| N, ——

Figure 3: Functional structure of a common electromechanical valve actuation in accordance with [14]

The actuation system consists of a switch a) and an electromechanical transformator b), which converts the electric
energy Eecieerric into mechanical energy. Subtracting the losses Ejoses due to friction and other resistance forces, the
remaining energy is transmitted to the spool and transformed into kinetic energy resulting in an acceleration of the
spool. During the movement, a large part of the applied energy is stored in the springs (Espring), Which work as
accumulator for mechanical energy c). This energy is always applied on the spool and the spring force tends to
accelerate it in closing direction. Therefore, two mechanical energy paths are leaving the system. If the actuator is
deactivated, the stored spring energy will cause the spool to center in middle position. In order to keep the spool
deflected, the actuator must thus always apply a greater force to counteract the spring force. The functional
structure is extended by a second branch representing the spring relief system as shown in Figure 4. If the spring
is loaded by another actuator, the electromechanical transformator b) only needs to bring up the energy Eiosses to
overcome the friction and resistance losses and Eqcceleration t0 accelerate the spool in a sufficient time. This allows
not only the downscaling of usable electromechanical actuators, but also the use of previously unsuitable
electromechanical transformators.
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Figure 4: Functional structure of a spring relieved actuation system
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The spring relief system, which is depicted in the lower branch of the functional structure, consist of two
switches e), an energy transformator d) and the spring c). The switches e) serves to control the charging and
discharging of the spring c). The spring c¢) can be charged with an alternative energy supply since the acceleration
of the spool and the compression of the spring no longer happen simultaneously.

This concept of divided energy supply was realized in form of a hydraulically relieved electromechanical actuation
system, which is sketched in Figure 5 and Figure 6. The actuation system is designed for a 4/3-way directional
control valve of nominal size 25, which is implemented in a flow-controlled system. The design is able to apply
higher forces than initially required, in order not to be completely limited to the application described in the

introduction. Therefore, the actuator can also switch the valve under certain load.
g — oy,

spring  cylinder
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Figure 5: Technical sketch of the novel electromechanical actuation system. Spring relief not active.

The actuation system can be divided into three essential components. The component A represents a solenoid,
which translates the electrical into mechanical energy. The hydraulic spring relief system B is located next to the
solenoid. It is attached on both sides of the valve’s housing C. To realize an active centering of the spool in neutral
position a third solenoid is required, which is not sketched in. The hydraulic spring relief system depicts a spring
returned cylinder in B, which centers the spool in case of a power failure. If the pressure chamber is pressurized,
the cylinder will compress the spring until reaching the hard stop of the housing. Since the spool and the relief
cylinder do not have a mechanically fixed connection, a gap is created between these two components. The spool
is floating. This relieved state is shown in Figure 6.
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Figure 6: Technical sketch of the novel electromechanical actuation system in hydraulic relieved state

A rod, which connects the solenoid to the spool, is guided through the relief cylinder to transmit the force
mechanically. In case of a power failure, the pressure chambers are relieved against the tank causing the spring to
displace the relief cylinder. Thereby the spool also is centered in the middle position.

2.2 CAD of novel hydraulically relieved electromechanical direct actuation system for large scale
switching valves

This new concept for a hydraulically relieved electromechanical direct valve actuation system was designed as a
CAD model and was subsequently manufactured. The 3-D Modell is shown in Figure 7. To place the focus on the
central aspect of the actuation system, namely the hydraulic relief system, the solenoids are not depicted. A
hydraulic spring relief system is attached on each side of the 4/3-way directional valve.

The 17th Scandinavian International Conference on Fluid Power 297
SICFP’21, June 1-2, 2021, Linkoping, Sweden



Figure 7: 3D-CAD model of the hydraulically relieved actuation system

The assembly consists of a valve housing (1), a spool (2) an adapter plate (3), which short circuits the pilot
chambers to each other with an additional drain line to the tank, and two spring relief systems (4). This assembly
is shown in detail in Figure 8. The hydraulic relief chamber (4.1) is formed by the housing (4.2), the relief cylinder
(4.3), the spring (4.4) and the force cylinder rod (4.5). The connection port (4.6) represents the system’s connection
to the hydraulic system which will be explained in chapter 2.3. .6)

“42) A @

4.3) (4.4)

Figure 8: CAD model of the pressure relief system

Pressure builds up and acts on the area A of the relief cylinder (4.3) during the pressurization of the relief chamber
(4.1). If the resulting force is larger than the preload force of the spring (4.4), the relief cylinder will be deflected
and the spring will compress. The spool is not centered by the relief cylinder and can be moved freely. If the relief
chamber is depressurized, the energy stored in the spring (4.4) will accelerate the relief cylinder (4.3) in closing
direction. The stored energy must be sufficient to overcome all resistance forces, like friction or system inherent
hydraulic resistance forces and accelerate the relief cylinder (4.3) fast enough to center the spool in sufficient time
[9, 10].

During the reset of the process, fluid is displaced through the connection port (4.6) out of the relief chamber (4.1)
and drained into the tank. As a result, a pressure difference between the chamber and the tank builds up, which
poses a not negligible resistance force. Furthermore, the pressure in the pilot chamber (4.7) is also applied on the
surface B, which leads to a further resistance force.

2.3 System design

The control of the relief system can be realized by two seat valves (1 & 2) arranged in a hydraulic circuit as
presented in Figure 9. The control by two seats valves enables the charging and discharging of the relief system as
well as the decoupling of the relief circuit from the main circuit. The novel direct electromechanical actuation
system is drawn with standardized symbols for hydraulics in accordance with ISO 1219 [15]. The spring relief
system can be interpreted as a spring returned cylinder (3), which is mechanically connected through a rod (4) to
the spool of the valve. The designed actuation system is driven by three solenoids (5.1-5.3) which are drawn on
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the bottom line of the valve. The solenoid on the left side can switch the spool to position A, the lower solenoid
on the right side to position B and the solenoid above that (5.2) to neutral position.

(4)
/o TT
WWE—L I T )
———— V=1 | (5.2)

(5.1 7] T I .
A (5.3)
| - L+ W
[/} Tl v
2
(1) = (2)
|
W |-
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Figure 9 Hydraulic circuit to control the relief system

The solenoids on the right side are arranged with an offset to each other, so that only when (5.2) is energized the
spool takes in the centered position. To fulfil a proper safety function, the loading valve (1) needs to be normally
closed while the unloading valve (2) needs to be normally opened. To activate the relief system the loading (1)
and the unloading valve (2) are energized simultaneously. After the system is initialized the spool is floating and
the load valve (1) must be deenergized, so that the relief system is separated from the remaining hydraulic system
and only leakage will lead to a pressure change. First measurements have been carried out to demonstrate that the
pressure in the relief system does not drop rapidly while active. After the system was fully loaded a ball valve,
located between the pump and the loading valve, was closed manually at a time of around 60 seconds. Sequentially
the pressure in front of the load valve dropped down to 1 bar. In contrast, the pressure in the relief system could
be maintained to nearly the same value for at least two minutes. Exemplary measurement results are displayed
over time in Figure 10.
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Figure 10: Measurements of the time dependent pressure drop in the designed accumulator

In case of an electrical power outage, the centered position cannot be attained actively by solenoid (5.2) anymore.
The spool will remain in the deflected position requiring the relief system to be deactivated. Due to the operation
modes (NC/NO) of the selected loading and unloading valve, this will occur automatically as long as the actuators
and the relief system are energized by the same power source. In this case, both the loading and unloading valves
will deenergize at the same time, causing the relief chamber to depressurize and therefore the springs to
decompress. The spool is thereby accelerated to the neutral position, allowing the valve to take in its safe state.

When operating in industrial applications, the operation of the relief system must be adapted to the actual system.
The simplest possible system design is shown in Figure 11. In this layout, the relief system is supplied by a separate
pump. This system design still requires a pilot circuit and therefore possess no significant advantage against
common pilot operated systems. If put in contrast to a hydraulic pilot control, the energy required to accelerate the
spool and to compress the springs is no longer provided simultaneously. The compression of the springs can be
realized before the switching process. Thereby the relief system can be supplied by the main pump without the
possible eventuality that the pressure could drop below a critical value. The relief system can be integrated in the
main circuit, as shown in Figure 12.
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Figure 12: Hydraulic circuit for a new
hydraulically relieved actuation system with
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The relief system only can be loaded when pressure in front of the main valve is above a sufficient level. Once the
main valve is closed, the delivered flow is relieved by the pressure relief valve directly to the tank. The pressure
in the main line then is defined by the systems main pressure relief valve, so that maximum system pressure can
be guaranteed. This way the relief system can be loaded by a short swing movement of the main pump. If necessary,
a pressure reducing valve and a second pressure relief valve can be incorporated to prevent impermissibly high
pressures in the relief system.

3 Experimental results

A test rig, according to Figure 13, was built at the ifas lab for experimentally testing of the hydraulically relieved
electromechanical direct valve actuation system. The main circuit consists of a servo valve (SV), an adjustable
pump (P1), a pressure relief valve (PRV) and a directional control valve of nominal size 25 (V), at which the new
actuation system has been attached. Additionally, six pressure sensors (pi-ps), two temperature sensors (T and T>)
and a flow rate sensor (Q) has been incorporated into the main circuit. Two displacement sensors record the
position of the force cylinder rods (4.5 in Figure 8), whereas five current sensors measure the currents of the three
solenoids, as well as the loading and unloading valves. Two additional pressure sensors (p7 and pg) have been
installed in the relief system circuit. For security reasons and since no burst test could be conducted previously,
the power supply of the relief system was realized by an external hydraulic circuit, as shown in Figure 11. After
the initial loading of the pressure relief system, its power supply was cut off by a manually operated ball valve.
This step was made since beforehand demonstrations showed a reliable holding of pressure over a long period of
time in the hydraulic relief system.
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Figure 13: Hydraulic test rig
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Beside the switching and the reset process also the static behavior of the actuation system during high flow phases
is interesting, since high flow rates can lead to high flow forces [16—18]. Aiming to investigate these relevant states
of operation two test cycles which can be seen in Figure 14 and Figure 15 have been defined. At the left y-axis the
stroke of the actuator is displayed, which corresponds to the relative position of the actuator and its origin state.

157 157
1600 1600
£ R=
: - E
10 1 - 10 | -
= 1400 = ¢ 1400 =
2 R £
2 5t ] S g2 5t ] >
s 200 E & 200 E
[ [
0 : : : 0 0 : : : 0
0 2 4 6 8 10 -4 -2 0 2 4
Time in s Time in s
Figure 14: Switching process Figure 15: Reset process

In Figure 14 the test cycle for the investigation of the switching process and the static behavior is depicted. At the
beginning of the test cycle the actuation system opens the valve abruptly. Since the servo valve is closed the
actuation system always will switch the valve without applied pressure. After a defined time the servo valve is
also opened and a flow rate can pass through the system. As the servo valve is opened rapidly a flow rate peak will
occur. This will lead to high static and dynamic flow forces. As can be seen in Figure 14 the actuation system can
hold the valve completely open even for flow rates up to 600 I/min. To analyze the reset behavior of the actuation
system while different flow rates were passing the valve the second test cycle according to Figure 15 was defined.
At the beginning the valve is fully opened, by a defined time the solenoids and the relief system are turned off
(t=0s).

3.1 Switching process

Switching times of common pilot operated valves are between 40 ms and 250 ms according to datasheets [19, 20].
An aimed switching time of 100 ms was defined for the novel electromechanical valve actuation system to be
comparable to common pilot operated valves of nominal size 25. Multiple measurement series with different flow
rates were conducted. During a measurement series the test cycle, explained before, was repeated 10 times. The
measured stroke and current signal for the measurement series of 0 1/min (Figure 16 and Figure 18) and 600 1/min
(Figure 17 and Figure 19) are displayed in the following graphs. The different measurements are shown in different
colors.
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Figure 16: Stroke Signal for measurement series with  Figure 17: Stroke Signal for measurement series with
0 l/min 600 l/min
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Figure 18: Current signal for measurement series Figure 19: Current signal for measurement series
with 0 l/min. with 600 l/min.

The switching time of the actuation system during the measurement series with 0 I/min is around 130 ms as shown
in Figure 15. During the movement the solenoid consumes a current of around 0.85 A. Reaching the end stop the
current drops down to 0.75 A due to counter induction. Afterwards the current increased to 2 A. Since the valve
switches while the servo valve is in closed position, there is no flow rate passing through the testing valve during
the switching process. Therefore, the testing valve should switch under the same conditions, regardless of the flow
rate which passes the valve when it is opened. As can be seen in the measurement results, the stroke curves as well
as the current curves differ from each other. In the measurement cycle with 600 1/min the switching times increased
up to nearly 200 ms. Thereby the solenoid consumes a current of around 1 A and there is no decrease in the current
signal like in the measurements with zero flow. Due to these differences there must be an effect of the high flow
rate phase on the system’s conditions during the switching process.

As a pressure is build up at the T port of the valve, a leakage flow over the sealing gap from the tank port to the
pilot chamber develops. Therefore also the pressure in the pilot chambers increases. During the measurement cycle
with 600 I/min a pressure between 1.5 and 2 bar was measured in the pilot chambers, which could explain the
decreased performance by higher sealing friction forces compared to the measurement cycle with zero flow.
Whereby the pressure in the pilot chambers was around 0 bar.

3.2 Reset process

Analyzing the reset times, the solenoids and the loading and unloading valve were deenergized while a flow rate
was passing the valve. Again, multiple measurement series were conducted. Each series consists of
10 measurements evaluating the reset times during a given flow rate. The results of the stroke signal are displayed
in Figure 20 and Figure 21. The measured pressures at the P and T port (p2 and p4) are displayed in Figure 22 and
Figure 23.
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Figure 20: Stroke signal of reset process during a Figure 21: Stroke signal of reset process during a
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As can be seen in Figure 20, the reset time of the relief cylinder and therefore also the cylinder rod during a flow
rate of 50 I/min is approximately 750 ms. Due to flow forces acting in closing direction and since there is no
mechanical connection between the cylinder rod or the relief cylinder and the spool, the spool can move faster
than the relief system. When closing the valve, the opening cross section is reduced, resulting in an increased
pressure drop over the valve. Therefore, also the measurement results of the pressure signals p; and p4 are displayed
above. The safety-critical moment can be determined from the tank-sided pressure ps, at which the valve is
completely closed with no pressure downstream of the valve. For both flow rates this point is reached after
approximately 300 ms. Considering the positive overlap of the metering edges of 5 mm, pressure p4 should drop
to 0 bar at a stroke of approximately 5 mm. As flow forces are acting in closing direction they support the centering
process of the spool and since they increase with small strokes it is likely that the valve spool tends to move faster
than the relief cylinder. This can be especially observed in the measurement results of 600 I/min, since the pressure
drops to zero bar before the stroke signal reaches a position of 5 mm.

Nevertheless, the relief system is still necessary. Without the relief system, the reset time would only depend on
the flow forces. This would represent an issue, especially during phases with low flow rates and, since the deflected
valve is nearly balanced in respect to the flow forces, also for large strokes. Friction forces may be larger than the
flow forces and the spool would stay deflected. As can be seen in Figure 20 and Figure 22 the pressure ps4 drops
down to O bar nearly by the same time as reaching a 5 mm stroke. In this case, the relief system is primarily
responsible for the centering of the spool and therefore the relief system is necessary during low flow rates. And
as can been seen in the measurement cycle with a flow rate of 600 I/min (Figure 21 and Figure 23 the closing
process is initiated by the relief system and then self-amplifying by the increased flow forces. During the initial
200 ms, both pressures and stroke maintain their initial values. It is only after that time frame that the relief
cylinder's stroke begins to decrease and shortly after the tank-sided pressure also drops. Therefore, it can be
concluded that the closing movement is driven by the relief system.

3.3 Switching under load

Unlike previous measurements, the servo valve was opened before the test valve, which was thereby pressurized
during the switching process. Therefore, the actuation system needed to overcome additional flow forces. The test
cycle according to Figure 24 was repeated 10 times. The results of the flow rate (Figure 25), the stroke (Figure
26), the pressures (Figure 27) and the current of the active solenoid (Figure 28) over time are displayed below.
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Figure 24: Measurement cycle for switching under pressure
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The system was supplied with a flow rate of 100 I/min and a pressure of 100 bar. The valve was operated in a
constant pressure system, during which a flow rate peak of 250 1/min occurred. The thereby resulting flow force
tends to close the spool. Compared to the stroke signal with no flow rate, a large plateau in Figure 26 can be
identified between 0.1 and 0.25 s. During this phase, the force applied by the actuator is in an equilibrium with the
flow force. The spool remains in the corresponding position until the flow rate decreases, so the actuation system
can overcome the flow force. The gap of the metering edge has only a small opening, as can be seen in the stroke
signal (considering the 5 mm positive overlap). At this point of operation, the flow rate is determined by the
pressure drop over the valve. Since the occurring flow rate (up to 250 1/min) is larger than the adjusted flow rate
of 100 I/min, the pressure before the valve starts dropping (Figure 27) during this operation. As the spool starts
moving again, the pressure difference over the valve is reduced to a comparatively low value. Also, the current
signal is significantly increased during the time range of 0.1 to 0.25 s. During this phase, power consumption
compared to the previous measurements is increased and therefore higher forces are applied by the actuator. It can
be assumed that the solenoid is applying maximum nominal force as the current nearly reaches the nominal value
of approximately 2 A. The short-time reduced current demand at 0.28 s is due to the velocity-dependent counter-
induction, which occurs when the solenoid armatures reaches its end position.

4 Discussion

The designed concept, which uses solenoid actuators, is able to realize strokes of around 11 mm with switching
times of between 130 ms and 200 ms. It is therefore competitive with conventional pilot operated valves which
achieve switching time between 40 ms and 250 ms. Nevertheless, the designed concept needs further improvement,
since occurring internal leakage may affects the actuator’s performance.

With regard to the reset times, the actuation system is not comparable with common valves, as these achieve
considerably shorter reset times. Geometrical optimizations and adapted springs need to be implemented in order
to improve the reset time. Even if the designed actuation system reaches reset time of 750 ms, they still can be
reduced. It is noticeable that the flow supported spool is even faster at returning to the middle position than the
relief system in test cycles with high flow rates. Nevertheless, hence a flow supported centering of the spool cannot
be guaranteed, it is necessary to actively initiate the self-amplifying reset process, especially if low flow rates are
passing the valve.

Although the concept has been adapted to an operation in a flow-controlled system where the pump is completely
swung back during the switching process, existing systems may be few. Therefore, the switching process also was
investigated while the valve was pressurized. The actuation system was used to switch the spool while a flow rate
of 100 I/min was applied with a maximum pressure of 100 bar. In this case, switching times of approximately
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250 ms were achieved. A time interval, during which the stroke signal was indifferent, suggests no movement of
the spool. During that period of time, the acting flow forces in closing direction are in balance with the actuator
force. Flow forces at this stage are high, due to the initially occurring flow rate peak. As the pressure before the
valve decreases and the flow rate stabilizes, the flow forces decrease subsequently allowing the actuator force to
accelerate the spool until reaching its full stroke. The application of the actuation system therefore is not limited
to flow controlled systems. However, it should be considered that the switching performance and whether the
actuation system can switch the valve is dependent on the hydraulic system and the operation condition.

As in measurements up to now the relief system was supplied by a separate hydraulic circuit the integration into a
large hydraulic circuit as depicted in Figure 12 should be analyzed in further research.

5 Conclusion

As experiments on the concept show, the designed novel hydraulically relieved electromechanical direct actuation
system for large scale switching valves is feasible. Switching times of around 200 ms and reset times of around
750 ms are achievable. The application of such a concept is particularly useful for systems, in which the main line
pressure can drop below a critical value of 4 bar and therefore, an internal supply of the pilot valve is not possible.
However, the hydraulic spring relief system needs to be controlled, therefore the integration into the main hydraulic
system must be realized, exemplarily shown in Figure 12. Compared to common pilot operation systems, the
dependency between the energy provision to overcome the spring forces and to accelerate the spool is resolved.
Thus, the main pump can be used to compress the centering springs by supplying the relief system independently
from the valve’s switching process. Since the requirements for the actuation forces to shift the spool have been
drastically reduced by the relief system, alternative applications of electromechanical actuators are possible.

The concept of a hydraulic spring relief system, which is embedded into an electromechanical valve actuation
system, opens up new prospects for actuator implementations. Nevertheless, the design must be matched to the
respective system operation profile. If the application in a constant pressure system is planned, the force of the
electromechanical tranformator needs to be adapted to the occurring flow forces.
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Abstract

In forestry and agriculture industry, robust and power-dense hydraulics have long played an important role for a
rational and cost-effective logistics. In these fields there is a trend towards longer, larger and heavier vehicles and
machines. Within the forestry business there is a need to develop transport vehicles with lower energy
consumption. This can be done by improving the vehicles' aerodynamics. The air resistance of unloaded timber
trucks and timber trains will be significantly reduced if stakes and banks are put together. Furthermore, there is a
need to place banks and stakes at individual distances individually to accomplish different load combinations. In
agriculture when sowing, it is an advantage to be able to flexibly position row units on a seed drill in optimal
distances from each other to secure productive and sustainable farming. However, most present seed drills have
fixed row distances and thus have a low adaptability for different crops or soil conditions. There is also a need for
a faster transport of the seed drill between different fields.

Future actuation systems for forestry and agricultural vehicles and machines can be improved by utilizing a new
sort of hydraulic linear actuator technology, the Hydraulic Infinite Linear Actuator (HILA). HILA technology also
has an impact on heavy and dangerous manual steps when changing banks and stakes on timber vehicles. The
adjustment can be controlled from the cabin, thus eliminating manual steps. Heavy bank elements on a timber
vehicle can be positioned individually with high locking force. In the agricultural context, it is possible to quickly
change between different inter-row spacing on a seed drill when using HILA technology, enabling a multi-purpose
seed drill and inter-row cultivator. HILA long stroke capability also facilitates a smooth folding into a compact
transport position. With the bills are gathered, a low center of gravity will be accomplished. This enables a more
stable vehicle dynamics and enables a higher speed.

HILA is based on a well-known hydraulic clamping element technology, where the piston and the piston rod can
be coupled and uncoupled by means of the clamping element. The HILA invention, in its simplest usage, provides
new features to hydraulic cylinders, such as providing very long strokes and small chamber volumes, which means
high stiffness and low capacitance. However, the invention also enables lower weight and volume of the actuator
when compared to conventional hydraulic cylinders. This is a new way to generate and distribute mechanical linear
movement and force by using hydraulic actuators in a cost effective way. The technology also represents a new
sort of digital hydraulics. The technology is best suited for relatively slow dynamics and where the movement
pattern is well-known.

Keywords: hydraulic actuator, incremental control, digital hydraulics, logistics

1 Introduction to HILA technology

The HILA technology combines two short-stroke cylinders with two engaging and disengaging clamping
mechanisms into one actuator with long stroke length. The clamping mechanism, a sort of hydraulic membrane, is
connecting the piston and the rod, when pressurised, see fig. 1. The friction between the clamping mechanism and
the piston rod is u = 0.1 [3]. Spiral grooves in the clamping mechanism ensure that excess oil is removed in order
to maintain the friction [3]. By using simple logic valves for pressurizing, the piston and rod can be connected and
disconnected with a maximum secure and reliable clamping action in a fast way. The motion of each single short-
stroke piston linked together by the clamping mechanisms creates the motion of the piston rod. For movements,
one of the pistons is connected alternatively to the rod providing the drive. In this way the two pistons are moving
the rod alternatingly in a kind of rope climbing motion.

The 17th Scandinavian International Conference on Fluid Power 309
SICFP’21, June 1-2, 2021, Linkoping, Sweden



Figure 1. The clamping mechanism built into a hub [3].

In fig. 2 and 3 the actuation process of the cylinders is described. After step 7 the process will continue with step
2 (see also https://www.youtube.com/watch?v=tVJkqC2w5ws ).
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Figure 2. The positions of the pistons and piston rod during motion.

The actuator is the whole mechanism which is driving the load. It includes the piston rod, the hydraulic cylinders
and its clamping elements and the position sensors. The shift of the load from one cylinder to the other is called
load shift.
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Figure 3. The actuation process of the cylinders.
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The pressurization of the clamping element and thus the engaging can be implemented by a separate port through
the piston (see fig. 4) and using a separate 3/2 valve. The purpose is to pressurise the small membrane volume and
a minimal flow is needed. Thus a small and fast operating valve can be used. The piston and the clamping element
are independently controlled by a timing procedure.

® L

Figure 4. Separate pressurization of the clamping element.

In comparison with conventional long-stroke hydraulic actuators, HILA can offer shorter, more compact and
easier-to-place solutions, especially on mobile vehicles and machines. Since the piston areas in the cylinders are
symmetrical, marginal variation of the volume of oil in the system is obtained and a much smaller oil reservoir is
required (see fig. 5). A challenge with this technology is to obtain a linear motion with a relatively low pulsation
level. In many applications, however, smaller pulsations are acceptable. The technology is best suited for mobile
applications with relatively slow dynamics and where the movement pattern is largely kinematic and well-known
at beforehand.

Figure 5. The HILA actuator. Illustration: Gustav Ndslund, GN Tech.

1.1 Issues with long linear motion with conventional hydraulic cylinders

There are a few problems that occurs with long linear motion with conventional hydraulic cylinders. These are;
buckling, hydraulic stiffness and hydraulic capacitance. Buckling is probably the main problem, limiting the stroke
length of conventional hydraulic cylinders. It can be solved in some applications using a pulling cylinder instead.

Hydraulic stiffness and hydraulic capacitance affect the dynamic behavior and the controllability of the actuator
system in an unfavorable manner. [4].
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Long-stroke conventional hydraulic linear cylinders obviously have a number of difficult technical, economic and
environmental problems. The advantages which normally are associated with the hydraulics; compactness and
high power density diminish with increasing stroke length. The Hydraulic Infinite Linear Actuator (HILA) solves
a number of the listed problem above. The HILA technology is characterized by providing very long strokes and
high system pressure. The actuator has a higher stiffness compared to conventional hydraulic cylinders. Increased
design pressure reduces the natural frequency of the system. These factors are favorable in actuator control design

[1].

When using long stroke lengths of hydraulic cylinders, it is usually difficult to use high hydraulic pressure as it
reduces the natural frequency in the system. It can be shown that the natural resonance frequency wy, for an elevator
cylinder is:

op o |—Fe (1)

Lstroke * Psystem

where Lgroke is the stroke of the cylinder and pgygem, is the system pressure. Because the HILA cylinder has a
much shorter stroke, a sufficiently high natural frequency can also be achieved at high system pressures [2].
However, the bulk modulus increases slightly with increasing pressure. The higher system pressure and small
chamber volumes allows for an even more compact system design, with lower flow levels compared to low
pressure systems, less energy losses in valves and a significant smaller reservoir volume.

Unique characteristics of the HILA actuator are the long strokes, the high system pressure and a compact and light
actuator solution. It can be implemented in demanding environments, especially in mobile applications, where
there presently are no alternative solutions. In contrast to ordinary ball screws or rack and pinion, HILA actuators
also fit in applications used in tough environments, as forestry, agriculture and mining. In comparison with
conventional long-stroke hydraulic cylinders, HILA can offer shorter, more compact and easier-to-place actuator
solutions with long strokes. HILA is built on robust and cost-effective standard components. The technology is
best suited for relatively slow movements and situations where the movement pattern is well known. The
technology is patented.

Another advantage is that the system’s need for hydraulic oil is only a fraction of what an ordinary hydraulic
cylinder would require at the same stroke. Since the piston products in the cylinders are symmetrical. There is only
marginal variation of the volume of oil in the system during feeding. The total volume of oil to minimal leakage
of environmentally hazardous hydraulic oil into the vehicle.

Strokes of up to 7-8 m are possible depending on the piston rod diameter in horizontal applications, for pulling
loads. Even longer strokes can be implemented in vertical applications, such as elevators. As the HILA technology
needs a small cylinders and oil volumes is possible to design a very compact and long stroke electro-hydraulic
actuator (EHA). The HILA technology also enables several active actuators to work on the same piston rod, which
can be interesting for certain applications. This means that several processes can be performed in parallel instead
of serially.

The disposition of the article is as follows. The first part is an introduction to the HILA technology and how heavy
elements can be positioned with the technology. In the second part, it is showed how timber vehicles' aerodynamics
can be significantly improved if stakes and banks are put together and a few other facilitating abilities for forestry
logistics using HILA actuators. In the third part it is showed how agricultural can take advantage of the technology
by flexibly position row units on a planter for optimal row distances from each other, to secure productive and
sustainable farming.

2 Need for linear positioning of heavy elements

In some applications there is a need to position several heavy elements along a row, with high locking force either
equidistant or with individual positioning. This need exists in several sectors, including agriculture, forestry,
construction and logistics. For example, when you want to different bank and stakes for another load combinations
(see fig. 6).
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Figure 6. An unloaded timber trailer with banks and stake. Illustration: Gustav Néslund, GN Tech.

These elements need not be positioned by a dedicated actuator for each of the elements. Instead, a locomotive-
carriage-like arrangement can be used, where the locomotive places the elements in the respective desired position.
With the HILA actuator, several heavy elements can be placed and positioned in this desired way. These can be
positioned with the actuator along the entire stroke. They are locked, for example, with a hydraulic clamping
connection in the piston rod or in the surrounding fixed structure with an electromechanical lock.

One challenge, however, is to be able to position each element individually and in new patterns dynamically
without having active locking mechanisms in each carriage element. An active locking mechanism that includes
hydraulics or electromechanics means more potential fault modes compared to a passive solution, which has few
possible fault modes.

If the distance between the elements in the extended position should always be the same, there is an easy way to
access it with a passive method. By using fixed links between the elements, this need can easily be met. The
weakness of this procedure means that manual intervention is required to change the length of the links. Another
important aspect that must be considered is that when placing the elements along the linear path, they must be so
attached to the fixed structure that drawer effects are avoided.

2.1 Passive locking mechanism

There is an easy way to create a passive locking mechanism. With a so-called friction coupling, the elements can
be held in place. A friction joint is applied between the element and the linear path. The coefficient of friction is
u =0.4. A suitable frictional force is applied to the joint which is large enough for the application to hold the
element in place. This type of passive locking mechanism has been used with good results on timber banks on
timber vehicles for many years. An element coming out of its dedicated position can be detected by a sensor located
on the element and be repositioned.

3 More efficient and greener timber trucks

There is a great need in forestry transport to reduce fuel consumption in order to keep variable costs and carbon
dioxide emissions down. Already 20 years ago, the issue of forestry transport and its contribution to carbon dioxide
emissions in Sweden was lively debated. One solution was to develop vehicles that could take more load and
thereby reduce both fuel consumption and carbon dioxide emissions in terms of transport work performed [5]. The
expected fuel savings of about 20% could be met by a good margin. There are still opportunities to reduce fuel
consumption that have not been studied in more detail, among other things by improving the vehicles'
aerodynamics. Air and rolling resistance are two of the most important factors for fuel consumption.

Truck manufacturers put a lot of effort into reducing air resistance through better acrodynamic design of cab and
chassis on towing vehicles with limited gains. For the trailers, no similar development has taken place. A timber
vehicle, on the other hand, is like two completely different vehicles, loaded or unloaded. In unloaded condition,
there are several points where turbulence occurs, not just behind the cab. Above all, around the vertical stakes, but
also around the horizontal banks to which the stakes are attached, strong turbulence arises. Studying aerodynamic
solutions that reduce air resistance for both loaded and unloaded timber vehicles has, as far as is known, never
been tried before.
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Carried out wind tunnel studies show good opportunities to reduce air resistance [6]. Research is ongoing with the
aim of developing, investigating and verifying the aerodynamic design of timber and wood chip cars that are
heavier and longer than today's vehicles.

The simulation studies show that the biggest aerodynamic problems for unloaded timber trucks are partly the
turbulence under the trailers that create air resistance, and partly stakes and banks that stand upright in the air
stream. If these were bundled and assembled to one point, the air resistance would be significantly reduced. CFD
(Computational Fluid Dynamics) simulations indicate reduced air resistance of around ten percent per measure,
where the fuel savings can be estimated at 25-30 percent of the reduction in air resistance achieved, depending on
the average vehicle speed. Today, there is no known technology or product on the market, for assembling banks
and stakes on timber trucks [10].

There is a parallel to this with high aerodynamic resistance on unloaded timber train carriages. According to oral
information an unloaded timber train gives a very large air resistance much due to the air turbulence that banks
and stakes create [11]. Timber trucks may drive loaded and unloaded at 80 km / h (Sweden) but freight trains may
drive unloaded at 100-120 km/h. The air resistance increases with the square of the speed, ie it is also very
interesting to put together banks and stakes even on unloaded timber trains.Studies on unloaded open coal wagons
have shown that covering the wagons can reduce air resistance by 42% [7].

The trend for timber vehicles is towards longer distances and higher average speeds in Sweden. This is due to
fewer and larger sawmills and pulp mills. As the air resistance increases with the square of the speed, the need for
assembled banks and stakes for reduced fuel consumption further increases.

In other countries, such as the USA and Canada, unloaded timber vehicles are driven at a higher maximum speed,
over 100 km / h, i.e. the benefits of assembled banks and stakes are even greater here. .

The bundling of banks and stakes on timber trains is also interesting, especially given the higher speeds of the
unloaded timber trains. There are no technologies or products on the market for this today.

3.1 Other needs in timber logistics

In addition to lowering air resistance and fuel consumption on unloaded timber vehicles, there are several other
needs to be met in timber logistics. It is also important to keep the empty weight of the timber vehicle down.

Most timber vehicles that load with their own crane have a bank shifter, a hydraulic cylinder that moves the banks
for the trailer's rear stack forward to enable loading. The crane has a limited range. Then the whole stack is pushed
back so that another stack can be loaded. The bank shifter is a 4 m long hydraulic cylinder that weighs 400 kg. It
also requires a large hydraulic tank. In addition, the bank shifter does not have sufficient stroke length to be able
to assemble all the banks and stakes on a trailer. But with the compact HILA technology, it is feasible. The HILA
system is estimated to weigh about 200 kg, i.e. half of today's bank displacements and a smaller hydraulic tank
can be used.

Today's timber transports are characterized by great variation in timber length. The length of the stacks can be
changed between each timber transport. There is also a need to be able to combine different long stacks, from 2.6
to 6 m long stacks on the same timber vehicle. Today, this means a great deal of manual work to have to push the
heavy banks and stakes between the various positions. Being able to operate everything from the truck cab with
the push of a button on a display would significantly improve ergonomics for drivers and save a lot of time.

3.2 HILA technology applied to timber trucks

With the HILA technology, several heavy bank and stakes on a timber vehicle can be positioned individually with
high locking force, that improves aerodynamics and reduces fuel consumption for heavy uunloaded timber
vehicles. This is a major environmental benefit in terms of reduced emissions from fossil-fueled engines. With
HILA technology, the vehicles' flexibility can significantly increase and open up for many more combinations that
facilitate cost-effective and environmentally friendly logistics for both timber and complementary goods flow.
HILA technology means that heavy and dangerous manual steps when changing banks and stakes on timber
vehicles can eliminated. The adjustment can be performed from the cab via keystrokes.
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With the HILA actuator, the following functions can be implemented on towing vehicles and/or timber trailers (1-
9):

1. Bundling of banks and stakes for better aerodynamics. The assembly of banks and stakes to one point
on the trailer or behind the cab of the towing vehicle, will reduce air resistance, and fuel consumption and
carbon dioxide emissions by about 5% [6], see fig. 7.

Figure 7. Bundling of banks and stakes

2. Bank shifting. Most timber vehicles that load with their own crane need to be able to move the rear stack
of the trolley forward during loading. This bank shifting is done with a long stroke hydraulic cylinder.
This can be solved just as well, but only with a predicted halved weight using the HILA actuator in
comparison with today’s bank shifters. This manoeuver needs a high actuator force, up to 170 kN.

3. Enable different bank and stakes combinations. The HILA actuator enables to switch to bank
combinations for different lengths of wood (see fig. 8). The combinations are based on the number of
stacks and the length of wood on each stack. This is especially important when the length of wood on a
stack is to be changed from 2.6 to 6 m. Timber trailers can have up to eight banks, which enables four
stacks of short timber.

A large number of banks leads to higher air resistance and increased manual work when the banks are to
be converted to fewer stacks. There are also risks in the working environment when this adjustment is
done manually, especially in stressful situations.

o= o= oE

Figure 8. A timber vehicle with different load combinations.

With HILA actuator technology, adjustment between 2, 3 and 4 stacks combinations can be done
smoothly simply with a push of a button in the cab. This saves time and creates a better working
environment.

4. Adjustable center of gravity. Center of gravity balancing of stacks is important to get the right weight
distribution and avoid overloading on any axis group.

5. Gap-filling. Minimizing gap between stacks, so-called gap filling, has two purposes; 1. to reduce the air
resistance of a loaded vehicle, and 2. to improve the torsional rigidity of the trailer. The latter can be done
by pressing the two stacks of the trailer together so that they go into each other and partially hook together.

The 17th Scandinavian International Conference on Fluid Power 315
SICFP’21, June 1-2, 2021, Linkoping, Sweden



6. Easier inspection. HILA can be used to disassemble stacks during inspection. For measurement of
timber volume and quality control, it is important to have a certain distance between the stacks to be able
to go in and measure with, for example, cameras [12].

7. Easier to turn. When banks and stakes are assembled in the middle of the trailer it will be easier to turn
the vehicle in the woods. The risk of the stakes getting caught in trees and branches is thus reduced.

8. Allows for complementary cargo. Complementary freight flow for timber and container transport lead
to savings with respect to time, costs and climate impact. With the HILA technology, towing vehicles and
trailers can easily be rebuilt to carry 20°-40" containers (also applies to trains). This will create
opportunities for valuable complementary freight flow and large savings with respect to time, costs and
climate impact, especially on long transport routes (see fig. 9).

Timber transport

B Unloaded
vehicle
C Unloaded vehicle
Timber
transport Container
Transport
(Complementary
D ﬁelght ﬂOW) Container Transport
Ady T
Unloaded
vehicle

Figure 9. An example of a complementary freight flow schematic.

9. Use on timber trains. Bundling of banks and stakes on unloaded high speed timber trains can radically
reduce air resistance and reduce energy consumption and in some cases also carbon dioxide emissions.

4 HILA technology applied to precision seed drills

Hydraulics has been important in agriculture since the 1940s and is still strategic. Today, hydraulics control a
number of advanced functions. The hydraulics in turn are often controlled by advanced electronics in combination
with sensors.

In the subject area of field machines in agriculture, since Jethro Tull's invention of the row seed drill around 1733,
people have been interested in sowing, row cleaning and fertilizer filling etc. with different row distances [8].
Purely biologically, it is motivated to have different line spacings depending on crop or cultivation philosophy.
But practical reasons have meant that you do not vary the distance in the way you would like due to lack of suitable
actuators. Changing the row spacing is sometimes not even possible, and when possible, it takes time, which is
rarely available and especially during spring sowing, as time is precious. Exceptions exist such as French Monosem
[9], but their machine still has fixed positions and requires manual steps to change row spacing.

It can take two working days to manually rebuild a precision seed drill from 50 to 75 cm row spacing. This is a
procedure that must be performed many times during a growing season by, for example, machine station owners.
During the machine's lifetime of perhaps 20 years, the labor costs will exceed several 100,000s SEK. If the
adjustment of line spacing can take place in a few minutes, this means large savings. Another way to solve the
problem of variable row spacing today is to turn off certain row units so that 25, 50 or 75 cm row spacing is easily
obtained. But driving around with a very high dead weight, for example at a line distance of 75 cm, is costly.

Fully flexible machines, however, still shine with some absence in the market, but there is a need for them. Another
area of problems is how large wide carriages can be folded together to be transported on roads. Different countries
have different rules for width, but usually the limit is 3 meters.

A key to secure productive and sustainable farming, is the placing of seeds at optimal distance from each other.
However most, present seeders have fixed row distance and thus have low adaptability for different crops or soil
conditions. With HILA technology, it is possible to implement a fast, efficient, and variable row spacing setting
on machines for precision sowing, inter-row cultivation and crop harvesting. This means that the same machine
can be used for different crops and meet farmers' demands for a common multi-purpose machine.
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HILA technology enables quick shift between different inter-row spacings simply from a display in the tractor
cabin. It is possible to choose which crop to sow from a display in the tractor cabin and HILA sets the desired
inter-row spacing automatically. The HILA concept allows infinite possibilities of configurations for different sort
of seeds and the spacing can be independently adjusted with high precision. With the possibility of being able to
vary the distance on the drill units, it means that the working width also varies. Thus, there is also the need to be
able to vary the arm width of the machine. How this is solved is not described in this article. There are several
capabilities of the HILA technology that can be integrated in a seed drill or planters.

With the HILA actuator, the following functions can be implemented on a seed drill:

1. Automatic change of row distance. It is possible to quickly vary the distance between drill units from a
display in the tractor cab, i.e., without having to leave the cabin. This also includes the opportunity of
fine-tuning the inter-row spacing for a certain crops and soils (see fig. 10).

Figure 10. Different crops with different inter-row spacings.

2. Optimal center of gravity during folding. With HILA technology, it becomes practically possible to
indirectly offer longer arms with a more optimal center of gravity during folding (see fig. 11). Another
advantage is a simpler folding mechanism for changing 3-plex or 5-plex to 2-plex which gives opportunity
to transport the row units a long distance. This also has potential to lower the folding time enabling faster
moves between fields.

Figure 11. Unfolding the precision seed drill machine.

3. Optimal center of gravity during transport. With HILA it is possible to obtain a folding into a compact
transport position, with the rows gathered with a low center of gravity of row units. This enables a more
stable vehicle dynamics and that a higher speed can be allowed on the vehicle. This means a lot of valuable
time saving when you must transfer between the fields.

The 17th Scandinavian International Conference on Fluid Power 317
SICFP’21, June 1-2, 2021, Linkoping, Sweden



4. Reconfigure on the fly in case of row unit failure. Being able to quickly reconfigure if a row unit fails,
means that planting can continue without having to wait for a service technician. This contributes to
higher productivity (see fig. 12).

Failing unit

)

Failing unit,
not in serv1ce

Figure 12. Reconfigure on the fly in case of row unit failure.

'u'ulu'v‘u
/

5. Reconfigure for service mode. During service or repair on a specific row unit, it is possible prepare large
service space between the heavy row units, by pushing a button in the tractor cab (see fig. 13).
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Figure 13. Reconfigure for service mode.
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4.1 The HILA demonstrator

Figure 14. The HILA demonstrator'. Photo: Per Frankelius. LiU

A demonstrator of the concept has been developed with the aim that an actuator of this type can perform the most
central task: the actuator can be connected to the row units and position them individually (see fig. 14). The
demonstrator has been successfully tested and meets the initial requirements regarding functionality. The next step
will be to build a full scale seed drill. The demonstrator is a result of a collaboration within the innovation program
Agtech 2030. The collaboration has been conducted between Saab Ventures, The Rural Economy and A gricultural
Societies (Hushallningssillskapet), Linkoping University, Landberg Solutions and GN Tech. The hydraulic
research division (FLUMES) at Linkdping University has been instrumental for this work?.

5 Discussion

The HILA technology presented in this article shows several interesting applications in forestry and agricultural
logistics. Several parallel development actions of HILA technology are underway in these sectors. In the forestry
segment, a Vinnova-funded project is underway that aims to develop a first functioning HILA demonstrator for
bundling banks and stakes that improves aecrodynamics and reduces fuel consumption for heavy timber vehicles.
In order to be economically viable, the chosen solution must also be able to completely replace the current bank
shifting cylinder for load displacement. The project is primarily expected to provide a better understanding of the
technology's functionality but also to get an indication of how energy consumption can be reduced for timber
vehicles through better acrodynamics.

In the agricultural segment, a first demonstrator has been built and tested. It meets basic requirements for
functionality. The actuator can be connected to the row units and position them individually. Subsequently,
research has been carried out to gain a better understanding of the development needs and areas for improvement
in sowing and mechanical weed control in agriculture and how HILA technology can improve current technology.
The next step will be to develop a full-scale seed drill demonstrator based on this information. The purpose is to
demonstrate the flexibility and robustness of HILA technology in the field.

Machine stations have a particularly large need to be able to offer different customers various row distances for
sowing and mechanical weed control of different crops as well as quick transport between different fields. Semi-
structured interviews with farmers and experts have been performed. This research work has provided a lot of new
knowledge and insights about different needs that exist today to be able to conduct a rational agriculture.

Based on this newfound knowledge, several interesting new possibilities and abilities that the HILA technology
enables have been identified. One area that has particularly attracted extra interest is a rational control of weeds.
It is becoming increasingly difficult to control weeds with chemical methods. More and more growers are choosing
to switch to mechanical weed control. For example, there are great financial benefits from being able to go from
manual weed cleaning to mechanical weed control for vegetable growers. Much of the economy of vegetable

! The commercial name of the HILA technology is Flexrow, see also www.flexrow.com.
2 See film on https://www.youtube.com/watch?v=cPK7-Wwx_mk
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growing is determined by how effectively weed control can be carried out and how manual labor can be minimized.
It is short periods of the year that sowing, and planting take place, respectively, row chopping. Everything happens
under high time pressure. It must be easy and convenient to adjust the row spacing during inter-row cultivation.

When weeding in a row, there are two factors that are important to distinguish: partly the distance between the
rows and partly the widths of row weeding. The technology for variable distance between the crop rows must be
able to be combined with a variable width of the row harvester itself for it to be really effective. Different widths
of row weeding are required for different times of the season. Field grown vegetables are weeded several times
during the growing season and it requires narrower and narrower inter-row cultivation widths, as the crop grop
Zrows.

It is important to enable inter-row cultivation as close to the crop as possible, in order to get the most out of the
harvest. A key question in this context is how close to the crop you can do the inter-row cultivation without
damaging the crop. That limit is dynamic, especially if there is large variation in how far the plants have come in
their grooving. It often occurs that large and small plants are damaged when the row weeding cannot have a
dynamic width. With modern positioning technology based on RTK / GPS, it is possible to implement variable
row weeding width with one or a few centimeters at a time and thus be able to get closer to the crop.

The assessment is that with HILA technology, inter-row cultivation with variable row weeding width can be
realized; to be able to quickly change the distance between the row cultivating bills and the width of the row
cultivating bills. Furthermore, row spacing, and weeding width can be set with high accuracy and resolution.

An interesting possibility with HILA technology is to be able to switch between sowing units and units of inter-
row cultivation on the same machine. Thus, there are opportunities to obtain several capabilities in the same
machine. Partly an efficient and flexible seed drill for different crops and partly an inter-row cultivation machine
for different types of crops in different growing stages during the growing season.

6 Conclusion

In this paper a new hydraulic actuator technology has been presented, called HILA. HILA is based on a well-
known hydraulic clamping element technology, where the piston and the piston rod can be coupled and uncoupled
by means of the clamping element. The innovation, in its simplest usage, provides new features to hydraulic
cylinders, such as providing very long strokes and small chamber volumes, which means high stiffness and low
capacitance. However, the invention also enables lower weight and volume of the actuator. The technology also
represents a new sort of digital hydraulics. The technology is best suited for relatively slow dynamics and where
the movement pattern is well-known in mobile hydraulic applications. The technology enables hydraulic actuators
in new applications and expands field-of-use for hydraulic actuators, especially in the mobile domain.

The HILA technology enables several heavy elements to be positioned along a row, with high locking force either
equidistant or with individual positioning. In this paper, two promising applications have been identified in timber
logistics and agriculture that require positioning of several heavy elements. With this technology, specific
problems within these domains can be solved in a completely new way. Forestry needs to develop transport
vehicles with lower energy consumption. This can be done by improving the vehicles' aerodynamics. The air
resistance of unloaded timber trucks and timber trains will be significantly reduced if stakes and banks are put
together. They can be positioned individually with high locking force using the HILA actuator. In the agricultural
context, it is possible to quickly change between different inter-row spacing when using HILA technology,
enabling a multi-purpose seeder and mechanical weeding machine.

An agricultural demonstrator of the concept has been developed with the aim that an actuator of this type can
perform the most central task: the actuator can be connected to the row units and position them individually. The
demonstrator has been successfully tested and meets the initial requirements regarding functionality. The next step
will be to build a full scale seed drill.
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Abstract

In search for sustainable and clean solutions, the hydraulic industry is forced to
develop more efficient alternatives to traditional systems. For mobile applications,
battery driven machines are becoming an essential solution. But, electric driven
hydraulic systems set completely different demands than classical systems. Since
batteries are expensive and bulky, it is no longer acceptable that the majority of the
battery stored energy is lost in the hydraulic system.

One of the promising solutions for efficiency increase is the application of electro-
hydraulic actuators (EHAs). Aside from all the inherent control advantages, EHAs
deliver energy to each load on demand. This makes them much more efficient than
current valve controlled systems, at least in principle.

In practice, EHAs require both low and high-speed operation of pumps. Almost
all hydrostatic pumps have high friction losses, strong wear and often also high
volumetric losses at speeds below 500 rpm. Additionally, it is obvious that the pumps
must have the highest efficiency possible.

Given these constraints and demands it is understandable that information is needed
about the performance of pumps and motors. In the past years, Innas has measured and
tested several positive displacement machines and published a comprehensive report
about these measurements. This paper will analyse the outcome of the test results,
with a special focus on the application in EHAs.

Keywords: pumps, performance, benchmark, efficiency, electro-hydraulic actuators

1 Introduction

Energy efficiency has become one of the most important topics for the hydraulic industry. The clear trend towards
sustainable and clean solutions forces companies to develop more efficient alternatives to traditional systems. For
mobile applications, battery driven (i.e. engine-less) machines are becoming an essential solution. According to
the European Union "the objective is to progressively reduce the pollutant emissions and to phase out equipment
with the most polluting engines" [1].

But, electric driven systems set completely different demands than classical systems. Since batteries are expensive
and bulky, it is no longer acceptable that the majority of the battery stored energy is lost in the hydraulic system.
Energy efficiency is no longer a question of fuel cost, but of battery costs i.e. initial investment costs.

One of the promising solutions for increasing efficiency is the application of electro-hydraulic actuators (EHAs).
The basic concept of a linear electro-hydraulic actuator is shown in fig. 1. A variable speed electric motor is
coupled directly to a constant displacement pump. The hydraulic flow generated by rotation of the pump is directed
to a load, which in this case is a cylinder. To ensure that flow reaches the correct side of the cylinder, several
auxiliaries can be used. A large number of recent studies has focussed on designing such auxiliary circuits to
optimize efficiency, enable energy regeneration, and overcome problems related to the asymmetrical nature of
standard single rod cylinders (for example [2—4]).

Control of the velocity at the load side of EHAs, like the cylinder shown in fig. 1, is achieved by controlling the
speed of the electric motor. In practice, this means that EHAs require both low speed and high speed operation of
pumps. The high speed capability corresponds with the demand for smaller and more efficient electric motors. On
the other hand, the low speed capability is needed to achieve low load velocities. However, almost all hydrostatic
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Auxiliaries

Figure 1: Simplified schematic of the basic concept of electro-hydraulic actuators (EHAs).

pumps have high friction losses, strong wear and often also high volumetric losses at speeds below 500 rpm.
While there have been efforts to work around these minimum speed limitations of pumps, they typically depend
on introducing new throttling losses via a variable leakage path [5, 6].

It is known, that there are almost no pumps available that meet both the high and low speed demands that are
required for application in EHAs [7]. However, little to no information about the performance of pumps is
available. Given these new constraints and demands it is understandable that this information is needed. In the past
years, Innas has measured and tested several pumps and motors and published a comprehensive report about these
measurements [8]. The report will be a living document, with new editions being published as soon as new pump
(and motor) data will become available. In this paper, the outcome of the test results is analysed, with a special
focus on the application in EHAs.

2 Tested devices

For the current study, five different hydrostatic devices were benchmarked: three piston pumps, and two gear
pumps. Table 1 shows an overview of some of the key specifications of these devices. The piston-type units have a
number of pistons (z) ranging from 7 to 24. From a physical point of view, the number of pistons in a piston-type
machine is similar to the number of teeth in a gear pump. The geometric displacement volume, V,, of each of the
devices has been derived from volumetric measurements [9], and ranges from 23.7 to 32.7 cc per revolution. The
volume ratio ry describes the ratio between the amount of dead volume per piston, V,,,,, and displacement volume
per revolution, as described in eq. (1).

6]

The value of ry shown in tab. 1 has been derived from a combination of drawings and geometrical measurements
of the devices. The maximum pressure and speed limitations, p. and n,,, respectively, are provided by the
manufacturers of the devices.

The derived geometric displacement volume V; is a scale for the size of the device. To operate a larger pump, more
torque is required. In the case of EHAs, this means that a larger electric motor is needed. However, the movement
of the cylinder in EHAs depends on the flow rate, which is the product of pump size and speed. In practice, the
electric motor will almost always have a higher speed limitation than the pump. This means that a higher maximum
pump speed will result in a larger maximum flow rate without the need to increase the size of the electric motor.

Table 1: Overview of the specifications of the tested hydrostatic pumps.

Pump name Type z  Vglec] ry Pmax [bar] ey [rpm]
Rexroth A4FO28 Axial slipper 9 27.87 0.78 400 3750
Moog RKP32 Radial slipper 7  32.66 0.08 350 2750
Eckerle EIPH3-025 Internal gear 13 2431 0.17 330 3200
Marzocchi ELI2-D-25.7 External gear 7 2541 0.00 210 3000
Innas FC24 Floatingcup 24 23.65 0.85 500 5000

3 Measurement description

Each of the devices was benchmarked on the test bench at Innas BV [10]. This hydraulic test bench can operate
pumps and motors at speeds ranging from 5000 rpm to less than 0.01 rpm, by using two different actuators. The
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first actuator is a large electric motor, which is able to rotate the test device at any speed between 10 and 5000 rpm.
This actuator is used to execute standard performance measurements in accordance with ISO4409:2019 [11].

The second actuator consists of a combination of a linear actuator and a sprocket, and is able to rotate the test
device consistently at speeds from around 1 to less than 0.01 rpm. These extremely low-speed measurements
provide useful information about the starting conditions of the different machines, which is very relevant for the
use of these pumps and motors in EHAs. One of the benefits of EHAs is that the cylinder velocity can be controlled
by the speed of the electric motor. In a typical load scenario, this means frequently switching between extraction
and subtraction of the cylinder. This requires the pump to decelerate to a standstill and accelerate again.

The performance of each of the pumps was measured at a range of different discharge pressures. For the sake of
conciseness, the following only shows the results of these measurements at a discharge pressure of 200 bar. The
performance at the other pressure levels, as well as a more comprehensive description of the test bench, including
pictures of the setup, hydraulic circuits, and sensor information, can be found in the full report [8].

4 Electric motor sizing

Before looking at any of the traditional results of the measured pumps, we want to be able to compare the devices
when applied in an EHA. This will be done by looking at the relation between torque and flow rate. The electric
motor delivers torque to the pump shaft in order to control the flow rate to the load. This flow rate can therefore be
seen as the required output of the pump. The amount of torque required to achieve this flow rate, will correspond
to the size of the electric motor: less torque generally means a smaller motor.

Figure 2 shows the measured torque on the pump shaft as a function of the discharge flow rate, at a discharge
pressure of 200 bar. Each of the marked points is a measured operating speed. Due to the different pump sizes,
the output flow rate and the torque varies for the different machines. This figure shows that the Moog, Eckerle,
and Marzocchi pumps have a similar range of operation, with a maximum flow rate of about 75 lpm. To obtain
this flow rate, the Eckerle only requires 85 Nm. On the other hand, the Moog pump needs an electric motor that
can deliver a torque of 113 Nm, due to the difference in pump size. In other words, to obtain a flow of 75 lpm at
200 bar, a system with the Moog pump would need an electric motor that is roughly 40% larger.

Torque - flow characteristics at 200 bar
160 -
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—&— Moog RKP32, 32cc pump

L Eckerle EIPH3-025, 24cc pump
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—&— Marzocchi ELI2-D-25.7, 25cc pump
—%— Innas FC24, 24cc pump
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Figure 2: Measured torque as a function of the measured discharge flow rate, at a discharge pressure of 200 bar.
Less torque means smaller electric motor.

The Rexroth and the Innas pump have a much higher maximum flow rate than the three other pumps. Suppose we
want to design an EHA with a maximum output flow rate of 100 Ipm at 200 bar. Since the maximum flow rate
of the 27.9 cc Rexroth is roughly 110 Ipm, we could settle for a pump that is 10% smaller than the tested unit:
25.4 cc. Furthermore, the torque of this smaller Rexroth pump is also expected to decrease with 10 %, from 94 to
85 Nm. If we assume that the performance of these devices scales proportionally with the size of the pump, the
torques and flow rates shown in fig. 2 scale equally. Figure 3 shows these scaled torques and flow rates of the five
pumps.
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From fig. 3, it is found that there is a large difference between the torque requirements of the tested devices when
implemented in a 100 lpm EHA at a discharge pressure of 200 bar. The (scaled) Innas pump is expected to require
the smallest electric motor, with a torque of roughly 70 Nm. The (scaled) Moog pump on the other hand requires
roughly 150 Nm of torque to get the same amount of productivity.

Another difference between the different pumps is found when looking at the low speed operation in fig. 3. For
most part of the operating range, roughly 85 Nm is required to operate the scaled Rexroth pump at 200 bar.
However, when a lower output flow rate is required, the torque requirement for this unit increases rapidly. This is
caused by an increase in torque losses at low speeds, which will be discussed in sec. 6.

Next to the difference in torque loss, fig. 2 also shows a difference in the minimum amount of flow that the pumps
can output. For example, the Moog pump can deliver 0.70 Ipm at 200 bar, while the Marzocchi pump has a
minimum of 5.66 Ipm at this pressure level. The inability to output low flow rates is caused by flow losses, and
can lead to difficult control issues. This flow loss and its effects on the performance of EHASs in particular, will be
discussed in sec. 7.

Torque - flow characteristics at 200 bar - scaled to 100 Ipm
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Figure 3: Torque as a function of the discharge flow rate at a discharge pressure of 200 bar, scaled to a maximum
flow rate of 100 Ipm.

5 Efficiency

Before looking at the individual torque and flow losses, we look at the efficiency of the different pumps. Since
the goal of applying EHAs is to increase system efficiency, the pump efficiency is an important result of the high-
speed measurements. Pumps are used to convert mechanical energy into hydraulic energy. In the case of EHAs, the
electric motor is responsible for the mechanical power. Energy is therefore stored in bulky and expensive batteries.
A higher efficiency primarily means smaller batteries can be used to get the same amount of work done.

Furthermore, when a pump has poor efficiency, the lost energy will increase the temperature of the oil. Managing
the oil temperature will likely involve large cooling solutions that also require power from the battery pack. In
other words, using a pump with higher efficiency also reduces the amount of energy needed to cool the oil in the
system.

5.1 Definition

The rate at which mechanical power is converted to hydraulic power is defined as the efficiency, and can be
calculated using eq. (2).

n= Ifh—” @

mech

In which 7 is the efficiency of the pump, and P,.; and Py, the measured mechanical and hydraulic power,
respectively. According to [12], the mechanical power, Py, and hydraulic power, By, are calculated using
eq. (3) and (4).

Puech =T® (3)
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p2
2K;

In which T is the measured torque, @ the rotational speed, p> and Q; the pressure and flow rate at the high-pressure
side of the device, and p and Q; the pressure and flow rate at the low-pressure side. Furthermore, ap is a correction
factor to account for the compression energy in high pressure oil flow, with K the isentropic bulk modulus of the
used oil. While traditional methods for calculating the hydraulic power ignore the compressibility effects captured
in ap, authors of several recent publications have concluded that these effects should be included when calculating
the efficiency [12—-14].

Puya = p202ap — p101, withap =1+ )

5.2 Results

The overall efficiency of all of the pumps was calculated using eq. (2). Figure 4 shows the results for different shaft
speeds at an operating pressure of 200 bar. At low operating speeds, pumps are often unable to reach the required
pressure level. In these cases, a second pump was used to ensure a correct circuit pressure. Since this second
pump adds hydraulic energy to the system, eq. (4) no longer holds (i.e. a larger flow rate O, will be measured).
Therefore, it is not possible to determine the efficiency in these situations.

For all of the pumps, the efficiency in fig. 4 shows the same trend for an increasing shaft speed. At low operating
speeds, the efficiency is low. As the machine starts rotating faster, the efficiency increases rapidly, until a maximum
is reached somewhere between 1000 and 2000 rpm. As the shaft speed increases further, the efficiency decreases
at a slower rate.

At this particular pressure level, the highest peak efficiency of almost 0.96 was realized by the Innas pump at
1000 rpm, while the Moog pump had the lowest peak efficiency of 0.87 at 1500 rpm. The other three pumps show
very similar results to one another, all with a peak efficiency of 0.92 at 1500 rpm.

Overall efficiency at 200 bar
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Figure 4: Comparison between the measured efficiency for all of the pumps at 200 bar.

6 Torque loss

Given the displacement size of a pump, it is possible to determine the torque that should theoretically be required
to generate a certain amount of hydraulic power. However, since there is no such thing as a perfect pump, more
torque will be required. Friction between moving parts, throttle losses due to limited flow areas, and improper
commutation between the supply and discharge side, among other things, are all causes of torque loss inside of a
pump. In the case of EHAs, higher torque loss means that a larger electric motor is needed to get the same amount
of work done. Additionally, torque loss is a large contributor to the increase in oil temperature mentioned before.

At low operating speeds, coulomb friction greatly increases the amount of friction and resulting wear of the moving
components in a pump. For this reason, classical valve controlled systems typically keep a pump rotating above a
certain minimum speed. Closing a control valve will reduce the load velocity to zero. In speed controlled EHAs
on the other hand, the pump will have to stop each time the load has to stop moving. To analyse the performance
of the devices during starting and stopping, low-speed tests have been conducted.
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6.1 Definition

The torque loss of a positive displacement machine can be defined as the difference between the measured torque
T, and the theoretical torque 7;;,. According to [12], the theoretical torque can be calculated using eq. (5).

== Lar, Witha71(+rv>p )

hT Ton 2 K,

In which Ap is the pressure difference over the device (p2 — p1), and Vj is the derived displacement volume of the
device as shown in tab. 1. Similar to the calculation of the efficiency, ar is a correction factor to account for the
compressibility of the oil. This correction factor can be determined using the volume ratio ry (eq. (1), tab. 1). To
be able to compare the torque loss of pumps of different sizes, the torque loss will be normalized by comparing it
to the theoretical torque.
A T—Th
loss Eh

From eq. (6), the normalized torque loss can be seen as the additional amount of torque required to operate the
pump, relative to the theoretical torque.

(6)

6.2 Torque loss during normal operation

The normalized torque loss of the five devices at an operating pressure of 200 bar is shown in fig. 5. In this figure,
the same graph is shown on both a linear (left plot) and a logarithmic scale (right plot). The linear scaled plot
mainly shows the losses at normal operating conditions, while the logarithmic plot provides some insight into the
losses during low-speed and start-stop operation.

The logarithmic plot in fig. 5 shows that for a single device, for example the Moog pump, the torque loss is more
or less constant at speeds up to 1 rpm. Between 1 and 250 rpm, the torque loss quickly decreases as the speed
increases. At 250 rpm the pump reaches a minimum torque loss, which is the lowest of the pumps measured here.
For speeds above 250 rpm, the torque loss increases again. This trend is similar for most of the devices that were
benchmarked and is in accordance with the Stribeck curve. The three sections describe the transition from coulomb
friction (boundary lubrication), to mixed friction, and viscous friction (hydrodynamic lubrication), respectively.

At this pressure level, the five pumps show some differences with respect to each other. Overall, it can be found
that the Innas pump has the lowest torque loss, especially in the low speed range. This can be explained by the
fact that this is a floating cup type pump, which has almost no contact between the piston and the cylinder, and
thus very little coulomb friction. In the viscous friction section, the torque loss in the Rexroth, the Eckerle, and the
Innas units increase at roughly the same rate. The torque loss for the Moog pump increases at a faster rate, while
the torque loss of the Marzocchi seems relatively constant at higher operating speeds.
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Figure 5: Comparison between the normalized torque losses for all of the devices at 200 bar.

6.3 Torque loss during low-speed operation

As mentioned before, the torque loss during measurements below 1 rpm is more or less constant, as it is mainly
caused by coulomb friction. At these low speeds, the torque loss can be seen as the amount of breakaway torque
that is needed (additionally to the torque required for operation) to start the pump from standstill, while the system
is already pressurized. The results shown in fig. 5 show average values of the torque loss. However, at these low
operating speeds there is a significant difference in torque loss between different angular positions of the shaft.
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Figure 6 shows the torque loss, with respect to the angular position of the shaft, at a speed of 0.931 rpm and a
discharge pressure of 200 bar. This figure shows reoccurring patterns caused by the limited number of pistons
per device. The remaining variations between the individual piston patterns are caused by small differences in the
tribological interfaces. These patterns are very reproducible, as is shown in the full measurement report [8].

Figure 6 shows that the Rexroth, on average, has a normalized torque loss of roughly 0.8. However, depending on
the position of the shaft, this can be anywhere between 0.7 and 0.9. This means that almost double the amount of
theoretical torque is required to breakaway. The other pumps require less additional torque, with the Innas pump
requiring only a maximum of 0.02. From this figure, it becomes clear that not all of the tested pumps will be
suitable for the stop-and-go kind of operation that is very common in several applications of EHAs.

Torque loss at 0.931 rpm, 200 bar

1r

Rexroth A4FO28, 28cc pump

Moog RKP32, 32cc pump

08 /\WM/\”%W Eckerle EIPH3-025, 24cc pump
Marzocchi ELI2-D-25.7, 25cc pump
Innas FC24, 24cc pump

0.6 [

B Ve N S NP g S Pl

0.2

Tloss H

0
0 30 60 90 120 150 180 210 240 270 300 330 360

Angular position [°]

Figure 6: Torque loss as a function of the angular position for different pumps, at pressure 200 bar, speed
0.931 rpm.

7 Flow loss

Next to torque losses, hydraulic devices also experience flow losses. Based on the size of the pump, a certain flow
rate is to be expected. However, since the moving parts inside a pump have a gap between them (albeit very small),
oil will leak as soon as a pressure difference is present. Since flow occurs from high to low pressure volumes, the
total flow loss will be a combination of several gaps.

First and foremost, oil can flow from the rotary group into the case. When a case drain line is available, this flow
is directed back to the tank and can thus be measured. Most of this external leakage flow will come from the
high-pressure side of the pump, since there is a large pressure difference between the pressure at the discharge port
and the case pressure. However, since the case pressure is lower than the supply pressure, there will also be some
leaked flow rate from the low-pressure side. Secondly, oil can also flow from the discharge side of the pump back
into the supply side.

In case of EHAs, a pump with little to no flow loss is a very predictable device. Generally, this means that the
control of such a device is fairly simple. In such a system, any change made to the speed of the electro-motor
will result in a proportional change in velocity at the load. However, pumps often struggle to reach the desired
pressure level at low operating speeds since all flow that the pump generates is lost before reaching the outlet port.
In practice, this means that the control of the EHA has a dead-band. In the low speed region, a rotation of the
electric motor does not result in movement of the load, leading to a non-linear system response. This undesirable
behaviour will occur each time the load velocity switches direction, or the load has to stop and start moving again.

7.1 Definition

The flow loss of a positive displacement machine can be defined as the difference between the measured flow rate
at the high pressure side Q5, and the theoretical flow rate Q. The theoretical flow rate can be calculated using

eq. (7).

oV, . A
Q2,tl1 = T;aQ, with ag = 1— (1 ‘H’V) ?p 7
N

As was the case with hydraulic power and torque, correction factor ag is required to account for compressibility
effects in the theoretical flow rate. To be able to compare the flow loss of pumps of different sizes, the flow loss
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will be normalized by comparing it to the theoretical flow.

O — Q2

O2.1n

®)

Q2,loss =

7.2 Overall flow loss

The normalized flow loss of all the devices at an operating pressure of 200 bar is shown in fig. 7. The left figure
shows that the flow loss at speeds above 1000 rpm is less than 0.05 for most of the devices. Additionally, at higher
speeds, the flow loss is relatively constant for these devices, which is beneficial for the control of EHAs. At speeds
below 1000 rpm, the flow loss rapidly increases as is illustrated more clearly in the right plot of fig. 7.

In the right plot of fig. 7, we see that the minimum speed at which the flow loss is measured is different for the
different pumps. For example, the minimum speed of Marzocchi pump is 250 rpm, while the minimum speed of
the Rexroth pump is 50 rpm. Most manufacturers will address that their pump should be operated above a certain
minimum speed. In an effective EHA however, the pump should be able to operated at near zero speeds. To this
end, the minimum speeds in fig. 7 correspond to the ability of the pump to reach the desired pressure level (200 bar
in this case).

Flow loss at 200 bar, 0-5000 rpm Flow loss at 200 bar, 0-1000 rpm
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Figure 7: Comparison between the normalized flow losses for all of the devices at 200 bar.

7.3 External leakage

During the benchmark measurements, the external leakage from the rotary group to the housing of the devices is
measured using a flow sensor. This flow rate is used to determine the flow rate at the low-pressure side of the
device, which is standard practice [11]. The external leakage of three of the pumps at an operating pressure of
200 bar is shown in fig. 8. In the case of the two gear pumps, there is no external leakage port, so all flow loss will
occur internally.

First and foremost, fig. 8 shows that the Moog pump has significantly more external leakage than the Rexroth and
the Innas pump. This is likely caused by the different working principles (radial vs. axial), and the corresponding

Leakage flow rate at 200 bar
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Figure 8: Comparison between the measured leakage flow rate for all of the device at 200 bar.
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sensitivity to manufacturing tolerances. For the two axial units, it can be found that the leakage flow only slightly
increases at the lower operating speeds. At larger operating speeds, the leakage increases for these devices. This
could be the result of barrel tipping [15].

8 Conclusion

In electro-hydraulic actuators (EHAs), the integrated combination between electric motors and hydraulic pumps
sets very different requirements for the hydraulic pump than in a traditional, valve-controlled circuit. While a lot of
research is being conducted about the control, and auxiliary components required for EHAs, little to no information
is available on the performance of the actual pumps. Therefore, five different pumps were measured on the Innas
test bench. The main focus during the analysis of the results has been on the application of these pumps in EHAs.

The results have shown that it is difficult for many of the traditional pumps to meet requirements related to the
use in EHAs. First of all, the maximum rotational speeds has been shown to be a limiting factor. Pumps that
have a relatively low maximum speed, need to be larger in order to output the same amount of flow. This directly
translates to a larger electric motor for the same output. For example, it was found that some pumps will require
an electric motor that is roughly twice the size of a motor required for other pumps, while the output flow rate is
the same.

On the other side of the range of operation, the pumps were tested during very low speed conditions. Since the
load in an EHA 1is directly controlled by the speed of the pump, the pump will often be operated around zero speed.
It was found that pumps can have very large amounts of torque losses at starting speeds, which will also increase
the size of the required electric motor. Additionally, at these starting speeds, large amounts of flow losses result in
dead-bands in the control strategies for EHAs, leading to non-linear system response.

Nomenclature
Designation Denotation Unit
Ap Pressure difference over the device (p» — p1) Pa
n Efficiency -
(0] Measured rotational speed rad/s
ap Compressibility correction factor for hydraulic power -
ap Compressibility correction factor for flow rate -
ar Compressibility correction factor for torque loss
K, Isentropic bulk modulus (constant, K; = 1.76e9) Pa
Prya Hydraulic power W
Prech Mechanical power W
p Pressure Pa
(0] Flow rate m3/s
QAZJOSS Normalized flow loss -
) Theoretical discharge flow rate m3/s
ry Ratio between dead volume and displacement volume per piston (or tooth) -
T Measured shaft torque Nm
Tipss Normalized torque loss -
Tin Theoretical torque Nm
Ve Displacement volume per revolution m3
Vinin Dead volume per piston m3
Z Number of pistons or driving teeth -
Subscript Port on device
1 Low-pressure side (supply)
2 High-pressure side (discharge)
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Abstract

This reports present an initial study on generative mechatronic design of equipment
for blood analysis where the samples and chemicals are forwarded in thin single mil-
limeter vessels. The system of vessels in the equipment transfers the fluids to different
stations where chemical reactions and studies are performed. One of the stations is an
optical inspection that requires controllable lighting conditions using an array of LEDs
of different types.

The focus is on the generative design of the placement and configuration of the
LEDs. The placement of the LEDs has been taken as a studying case for the method
of Extremal Optimisation (EO) approach to mechatronic design. This method forms
an opposing strategy to methods like genetic algorithms and simulated annealing. This
is because it discriminate the individual parts or components of the configuration that
underperform in a particular aspect instead of the more classical strategy of favouring
good configurations from global measures. The presented study also relates to the class
of many-objective optimisation methods (MaOP) and originates from the concept of
self-organised criticality (SOC). The characteristics of avalanche barrier crossings in
the parameter search space is inherited from such systems.

The test case used for the evaluation places occupying circles onto a quarter ring
domain representing LEDs and circuit board. The fluid vessels are represented by lit
up small domains that are also approximated by a circular disc. Some conclusion upon
the methods capability to form a valid solution are made. A framework for describing
a set of local flaw-improvement rules, called D2F1I is introduced.
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1 Background

This article reports the current state of an ongoing research project at LinkOping
University, where Biomedical and Clinical Sciences and Management and Engineering
departments collaborate within the project CLOTRETRACT. The work presented
here relates to some engineering aspects of defining and building mechatronic parts
of a prototype machine for a new type of automated blood analysis. Most of the
presented study relates to the Extremal Optimisation (EO) method and is carried out
by the author at the Fluid and Mechatronic Systems division at Link&ping University.

The general layout of the prototype and experimental machine for the blood analysis
is shown in figure 1. Its overall structure goes from a particular camera in the base to
the sample holder on the top. In the middle, there is a circuit board (PCB) holding
several LEDs (Light Emitting Diode) for illumination of the six sample chambers at
the top. The layout of this LED PCB is the focus of this article. Its configuration both
in terms of shape, LED population, and component placement is delicate and affects
the general performance of the automated analysis process. An external computer
controls both the camera and LED synchronisation. The LED configuration act as
an illumination source with angular characteristics to the optical axis through the
machine. .

2 Introduction

The layout of PCBs is called auto-routing, most often solely related to generating the
copper paths on different layers of the PCB so that the mounted components on the
surfaces of the PCB are connected correctly. The routing process may occur with
conditional requirements regarding the maximum current of the trace, high-frequency
crosstalk, or other geometrical hinders. Most modern software packages (EDA) have
auto-routing with conditions built-in today.

In this work, most of the component placement have stipulated boundary conditions
set by external factors, and therefore the software available is not suitable for an
automated design process of the PCB for this type of machine. By combining the
external conditions into the automated design process, one needs to include geometry
conditions from other levels than the PCB surface along the optical axis.

First studies on this indicated that setting up a general optimisation problem for
such a design process was not achievable due to the difficulties of finding a reasonable
starting condition. Both genetic algorithms and simulated annealing were tested. The
problem proved to include some barriers that were very difficult or costly to cross.
The search process was often stuck, or the progress was plodding, indicating that the
approach used was not the correct one.

The problem at hand has the characteristics of both varying topology and combina-
torics. The number of LEDs on the PCB is not given beforehand. Instead, a maximum
surface area is provided and should include a particular mix of LEDs. The LEDs come
in different sizes and have different emission angular openings and therefore need to be
placed at a certain distance from the affected test chamber. The ranges also vary with
the type of LED. The illumination from some LEDs is also believed to be more critical
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Figure 1: The prototype machine is a vertical optical bench with a special camera at the
base and an LED lightened sample holder. The blood sample box at the top consists of
six test chambers called targets where some observations occur along with a particular
passage for the blood flow.

than others and requires alignment along the optical axis. Some shadow effects are also
required to avoid posing further restrictions on the LED placement. However, that is
not included in this work. Several academic studies using Extremal Optimisation were
found in the search for methods to deal with problems like this, see the next section.

This report focuses on finding a valid starting point for a design problem using
Extremal Optimisation (EO) techniques. The presented results do not represent an
optimal configuration of the PCB, but more of a starting point from where established
optimisation methods can be applied successfully. Primarily simulated annealing is
believed to be the way forward in that. The method described here is the author’s
first interpretation of the Extremal Optimisation technique for solving combinatorial
problems within the generative design. It has been found useful, and it is believed it
can serve as a good tool for further studies on generative design or even automated
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design, especially where the problem size and topology are part of the search.
This report is organised as follows:

e Sec. 3: General presentation of Extremal Optimisation.

e Sec. 4: Formulation of the test problem by transforming it from 3D to 2D.

e Sec. 5: Introduction of the concept of design flaw-improvement pair rules, D2FI.
e Sec. 6: Conceptual PCB rules.

e Sec. T7: Test results.

e Sec. 8: Discussion, observations, and software.

e Sec. 9: Conclusions.

3 Extremal Optimisation

By academic search services, one gets a clear view that Extremal Optimisation (EO)
was an unknown business up until about 2000 when the early work of Boettcher et al.
[1] started to get attention. Today one can see that most of the efforts using this search
technique take place in China. Recent work indicates that EO could be a way forward in
training certain types of neural networks for classification problems within the business
of machine learning, [2]. Also, it seems that EO was first established as a heuristic
approach to deal with some combinatorial problems within physics. Therefore, it is
often referred to as a practical problem-solving method based on the statistical physics
concept of self-organised criticality, SOC. The author has not studied the founding
basis for SOC, but it seems fundamental to the mathematical description of natural
phenomena like storms, earthquakes, granular piles, and even evolution itself.

A fundamental character of such a system is the built around barriers, obstacles that
suddenly break down, resulting in avalanche progress of the system state. Furthermore,
that is what attracts its principle for solving automated design problems as the progress
of the solution often mimics such avalanche behaviour. The eye-opening article for the
author was the first part of the article of Boettcher et al. [1] on re-partitioning network
structures.

A wide variety of engineering problems have recently been addressed with tech-
niques borrowed from EO. That includes load balancing in network configurations of
both email communications systems and electrical grids [3] [4] [5] [6]. It also includes
application within controller design [7]. It has also been studied for weight training
in LSTM neural networks [8], which is interesting due to many parameters in such
applications. The design of new proteins has been addressed using EO to overcome
the extraordinary combinatorial problem size such biochemical engineering pose [9].

Most often are published academic work using EO in combination with more tra-
ditional optimisation methods. That is true for genetic algorithms [10] and particle
swarm methods [11]. EO forms a way of addressing many-objective optimisation prob-
lems (MaOP) applications in combination with other methods [12]. Particularly in
mechatronics, engineering problems are often found to include objectives from widely
different fields [13].
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4 Test problem formulation

The actual design problem for the prototype machine is still under a patenting process
and therefore not revealed in detail here. The presented problem is an interpretation
of the problem for the sole purpose of exemplifying Extremal Optimisation (EO) tech-
niques for the combinatorial problem of placing electronic components onto a circuit
board (PCB) with the restriction imposed by other mechanical, hydraulic, and optical
restrictions in the machine prototype. The trace routing between the components is
not included in the test problem but is a separate and later process. The electric cur-
rent requirements of the PCB are less dominant, and therefore the width of the nest net
traces are in the range of 12-20 mil and are believed to fit in between the component
placed on the surface easily. The LEDs used have a significant overhang due to their
optical lens size and then provided plenty of routing space beneath its footprint.
A record vector describes each LED and component according to:

(PLED,dLED: RLED, ELED) (1)

where pppp denotes the (z,y)-coordinate of the component. dypp is the component
size, its diameter. Rppp is its operative range. It is further described bellow, but
relate to the light emitting angular cone of the LEDs. Epgp is the emitting power in
normalised form from each LED.

To simplify the coding of all components, they are treated equally, resulting in that
the LED driver IC and the adjustment resistors (see figure 2) have no emitting power
(Erep = 0) and an range equal to a world size constant (Ryoriq = 100mm). However,
the emitting powers Ergpp are not a part of the EO problem formulation but just
included for further optimisation steps involving a global objective of equalising the
received illumination at the six test chambers.

During the EO step sequence, the position pyppp of one component is updated
based on some selection criteria, see section 5 below.

4.1 From 3D problem to a flat 2D description

To simplify the problem from a fully 3D problem based upon the placement of each
LED in relation to the six test chambers, some approximations have been made.
Projecting LED cone: The LED has an emitting cone of light. These are delib-
erately selected to be of both wide-angle and narrow spotting types. Values go from
9° to 110°. Assuming the distance between the PCB surface and the test chambers
is constant during the design, one can transform this property into an emitting range
(Rrep) of each LED. This is the radius of the zone that is illuminated by the LED.
Neglecting optical axis extent: The test chambers have a significant extension in
the optical axis direction. Chambers extent has been compressed into a set of six flat
circles, as can be seen in the middle of the opening in 2. Further, the test chambers
are considered only by their centers p., where n = [1..6].

LEDs aligned to optical axis: All LEDs are aligned with the optical axis, resulting
in that the LEDs may very well be approximated with a circle and an omnidirectional
equal emitting radius, as described in figure 2.
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Figure 2: This is an intermediate result from a test run using EO. The problem
is formulated onto a 2D quarter of a PCB surface with a hole in the middle for
the optical axis. Symmetry is used for the PCB and is indicated by contours
for quadrants 2-4. In the center are six test chambers placed, marked by
red circles. The valid zone is the quarter-shaped segment in green, and the
varying population of LEDs is seen in bluish color. The yellow circle marks
LED driver IC-circuits that need to be in close vicinity of the LEDs connected
and the small black dots represent current adjustment resistors that should go
along each LED. In this view, a non-optimal layout has been reached.
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5 Flaw-Improvment pair Rules, D2FI

In this work, the interpretation of Extremal Optimisation has been to improve the bad
individual parts instead of the more classical approach in optimisation of promoting
the good global solution. The algorithm used here can be described by two steps:
identifying a flaw in the design and a corresponding improvement of that flaw. The
pair of a design flaw and design improvement is called D2FT and forms a set of rules
applied to the single design configuration repeatably.

The process may be described by two parts, a single topology and a multi-topology
generative design process. The first focuses on reorganising a design with all its design
variables defined at the beginning of the algorithm, and the second extends the proce-
dure to make the topology of the design problem variable or scan multiple topologies
sequentially.

5.1 Single Topology

Each flaw is identified sequentially by its type and a normalised score of flaw level. The
number of possible types of flaws is fixed from the start, and they have a priority order
between them, meaning some flaws are more significant than others and takes presence
when it comes to the second stage of improvement. The flaws are ranked within each
type class by the score of flaw level. In each step of the algorithm, one part of the
design (one LED) is selected based upon its flaw score and is then improved based
upon the priority of the type and flaw score level. This algorithm may get stuck in a
local loop of D2FI-pair selections, but that is hindered by not selecting the flaw with
the highest score each time. Instead, a probability density function is applied in the
selection process favouring the most erroneous flaws for further improvement in most
cases.

The overall algorithm is shown in algorithm 1 below. C(x) represents the design
space with the configuration C() and its design variables x. There are at most N
design variables. The set of rules R; denotes the possible identifiable design flaws f;
and their corresponding improvement action as. The design rules may be variable over
the iteration of the algorithm, but the rules in the set Ry always remain normalised in
the same fashion. There are at most s < .S design rules.

Algorithm 1 D2FI
Require: C(x) = = [x1..xn], Rs(fs 1 as)
Ensure: N >1,5>1
n <1
repeat
sort(C(x), Rs)
(fi : a;) < select(Ry,ps(n))
improve(C(x), a;)
n<n+1
until f,=0,s€ S
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Of course, some other termination criteria may apply when trying to reach zero
flaw score on all flaw types for all design variables. The iteration number n may be
used or some threshold on some lower-priority flaw type.

The flaw score is in this algorithm assumed to be a scalar number between 0 and 1.
It is seen in the following example that it is a bit of a challenge to encode the score in
such a way. Moreover, the algorithm does not fail if the flaw score extends beyond this
range, but it has proved important that all design parameters are bounded or have a
limit based on an equation describing a parameter boundary.

The set of design rules S is evaluated sequentially, making one take precedence over
the other in a falling scale of importance. It is believed that there will always be a way
to establish an order among the possible design flaws, from devastating flaws to less
catastrophic.

This hierarchy of rules and the introduction of a normalised value for
the individual flaw levels form the main contribution in this study. This
approach forms a difference from other rule-based search methods.

5.2 Multi-Topology

The multi-topology sequential search is a simple extension to the single topology eval-
uation described in the previous section. It adds or removes one specific set of design
parameters if, and only if, the previous step of a single topology search results in a
total design flaw of zero. Once the repetitive process of topology changes can not reach
a zero design condition, the overall process stops, and the previous topology from the
last being tested is taken as the result of the process. On the way, one gets a sequence
of increasing or decreasing design complexity solutions.

6 The PCB design example

This section is an example of how to apply the algorithm 1 presented above. The
following sub-sections are design flaws presented along with the related improvement
implemented in this test case. Also, the normalisation of the flaw score is given. All
parts are transformed into the 2D space limited by a maximum coordinate value of

Rworld-

6.1 Outside outer boundary

A circle represents the edge of the outer boundary. The design flaw score is represented
by the red part of the component area compared to its total area (see figure 3). In
position a is the component entirely outside the boundary used for identifying the
design flaw. The flaw score may either be represented by the red circular area solely
or combined with the projected light red area towards the boundary. In position b,
is the component partly correctly placed and therefore the flaw score may be in the
range [0..1]. In this case, a suitable flaw score is defined by the red part of the total
circular area of the component. Finally, in position ¢ the design flaw score is 0 since
the component is entirely inside the valid zone.
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4A tside,i
fi=—F " (2)
Wd%ED,i

Placement of a component making it cross the boundary in figure 3 will result in
some geometric expression giving the area of the out of boundary part of the component
circle (coloured red). The normalised score in eq. 2 then represents the flaw made by
design configuring the component at position (z,y.) on the x-y-plane. The score may
be extended by the almost rectangular area seen in position @ in figure 3. This is a
minor deviation from the general idea of having all design flaw scores normalised to
the range [0..1] but will be useful for quickly move far outplaced components into the
valid zone.

Boundary

O O O g

6 test chambers

Figure 3: The quarter-shaped area forms the valid zone for
component placement. Here one component is represented
by its potential three positions a, b and c¢. Down to the
left are the six test chambers indicated just for reference.
That is where the blood flow passes through the machine.
Symmetry is used, and the quarter-shaped zone is repeated
by rotation to the other quadrants.

Once the flaw score has been selected and a component’s position (z.,y.) has been
selected for an update using this type of flaw, a position updating rule is applied.

(xca yc) <~ Kfl X (xa yc) + W(n) (3)
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where w(n) represents a small random 2D vector to avoid cyclic behaviour of the
algorithm further. Since the natural attractor for the improvement, in this case, is the
PCB center, the value of K¢ is typically in the range of [0.80..0.99].

6.2 Inside inner boundary

In a comparable fashion as the outer boundary, a design flaw score may be established.
In this case, the outer world maximum distance R,,,-;q does not need to be considered,
and instead, the corresponding factor Ky should be in the range of [1.01..1.20]. In
this example, the largest component circle size is 14mm compared to the PCB center
hole of 40mm. Due to the difference in these two measures, there might be a problem
with the applied randomness through a w(n) addition. An extended design flaw value
related to the rectangular-shaped area in figure 3 position a has not been used or
tested.

6.3 Outside left boundary

This flaw and improvement pair is slightly more straightforward to implement than
the previous ones. Only the z. coordinate of the position of the component needs
to be considered. Some geometric mathematical expressions are needed to deal with
components close to the corners of the quarter-shaped zone, but overall the expressions
are simple. The improvement update function is relatively straightforward:

Te < de + Zc (4)

where df3 represent a small scalar value in the range of [0.01..0.10].

6.4 Outside bottom boundary

This is similar to the boundary violation rules set above, except the objective coordinate
is 9. instead, hence the improvement update function become:

Ye df4 + Ye (5)

where d ¢4 mimics the characteristics of dy3 above for symmetry reasons.

6.5 Overlapping avoidance

This rule differs from the first flaw and improvement pairs above since it involves
the relation between one LED and the others on the board. Apart (LED or another
component) is selected ((z¢,y.)) based upon the amount of overlaid interferences from
other components. It is then very straightforward; first, it searches for the closest
neighbour in terms of center-to-center distance (z,, ¥ ) that interfere with its boundary.
Then both the nearest neighbour and the selected part are moved away by a small
amount based on the direction given by the center-to-center vector. This neighbouring
search can be costly and violates the idea of only considering design parts individually,
but it is used here for simplicity and can be replaced by local search methods. The
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total overlapping area is normalised towards the component’s area, meaning that the
flaw score may become greater than one but is still bounded by all the LEDs’ total
area. This mimics the normalising process from the rules presented above.

(xca yc) <~ kf5 ((xm yn) - (‘Tm yc)) (6)

A scaling coefficient kg5 is used to affect the rate of convergence in this flaw-
improvement pair. This set of rules will be the most used in the process, hence the
importance of this coefficient’s convergence rate.

6.6 Evenly light distribution for test chambers

Once the LEDs start to organise, the positions reflect the characteristics of the indi-
vidual LED. Each LED has a parameter for its operative range Rpgpp as described
above. In a similar way to the flaw-improvement pair above (eq. 6) the selected LED’s
position is adjusted towards the targets if it has a flaw that indicates that its Rpgp
range is less than the distance to any test chambers. Only when it reach 3 different
chambers it is assumed not to have a flaw anymore concerning test chamber lightning.
The improvement rule then becomes:

(xca yc) < kfﬁ ((xstayst) - ($c,yc)) (7)

where the parameter st indicates one of the six targets. The target with the minor
light emitted to it is selected by st. This varies with the position of the selected LED
((xc,yc)) and the emitting power from all other LEDs. The enlightenment level for the
targets is updated continually during the process. It is calculated by a radius-square
relation for all six test chambers (n = [1..6]):

NLEDs

Erepk
Pt tn — ’ (8)
arget,n kgl ((xt’ yt) — (%yc))z

Here the normalised flaw only takes values in the set of (0, 1,2, 3) so no area-based
normalising takes place.
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7 Evaluation tests

This section describes a test run of the algorithm on the PCB design for a machine
described in the introduction. There are several LEDs marked as coloured circles in
the following diagrams. The largest circle describe the LED driver circuit and has no
light emission but is instead a regular IC. Its occupancy area is still treated as a circle
even if it has a rectangular shape. The valid PCB-surface is pictured in light green and
forms the valid design space. The overall design space is a square with 100mm sides.

7.1 Single Topology Example

The example results come from a test run with a fixed number of LEDs, a single
topology. It runs for 500000 state changes or steps. In each step, one LEDs is selected,
most often the one with the worst total flaw score, but 0.5% of the times the second-
worst is selected, and 0.005% of the steps is the third worst selected. This is to make
the algorithm not get stuck in a bistable scenario.

Figure 4: Starting topology from the beginning of the algorithm. The set of LEDs are
randomly placed and selected from three categories. 72 pcs of 3mm LEDs (red small circles),
24 pes of bmm LEDs (orange larger circles), 18 pes of 8mm LEDs (yellow large circles). To
balance this, a number of LEDs 16 pcs of driving circuits, is added as well (blue largest
circles). In the background, one can see the valid PCB surface in light green. This board
layout forms step 1 in the process of 500000 steps.

Observations: The exemplified test run takes 50 seconds on average to complete
using an Intel i7 CPU at 4.6GHz. The memory footprint is tiny.
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Figure 5: This is step 924, and the hierarchy of flaws can be observed in that the outliers
are drawn into the valid PCB-area first. The LEDs placed inside the green area have only
minor position adjustments, while those outside the PCB have moved onto or close to the
PCB border. Some minor changes on the left and bottom border can also be observed.

O @’ Q 2
O f%. &)

P @ o

Figure 6: This is step 1852 and the set of flaw-improvement pair rules R, have been applied
equally many times, bringing the process further. Some effects of the overlay flaw can be
observed since some larger circles have bounced off the other border of the PCB. At the
same time, the other borders have attracted outliers more.
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Figure 7: This is step 66983, and some ordering among the LEDs can be seen. This is the

last flaw-improvement rule coming into more application forwarding light emission onto the
targets situated near origo in the figure.

Figure 8: This is step 196264, and further order can be observed. Still, some overlay flaws
are noticed especially close the corners of the inner circle of the PCB area.
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Figure 9: This is the final step 500000, and the process terminates. The overlapping issues
remain for the circles in the close vicinity of the driver circuits (blue large circles). Still, the
current state of the layout could serve as a good starting point for a optimisation using some
global scheme like genetic algorithms or simulated annealing.
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Figure 10: This is the total flaw score of the test run, where the score value is presented
as a log;, value. It is not to be interpreted as a global design error value, revealing some 4
orders of magnitude reduction in the design flaws but is just presented as an indication that
the algorithm works as a search method using flaw-improvement rule pairs. Most noticeable
is that several deep pockets of very low total flaw scores are passed during the test run.
Some thousand tests have been carried out, all converging to a result similar result to this

diagram.
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8 Discussion

This short and preliminary study has lead to many observations. It is worth mentioning
that the study is intended as a search method for finding robust start conditions for
further optimisation of the machine’s LED layout and not as an optimisation method
on its own. The idea is also to be able to start with a rather broad parameter search
space. Similar to other academic works presented related to EO techniques.

The overall procedure is intended to support a flexible and quick method to re-
configure the machine’s performance during the prototype development process. The
lighting conditions of the test chambers or targets are the LED PCB’s objective and
need to be varied during different prototype stages. An alternative procedure to the one
presented here could have been used applying modern CAD software in combination
with optimisation tools. Several commercial tools exist for that.

It is noticeable that the algorithm 1 has a similar look as a classical genetic algo-
rithm with the sort()-select()-recombine() structure. This may be extended in
future versions to include branches in the search space, making the LEDs positions
not only just being shifted by a small step on the PCB but moved away to a new area
entirely.

Such movement needs to take all other LEDs into account, which violates the
proposed method’s character to only evaluate individual components attributes when
looking for the highest design flaw score in each step. A small violation of that has
already been made since the search for the most overlapping design flaw evaluates all
LEDs relation to each other. Nevertheless, there exist ways to reduce this O(n?) search
by modern algorithms. The unique approach in this algorithm to only evaluate each
component’s design flaw individually encourages parallel execution. Still, in this early
stage, the program has been implemented as a single-threaded program unit using
C++14 template structures, and no parallelism has been applied.

The total flaw score seen in figure 10 above indicates that the organising of the
LEDs’ position works. A considerable number (1000+) of similar test runs have been
carried out, and none have got stuck in a limiting loop. This is due to the introduc-
tion of small randomness when selecting the individual with the highest flaw score,
as described in section 7.1 above. The results presented in figure 10 are not to be
interpreted as a minimised design error even if it looks like the flaw goes down with an
increased number of steps. Instead, the correct interpretation of it is that the search
of the design space works. One can see from the logarithmic values that the total flaw
score goes down from around 130 to 0.04, a drop of ca 3300 times or nearly four orders
of magnitude.

One may find many steps in the algorithm, and the presented example uses 500000
steps, overwhelming. However, consider that a standard global optimisation method
usually requires 1000 to 10000 steps for a 150-variable optimisation problem. That
also results in some state changes among variables in the range of millions.

Finally, a more subjective remark can be made on this work. To make this flaw-
improvement pair ruleset work, one needs to have an algorithmic approach to describing
the problems at hand. This may differ from standard optimisation methods where one
formulate mathematical equations that are to be minimised. Perhaps one can find
it more challenging to establish this set of rules than defining a global mathematical
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expression, and also, the computational performance of the method depends highly on
the implementation of the rules. The selection of high-performance computer languages
like C++ has become very fruitful, just by chance. However, languages like Haskell
maybe even more suitable for future studies.

8.1 Next step

The presented method is going to be used further in the project of creating this blood
analysis machine. It has been combined with simulated annealing with promising
results already, but some more analysis on the combined results is still needed.

8.2 Software release

The software created in this project has been made available for public use with the
restriction of no commercial use and attribution according to the Creative Commons
license model. The use of it is described in the attached LICENCE file. Please notice
that it is highly specialised and requires some good C+- insight.
GitHub link: https://github.com/magse/pcb_layout_demo_eo.

8.3 Referencing

Attributing this work is primarily done by referencing the indicated scientific work as
indicated on the https://github.com/magse/pcb_layout_demo_eo site.
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9 Conclusion

This report presents preliminary results from the mechatronic design process of a
blood analysis machine that combines engineering from highly diverse fields like chem-
istry, electronics, fluid power, optics, and computers. This report focuses on the pre-
processing stages for optimising the layout of LEDs onto a PCB surface. The following
observations were made:

e Combining design flaws and their related improvement/updating actions into a
pair forms a good structure for algorithmic generative design and possible for
automatic design.

e The process of updating a mechatronic design stepwise is done by selecting one
action from a hierarchical set of rule pairs where the most severe design flaw score
takes presence over the rest, on a falling scale of severeness.

e The algorithm’s performance indicates that the avalanche barrier crossing char-
acteristics found in self-organised criticality (SOC) systems are inherited into the
presented D2F1T algorithm. The search for such characteristics was the initial
driver for this study.

e A set of six rules organised hierarchically has proved to work when each rule flaw
is normalised into a value of [0 .. 1].

e Bounded deviations of the normalising flaw score are allowed and do not affect
the overall performance, just the sequencing of the improvements taken.

e The procedure has been exemplified upon a combined mechatronic design problem
of optics and target lightning conditions where the original geometric 3D problem
has been reduced to a flat 2D domain.

e The algorithm have been executed many times without any observation of being
stucked in a loop condition, mainly due to some randomness in the flaw selection
step.

e Further investigation on the combination with a following global optimisation
procedure is still needed.

e The current state of demonstration software using the proposed approach has
been made available through GitHub.
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Abstract

Hydraulic power packages (HPP) integrate electric motor-driven pumps (EMP) and
hydraulic equipment to supply (on demand) hydraulic power to specific functions. To
achieve a high operational availability two redundant EMPs are installed per HPP. To
produce maximum output power, the EMPs need to operate in parallel. In the first
part of this paper a baseline pressure control strategy is developed that enables the
parallel operating mode. It has to cover the performance requirements and it is crucial
to avoid stability issues of today’s aircraft multi-pump hydraulic systems, induced by
slightly differing pump characteristics. A central pressure controller, which calculates
the total (cumulated) control effort and allocates it evenly to both EMPs, is selected
as the basic controller structure. A loopshaping approach, where the requirements
are mapped on target loop shapes, is applied. The control design is verified by non-
linear simulation and by experiments using representative aircraft prototype EMPs.
Their slightly differing characteristics are utilized for an implicit proof of robustness.
The second part of this paper makes use of the low utilization of the EMPs during
most parts of the flight to achieve secondary objectives (efficiency, dynamic perform-
ance) and to improve the handling of operational constraints (e.g. electric input power
limit). A model predictive control allocation (MPCA) algorithm flexibly allocates the
total control effort to the EMP units. The allocation is derived from the solution of
an optimization problem with the operational limits as constraints. Non-linear simu-
lations of two exemplary scenarios show that the MPCA algorithm minimizes power
losses by increasing the utilization of the more efficient unit. In addition, the MPCA
algorithm improves the dynamic performance in case of an assymetric performance
degradation by prioritizing the unit with better performance capability. The potential
for improvement increases with the difference between the units and therefore offers
advantages in dynamic allocation in particular for fault-tolerant operation.

Keywords: Hydraulic Power Package, Electric Motor-Driven Pump, (Model Predict-
ive) Control Allocation, Parallel Pump Operation

1 Introduction

The electrification of the aircraft secondary power systems is a major approach to increase future aircraft efficiency,
reliability, and to reduce operating cost. Under the guiding concept of More Electric Aircraft (MEA) different elec-
trical system architectures have been investigated since the 1980s [1]. However, electric systems require electric
actuation concepts. The main candidates are electro-mechanical actuators (EMA) and electro-hydrostatic actuators
(EHA). Both still have issues that inhibit their frontline operation. For EMAs these are in particular prediction of
jam-probability in safety critical functions, jam-tolerant control, high weigth and complexity in case of large power
applications (like landing gear actuation). For EHAs pump reliability and heat rejection are the main concerns. In
this situation, electro-hydraulic systems that supply hydraulic power from electric-motor-driven pumps (EMP) to
conventional hydraulic actuators are a promising alternative.
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1.1 Decentralized Electro-Hydraulic System Architectures

In particular, decentralized architectures, as shown in fig. 1, are considered. They replace the central hydraulic
system by a number of smaller zonal systems. Hydraulic power is generated by hydraulic power packages (HPP)
and routed to the consumers of a specific zone through a local pipe network. This architecture eliminates the
maintenance intensive central pipe system and allows proven and jam-free hydraulic actuation technology with
high power density to be retained.
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Figure 1: Decentralized Electro-Hydraulic System Ar- Figure 2: Exemplary Hydraulic Power Package Schem-
chitecture of a More Electric Aircraft atic

1.2 Hydraulic Power Package

The HPP is a key technology of new electro-hydraulic architectures. It integrates the EMP(s) and the hydraulic
system equipment (accumulator, valves, filters, reservoir, sensors, etc.) in a compact easy-to-replace module.
HPPs can be pre-assembled and pre-tested which permits quicker installation and cost savings. The HPP hydraulic
schematic is illustrated in fig. 2. Two redundant EMPs are necessary to ensure the availability target [2]. For
industrial purposes both EMPs are the same size. Check valves downstream of each pump avoid backflow to an
inactive unit. For mass reduction, the EMPs are not sized for the maximum flow demand each. The EMPs are
of type speed variable fixed displacement (VSFD), comprising a speed controlled permanent magnet synchronous
motor (PMSM) and a fixed displacement pump. Electric power is modulated by the motor control electronics
(MCE). The MCEs have a communication interface to the aircraft’s avionic system.

For feedback pressure control and monitoring two redundant pressure sensors are installed. Pressure control is
supported by a system accumulator covering transient flow peak demands that exceed the quasi-static maximum
flow demand. The fluid is stored in a self-pressurizing bootstrap reservoir (pressurized air from the pneumatic
system may not be available in the considered MEA scenarios [1]). A pressure maintaining valve (PMV) keeps a
minimum reservoir pressure during pump start-up.

1.3 Motivation and Objectives

The HPP has to operate both EMPs in parallel to provide maximum hydraulic output power. Parallel pump op-
erations can lead to undesired oscillations, e.g. triggered by (slightly) differing pump characteristics. A robust
controller is developed that overcomes this issue and enables the stable parallel operation (duplex mode). The
development steps concept synthesis, control, design, and experimental verification are presented.

Maximum output power is needed only for a short time during a typical flight mission, so that the dual EMP system
is oversized most of the time. This opens up the potential to include additional/secondary goals, like minimization
of power losses, and to handle operational constraints (e.g. power limitations) through dynamic control allocation
of the two pump speeds, when the maximum output power is not requested. The development of a dedicated
optimized control algorithm is the second objective of this contribution. First, chapter 2 gives an overview of
existing multi-pump control concepts.

2 Aircraft Multi-Pump Systems

Many aircraft hydraulic systems operate multiple pumps, e.g. to increase availability or dissimilarity of hydraulic
power sources. Mostly inline piston pumps with variable displacement and hydro-mechanical pressure compensat-
ors are used. For example, the AIRBUS A380 runs four engine driven pumps (EDP) per hydraulic system (a
comprehensive overview is provided in [3]). Systems with multiple EMPs, like the HPP, are less common. One
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example is the BOEING 787 center system with two parallel EMPs. Though, the EMPs are normally not operated
in parallel. The second EMP is activated only during phases of higher demand and/or to balance usage [4], [5].

Experiences with with parallel operations of pumps with hydro-mechanical compensation and associated findings
are described in [6]:

e Pump-Flow-Fight: Pumps with slighty different characteristics attempt to dominate each other. This results
in flow-fighting (crosstalk) and pressure oscillation. Pump-flow-fighting can be mitigated by different check
valve pre-loadings or pressure compensator settings.

e Resonance: The superposition of pump pulsations can lead to resonances in the delivery line. This is
avoided by (slightly) different pump speed settings.

o Instability: Instability due to a very low fluid volume can occur when a check valves is closed. This issue
is more severe for pumps with low internal leakage (like the compensated IGP) and thus lower damping.
Either compromising the compensator design and/or a redesign of the plant (e.g. increasing pump internal
leakage, different check valve installation location) is necessary.

e Blocked Pump: In the above situations one pump could be blocked by the other and produce very low
output flow. This leads to high internal pump temperatures and undesired, very low pump speeds in case of
a speed variable pump.

The state of the art control solutions for multiple pump systems are limited to hydro-mechanical approaches.
Electronically controlled pumps are not yet being used in commercial aircraft hydraulic systems [7]. A fighter
aircraft hydraulic system with two parallel variable displacement pumps and electronic control is considered in [8].
The authors, however, do not detail the dual-pump control concept. A parallel configuration of two speed variable
EMPs, which is very similar to the present application, is used for pump controlled landing gear actuation [9]
and [10]. A closed loop pressure control with a dedicated pressure controller for each EMP is proposed. It should
be mentioned that the pressure is sensed between check valve and pump so that the point of regulation is located
directly at the pump’s high pressure port, similar to a hydro-mechanical compensator. This arrangement is prone
to the stability issues discussed above.

Multi-pump systems can also be found outside aerospace. In [11] the problem of an asymmetric loading of the
pumps with hydro-mechanical compensators in a vessel hydraulic system is addressed. Electronic control concepts
for pump controlled cylinders using multiple speed variable pumps, e.g. for moulding machines, can be found
in [12], [13], [14]. These approaches cannot be transferred directly, because the EMPs are not redundant but
control different process parameters (e.g. cylincer position, cylinder chamber pressure). To avoid inefficient part
load phases dual-pump configurations are investigated that replace a single main pump by two smaller variable
displacement pumps [15] or by a smaller primary pump and a VSFD EMP (operated in open loop) [16]. Last,
energy efficient control strategies of parallel speed variable pump systems parallel centrifugal pumping systems
were investigated in [17].

3 Reference System

The HPP concept from fig. 2 is emulated by the arrangement of two parallel EMPs. This is the reference system
for the control development and verification in this paper. The test rig set up and the corresponding non-linear
model are detailed below.

3.1 Test Rig

The test rig set up of the dual EMP system is depicted in fig. 3. Two aircraft prototype motor pump units (MPU)
are supplied by industrial MCEs (Siemens SINAMICS). The combination of a MPU and MCE represents an EMP.
The test rig hydraulic circuit includes the required utilities like accumulators, filters, pressure relief valves, and
reservoirs. The consumers are emulated by a number of load valves (servo valves, flow control valves). The
control and monitoring functions run on a dSPACE realtime platform, which basically provides the control inputs
to the MCEs and valves, resp. reads the sensor signals.

The MPUs are nominally identical but their characteristics are slightly different due to different wear:

e The volumetric efficiency of pump 1 is slightly degraded. Its maximum output flow at nominal speed is only
431/min and lower than that of pump 2 (451/min).

e Compared to pump 2, the hydro-mechanical losses of pump 1 are increased by ca. 10%
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Figure 3: Experimental Dual EMP System Set Up

e Due to the power limitation of MCE 1, MPU1 maximum speed (9500 1 /min) and current 95 A are below the
nominal limits (10350 1 /min, 105 A).

Notice that a comparison of the MPU power losses is illustrated in fig. 13.

The hydraulic integration of the pumps in the test rig follows the design of the HPP in fig. 2. The installation of
check valves avoids mutual interferences. Pressure is measured upstream and downstream of the check valves. So,
both sensor locations are available for regulation. The (combined pump) flow is measured downstream of the flow
summing point and upstream of the accumulator. The suction line is splitted. The hydraulic jacket coolings are
integrated in the separate line sections.

3.2 Nonlinear Model

A block diagram of the non-linear system model is illustrated in fig. 4. It comprises the two non-linear VSFD EMP
models and a lumped system representation. The hydraulic consumers are represented by a load flow demand Q..
The model (plant) inputs are the voltage set points u, ;. The output is the pressure in the downstream system p.
The non-linear plant model is implemented in MATLAB/SIMULINK.

The VSFD EMP model follows the approach detailed in [18] which achieved high accuracy. In this model the
MCE dynamics, i.e. the time to set the commanded voltage, is modeled by a first order approximation of [19]. The
PMSM is modeled as typical two phase system applying the park transformation [20]. The d- and g-axis currents
ig, 14 are calculated by the stator voltage equations. The resulting electromagnetic torque is obtained from resulting
currents and the linked flux. The rotor speed ®,, is derived from the mechanical equation.

Upstream 3
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Figure 4: Non-Linear Duplex EMP Control Design Model

The pumps are modeled as combinations of ideal fixed displacement pumps and volumetric, resp. hydro-mechanical
loss models, which are functions of speed, pressure, and fluid temperature, derived from measurements. The
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pumps output the effective flows Q,rr; and require the drive torque 7, ;. The pipe segments between pump and
check valves, referred to as the upstream system, are represented by lumped capacities Cg ;. The pressure build-up
in the upstream capacities Cy 1, is described by

_ Q12— Ccv,1)2
Cuap

iy ()

where Q1> are the effective pump output flows and Qcy,1/, are the check valve flows. In the open position
these are calculated by the orifice equation

Ocv,1/2=Bcv1/2°\/P1)2— Psys 2

with the orifice coefficient Bcy, 1 . The pressure build-up in the downstream system capacity, which is formed by
the lumped accumulator and downstream pipe system capacities, yields

Ocv,1+Qcv2— 0L
CH Sy

; 3)

Psys =

where Cy sy is also a function of the pressure (compare [18]). Solving eq. (2) for p; /25 inserting the result and (3)
into eq. (1) yields the expression

Csys
CH,sys + CH,I/Z

Cuap

Ocv,1/2 = Qerri/2- +(QL—Qcv/1)- “4)

CH,I/Z ""CH,s'ys

which describes the cross-coupling between the two check valve flows. The coupling is mainly characterized by
the fraction of the system and upstream capacities. In particular, the coupling is strong for large Cy 1/, which
yields

d0cv,1/2 _ Chip2
d0cva Cr.1/2 + CH sys

~—1 . ®)

The coupling is weak for large Cy sy, Tespectively. So, to reduce mutual interferences

o Cy sys should be designed large in comparison to Cp | 2

e and the variations of Qcy 5/ should be compensated by adjusting Q.1 /2, €.g. by a flow synchronization.

4 Baseline Controller Synthesis

This section develops a baseline pressure controller for the duplex operation mode. After the specification of the re-
quirements and the selection of a suitable control structure, a linear design model is created. The subsequent design
and tuning apply a loopshaping design method, presented in [18]. The control design is verified and validated by
non-linear simulation and an experiment.

4.1 Requirements Specification

The main task of the pressure controller is to maintain the required supply pressure by tracking the reference
pressure and reject disturbances with zero steady state error. The stability of the closed control loop shall be ensured
by satisfying a maximum gain margin GM > 6dB and a minimum phase margin PM > 60°. High frequency noise
has to be blocked from entering the feedback loop. A general objective is to keep design simple and transparent
for low complexity and certification effort.

Pressure control performance requirements are stated by SAE AS 595 [21]. In particular, the performance is spe-
cified by a pressure response to a load step from minimum to maximum flow demand and vice versa, as illustrated
in fig. 5. Itis characterized by the parameters of tab. 1. These are minimum and maximum pressures pu /maxs
the response times (1, 1), and the settle time #3. The response time specifies the time to transit from minimum to
maximum output flow and vice versa. The settle time is the time for the pressure to settle back to the rated level.
Note that there is no explicit requirement for p,,;,, so it is assumed to be symmetric to p;, .

The EMP speed must stay within the operating limits. The SAE AS 595 recommends to not exceed 115 % of the
rated speed as upper limit. In addition, a minimum speed limit of 500 1 /min (well above the physical limit) is
applied, to be conservative. Further, to limit wear effects, acceleration shall not exceeed £50.000rpm/s.
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Table 1: Dynamic Requirements

% b € Parameter Description Value Unit

2 Do Nominal System Pressure 206 bar

— .

A Puin J 1 Response Time 50 ms

g b, T b ! t Response Time 100 ms

g 3 3 Q . .

23 NE 13 Settling Time 1 S

e 0 &= DPmax Max. Transient Pressure 257.5 bar
Time Diin Min. Transient Pressure 154.5  bar

Figure 5: Step Response

Last but not least, to avoid the issues of duplex operation mentioned in section 2, the control shall offer robustness
against dissimilar EMP characteristic.

4.2 Pressure Control Concept Selection

A cascaded control, in which the speed control loops and their subordinate current controllers have already been
suitably designed, is taken as basis. Then, the task of the pressure controller is to calculate the required motor
speeds @ 12, for which different concepts are possible by varying the following properties:

e The point of regulation is defined by the location of the pressure sensor. The pressure sensors can be
either installed upstream or downstream of the check valves. It has a significant impact on the controller
performance and structure.

e The hierarchy defines the EMP role. In the related field of electronic synchronizing distributed electric
drives ( [22], [23], [24]) the following concepts are distinguised:

— Peer-to-peer (P2P): All (electric) drives have (almost) equal authority. Decentralized and centralized
controller structures are possible.

— Master/Slave: One leading drive represents the master, which follows the commands of a supervisory
level controller. The other drives (slaves) track the reference signal of the master.

The resulting concepts are illustrated in fig. 6. Concepts I-III are discarded because the upstream pressure sensor
location was found to be disadvantagous for stability and performance, mainly due to the non-linear behaviour of
the check valves. The downstream concepts IV-VI avoid these issues in principle since opening and closing of
the check valves has low impact on the downstream pressure. In addition, the downstream sensor arrangement is
advantagegous for disparity monitoring.

In concept VI the slave EMP tracks the master EMP speed, so it adapts to the master EMP automatically without
complex monitoring. Yet, this approach decreases the overall performance because the tracking is non-ideally
fast. Another drawback is that the slave EMP does not compensate for a degradation of the master EMP. The M/S
concept is also discarded.

The remaining P2P concepts IV and V have different controller structures. In concept IV a centralized pressure
controller commands a cumulated total speed which is allocated to both EMPs. In concept V the speed commands
are calculated by two decentralized pressure controllers, which receive the same reference and feedback. The main
advantage of the central controller (concept IV) is the simple (re-)configuration between simplex/duplex mode and
the possibility to flexibly allocate the total effort. That is why concept IV is chosen.

4.3 Design and Tuning

The detailed design of the selected pressure control concept is illustrated in fig. 7. Based on the control error
e, = p. — p the pressure controller C,, calculates a total control effort v, which represents the total required speed.
The EMP speed commands @.; are determined by the allocation algorithm (allocator) via

(001 0:2)]" =[] v, (6)
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Figure 6. Classification of Control Concepts

introducing the allocation factors ¢ ». In the nominal case, which is considered here, the effort is allocated evenly
oy = o =0.5. Note, that simplex operation is achieved by simply setting @, = 1 and &/; = 0. In the following
a linear design model is derived.

Allocator Plant l L

P1 | Hydraulic
efft2 | System

\/

Figure 7: Detailed Design of the Dual EMP Baseline Control Concept

4.3.1 Linear Design Model

The plant block diagram representation is illustrated in fig. 8. It comprises the closed speed control loops, which
are represented by second order transfer functions T, ;. The pump transfer function is G, ;, where k. ¢ ; denotes
the linear coefficient of speed-dependent leakage. The concatenate T, ; - G, ; = Gupy,; yields the MPU transfer
function. The check valves and the upstream capacities are neglected. This approximates the open check valve
and is a reasonable assumption for the nominal operation. The system pressure build-up is modeled by the system
transfer function Gyy, where kj, , ; represents the pressure-depending internal pump leakage and Cyy; is constant.
Note that Gy is identical to the disturbance transfer function F,, which describes the relation between disturbance
0y and output p.

For the nominal system it is assumed that both MPUs are identical, introducing Gypy = Gupu,1 = Gupy 2. This
simplifies the plant to a SISO system shown in fig. 9.

For the controller design the allocation factors are set to o; = 0.5, which yields the loopgain to be

L(s) = Cp(s) - Twc1- Gp- Gyys = Cp(s) - P(s) (7
where P(s) is the SISO system plant.

4.3.2 Loopshaping Design and Tuning

The simplification to a SISO system enables the application of the loopshaping method proposed in [18]. It
facilitates a systematic design and a low order controller. The principal idea of classical loop-shaping is to shape
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Figure 9: Simplified Closed Loop System in SISO Configuration

the open loop transfer L(s), specifically its magnitude to a defined (target) loop shape. In parallel, stability margins
can be evaluated from the phase. In the following the performance requirements are mapped onto target loop
shapes.

Specification of Target Loopshapes The performance requirements and constraints have to be mapped onto
specific closed loop transfer functions. For this purpose the following set of closed loop transfer functions is
introduced:

0=y 6= 14Lr(12s)’ SFals) = 1?(;(1) ®

1+ P(s)-C(s)’ 1+P(s) C(s)
The sensitivity S characterizes the impact of a disturbance, acting on the output of the plant. The complementary
sensitivity T describes the closed loop transfer function from reference to output. Ideally S(s) shall be small for a
small control error. At the same time 7T'(s) shall be small for low noise sensitivity [25], which is a typical design
conflict. Further, SP;(s) denotes the disturbance sensitivity transfer function, which characterizes the transfer of
a (load) disturbance on the output. The disturbance rejection requirements, defined in sec. 4.1, are mapped onto
a target loop shape for P;S(s), as proposed in [18]. In general, SP,(s) should be low at low frequencies, to limit
the impact of disturbances. It should also be low at high frequencies to attenuate noise. The maximum magnitude
corresponds to the overshoot requirement, whereas its frequency - in good approximation - corresponds to the
bandwidth. The controller sensitivity CS(s) describes the transfer from the reference or the noise noise input to
the controller output u. Its magnitude should be high at low frequencies for a responsive controller but low at
high frequencies to attenuate the noise. The controller disturbance sensitivity CSP,(s) characterizes the impact of
a disturbance on the control signal. An upper bound on CSP;(s) limits the maximum speed command due to the
maximum disturbance. Moreover, an upper bound on CSP,(s) - s limits the corresponding rate. The resulting target
loop shapes W; (grey lines) are illustrated in fig. 10 (b).

Tuning Result The tuning is carried out using MATLAB’s sisotool. Both, design targets and resulting loop-
shapes are illustrated in fig. 10. The controller is designed primarily to meet the stability and disturbance rejection
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performance requirement (Wsp, (5)(5))- As aresult a PI control law is obtained to be a suitable choice, which matches
most of target loopshapes.
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Figure 10: Target Loopshapes and Controller Tuning Results

The evaluation of the phase angle (115°) at the crossover frequency (wy o = 8rad/s) implies that the design has
sufficient stability margin (PM = 65°). In terms of performance the SP,(s) magnitude reveals that the overshoot
requirement is satisfied, while the response time requirement cannot be met. The magnitudes of CSP,(s) and
CSP,(s) - s indicate that speed and rate limits are satisfied, so the system is at the design limit here.

4.4 Design Verification

The controller design is verified regarding stability and dynamic performance (disturbance rejection capability).
Figure 11 compares the simulation of a load step with the nonlinear model to the experiment. Initially, the system
is compensating the static flow demand of 101/min. Here, the most essential finding is that the pump speeds
are synchronized well and that no oscillations are present. After one second a load step to 801/min (maximum
considered load) is applied. The controller compensates the load by increasing the speed command. Both EMPs
accelerate at their maximum rate. The details reveal that the EMP 1 acceleration is slower (by ca. 10000 (1/min)/s)
due to the limited performance. Yet, no fighting or instability is observed. This is an implicit proof of the robustness
against dissimilarities. During the load step back to 101/min both EMPs have the same peformance, because of the
aiding hydraulic load torque. The minimum pressure (170bar) and the maximum pressure (250bar) stay within the
limits. This shows that the controller satisfies the performance requirements and avoids the issues of multi-pump
systems with hydro-mechanical compensation. Last but not least, simulation and experiment show an acceptable
match. So, the model of the duplex system appears suitable for further model based investigation.

5 Flexible and Optimal Control Allocation

During flight maximum hydraulic power is needed only temporarily. This means the dual EMP system is oversized
and thus overdetermined most of the time. During these phases the low utilization opens up potential to include
secondary objectives (efficiency, dynamics) and/or to handle varying operational constraints (e.g. power limitations
of electric supply system) through dynamic allocation. This section develops and investigates a flexible control
strategy based on a model predictive control scheme.

5.1 Potentials of the Low Utilization

Flexible dynamic allocation is possible when the available total flow exceeds the demand Qupy 1 max + OmprU 2,max >
Q1. and neither MPU is saturated (Qupu,i < OmPU,imax)- Then, it is possible to satisfy secondary objectives and/or
to handle specific operational constraints. In this paper the following objectives and constraints are considered.
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Figure 11: Control Design Verification and Model Validation

5.1.1 Secondary Objectives

In addition to the primary control objective, i.e. to ensure the required output power, the controller shall consider
the following secondary objectives:

e Minimization of power losses: The requested hydraulic output power is provided at maximum efficiency,
i.e. with minimum power losses.

e Maximization of dynamic performance: A useful measure of the dynamics is the gradient dQ/dr. Since
Q; ~ @, in this paper maximizing dv/dt is used as a suitable approximation (neglecting the impact of
different internal pump leakage).

The approach could be extended to include additional objectives, for example minimization of operating noise or
reducing wear, e.g. by balancing the usage and by penalizing fast accelerations.

5.1.2 Operational Constraints

The operation of the HPP is subject to numerous boundary conditions, which are imposed by the inherent monit-
oring functions and by adjacent systems. A controller with flexible allocation can improve the restriction handling
resp. enable it at all. This is illustrated by the following examples:

o Health and Usage Monitoring (HUMS): The HUMS monitors the health condition and usage of the system.
In order to compensate for the degradation of a component, the HUMS could require the controller to adapt
the EMP operating limits or to balance their usage by prioritizing one unit. Then, certain operating points
(e.g. very high or low speed or certain frequency bands) may have to be avoided.

e Failure Monitoring: This function detects failures in the hydraulic system and triggers a dedicated reaction.
For example, a detected reservoir low pressure condition could require to limit the speed or rate to prevent
from cavitation.

e Electric Power Management: The electric power system is an important adjacent system. Specifically,
the electric power management may impose limitations on the available HPP input power. For example,
in a emergency a limited amount of power has to be shared among different (electrical) functions. Then,
the voltage level and/or current available for the HPP may be reduced. A reduced voltage in turn limits the
maximum speed and a reduced current limits the maximum torque (and consequently dynamic performance).

5.2 Concept Definition

Based on the above considerations the optimized control concept shall offer the following capabilities: optimization
of the operating behavior with respect to secondary objectives, handle varying operating constraints. This section
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selects and defines a suitable control strategy. For that, the tasks of (higher-level) pressure control and control
allocation, shall be separated, in order to retain the proven pressure controller. This is expected to be advantageous
in terms of transparency and acceptance, as the system can recover to the baseline control any time by fixing the
allocation. Then, the control task narrows down to a typical control allocation problem.

A comprehensive overview of different control allocation methods is given in [26]. In this paper a model predictive
controller (MPC) is used to solve the allocation problem, which is referred to as model predictive control allocation
(MPCA). This approach calculates the control allocation by optimization of the predicted behaviour over a finite
horizon. The main advantage of MPCA over simple algorithms - like direct allocation or daisy chaining - is the
ability to explicitly take into account the actuator (here EMP) dynamics as higher order models and the systematic
handling of actuator limits. MPCA is widely used in process industry [26], but also applied for braking torque
blending in vehicle control [27] or in flight control [28]. For usage of MPC to optimize hydraulic process controls
refer in particular to WILLKOMM [29]. An approach to reduce the computational effort (by structured MPC) is
presented for a cylinder drive in [30].

Figure 12 illustrates the proposed structure of the HPP control including the MPCA. The (high-level) pressure
controller computes a required total control effort v. The main objective of the MPCA algorithm is to ensure
that this control effort is produced (jointly by all EMPs) at all times, while meeting the secondary objectives and
satisfying the constraints.

x, Actuators

Pressure XS _______ p _l?_rft__i_ “L____
Controller i
ey Quotr.1 !

L‘E‘ r G Hgd}raulic i p ,
! off,2 ystem i

Figure 12: HPP Control Concept including MPCA

5.3 Implementation and Optimization Problem

The MPCA implementation used is based on the MPC formulation in [31]. Specifically, the objective of the MPC
is to find a finite horizon of N, (control horizon) control inputs u; that minimize an objective function and satisfy
the constraints over the prediction horizon N,. More specifically, here u; = @, = [a)c‘yhk; a)c72,k] is a vector that
contains the two control commands, which are the decision variables of the optimization problem. The objective
function is

Np Ne—1 Np
J=min{d- Y Orerk—y6)* + Aaue - Y, Mg+ 2Ap, - Y Py (g A)} (10)
k=1 k=0 k=1

It is formed by different terms to account for different objectives, which can be blended by the weighting factors
A;i. The first term minimizes the error between the set point y,.; = v and the predicted output y = @; + @,. The
second term penalizes the control effort. The third term minimizes the total power losses Py = f(w;, @2, p, ¥) to
optimize the efficiency. The power losses are a function of speed, pressure, and fluid temperature, which are based
on experimental measurements, as is detailed in sec. 5.4. The optimization is subject to the following constraints

Ui min <ui <Uipax AMi,min <Auy; < Aui,max , (11)

which allows physical limitations of the system to be incorporated. In this paper the speed limits and rate (ac-
celeration) limits are considered as constraints because current and voltage limits are satisfied by the subordinate
control loops. Note that current and voltage limits can be formulated implicitly by speed and rate limits, too. The
constraints are provided by the supervisory control level. The prediction of system states x; and outputs y; uses a
discrete time state space representation
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X1 =A-xp+ B Ay (12)
i =C-xg (13)

which includes not only the EMPs but also the system, because the pressure retroacts on the motors via the pump
torque. Notice that the input is Auy = uy — uy—1 and A, B, C represent an augmented model with an integrator. The
augmented state vector x; = [szk yk]T is formed by the state increments Ax,, x = X, x — X k—1 (motor currents,
speeds, and pressure) and the output y;. The objective function is solved at each time step, to obtain the optimal
sequence of Au, resp. of u. Only the first element of Au is commanded to the motors. This procedure is repeated
at each sample instant (receding horizon control).

5.4 Evaluation

The performance and potential of the MPCA strategy are evaluated in comparison to the baseline concept, using
efficiency and dynamic performance as examples.

5.4.1 Energy Efficiency

The efficiency optimization requires to minimize the power losses, while ensuring the allocation of the total speed.
To achieve this objective the power loss term is activated in the objective function by setting A, = Ap, = 1. In
addition, including the control effort in the objective function (4, = 1) is necessary to avoid high frequency
variations of the control output. The power loss function is evaluated exemplarily for 206bar and 30°C fluid
temperature in fig. 13 over v and ®;, where implicitly @, = v — ®;. An offline optimization yields the optimal @
for each v. It shows a priorization of unit two, in particular at higher speeds, which is in line with the increasing
delta between the power losses in fig. 13 (b).
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% 4000 e 206
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Figure 13: Comparison of Power Losses and Static Offline Efficiency Optimization

For the evaluation of the efficiency optimization a test scenario is defined, which includes different load conditions
of a potential HPP operating profile. The pressure controller maintains a constant system pressure of 206bar.
The nominal limitations are applied as constraints. The simulation results for the baseline and the MPCA con-
trol concept are compared in fig. 14. From the top to the bottom the plot depicts the consumer flow demand
(load) and total pump output flow, system pressure, pump speeds, and the delta energy loss between MPCA and
baseline. Comparing the pressure regulation quality, no dynamic performance differences are visible over the
entire sequence. So, the MPCA approach does not lead to adverse system behaviour here, which is an essential
prerequisite.

Comparing the speed allocation, the MPCA scheme makes slightly more use of the second (more efficient) unit
at low speed. However, considering the energy loss, the potential savings are low here, because the increased loss
at an increased speed appears to cancel out the savings at the less efficient unit. For low flows energy savings are
possible by switching off the unit with poorer efficiency, which is not detailed here. At higher flow demands the
situation is different. The more efficient EMP 2 is prioritized considerably (e.g. at the flow demand of 801/min
the delta between the commanded speeds is about 1000 1/min) as the different efficiencies have a greater impact
here. During dynamic phases increased motor current, required for acceleration, causes additional losses in both
units. So, both units are accelerated similarly. The dynamic loss fraction is however low compared to the static
fraction. In conclusion, the MPCA approach enables the same dynamic performance while a slight improvement
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of the efficiency is possible. Qualitatively it can be expected, that the potential energy savings increase for greater
differences in the efficiencies.
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5.4.2 Dynamic Performance

According to the definition given above, the optimization of the dynamic performance is equivalent to eliminating
the error between v and @; + @, as fast as possible. This objective is pursued by prioritizing the first term of eq.
10. Again, the second term is kept for damping, so that A, = A5,, = 1 and Ap, = 0 (no efficiency optimization).

In case of two units with identical dynamic performance the best overall dynamic performance is achieved by a
uniform allocation. Then each single unit has to accelerate to a relative lower target speed. In this case there would
be no optmization potential for the MPCA algorithm. The situation is different for two units with (asymetrically)
degraded dynamic performance. Then, the MPCA algorithms can generate an advantage by prefering the better
unit. This potential becomes apparent by considering a worst case scenario for MPU1:

e The HUMS detected a significant degradation of the hydraulic pump efficiency. Specifically, the friction
torque is increased by 10 %.

e The electric power management requests to limit the EMP1 power consumption (e.g. in an emergency
condition). Specifically,
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— the input voltage is reduced to 75 %,

— the maximum current is limited to 80 %.

The combination of lower maximum current and increased friction torque reduce the acceleration capability to
15 % of the nominal capability. The reduced voltage level limits the maximum nominal speed and flow. Limited
speed and rates of EMP 1 are taken into account by the MPCA by adapting Au; yax, Ui max. The simulation result is
illustrated and compared to the baseline in fig. 15.

The potential for improvement of the MPCA already becomes clear in the first load step. The MPCA algorithm
allocates almost the entire speed to the non-degraded EMP 2. This partly compensates the degradation of EMP1,
which improves the pressure control quality considerably (lower pressure undershoot, shorter settling time). During
the subsequent load reduction no difference is observed, since negative acceleration is aided by the hydraulic pump
torque.

The performance difference becomes also clear in the second load step. Here EMP 1 is driven into the (reduced)
speed limit. The MPCA algorithm compensates the saturation by increased utilization of MPU2. This improves the
pressure control quality. Again, there is no principle difference during load reduction. The baseline controller pres-
sure overshoot is lower only because the pressure had not been fully recovered before the load step. In summary,
the exemplary analysis showed that the MPCA algorithm is able to compensate for asymmetric characteristics,
resp. operational constraints. This allows the system to maintain improved performance even in a degraded state.

6 Conclusions and Outlook

In the first part of this paper an electronic pressure controller for a hydraulic power package (HPP) with two
redundant speed variable electric motor-driven pumps (EMP) was developed. A central pressure controller, which
calculates a total speed and allocates it evenly to both units, was selected. A robust control was designed applying a
loopshaping method, where requirements and constraints are mapped on target loopshapes. The control design was
verified in non-linear simulation and by an experiment on a dedicated test rig. It meets the specified performance
requirements and offers robustness against slightly asymmetric EMP characteristics. This is an important result,
as oscillations due to slightly differing pump behaviours are a well-known issue in today’s aircraft multi-pump
systems.

In the second part of this paper a model predictive control allocation (MPCA) was developed, to take advantage
of the low utilization during most parts of the flight. The MPCA algorithm solves an optimization problem, which
minimizes a cost function for a secondary objective and satisfies control limitations as constraints, to calculate the
speed allocation. A first test case showed that the algorithm improves the efficiency by prefering the more efficient
unit. The improvement is, however, rather low but increases with increasing differences between the units. In a
second test the MPCA algorithm was demonstrated to improve the dynamic performance in case of asymmetrically
degraded units by prioritizing the better one. This is a promising result to enable fault-tolerant control.

Overall, the MPCA algorithm provides the baseline for the implementation of a holistic and integrated HPP op-
erating strategy. Future investigations need to verify the MPCA strategy on the test rig. This should also include
the investigation of additional optimization objectives, e.g. the minimization of noise emissions, wear and tear
effects. Furthermore, the MPCA algorithm needs to be coupled to the HUMS, which provides the essential plant
information (like pump efficiencies, limits) and the potential of integrating also the pressure controller into the
MPC formulation should be explored.
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